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alternative powertrains on the propulsion industry.
The 2019 conference will provide a forum for IC engine, fuels and
powertrain experts to look closely at developments in powertrain
technology required to meet the demands of the low carbon econ-
omy and global competition in all sectors of the transportation, off-
highway and stationary power industries.
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Assessing the low load challenge for jet
ignition engine operation
M.P. Bunce, N.D. Peters, S.K. Pothuraju Subramanyam, H.R. Blaxill
MAHLE Powertrain LLC, USA
ABSTRACT
Lean combustion in spark ignition engines is an advanced engine operating mode that
has been proven to produce significant increases in efficiency, a requirement for
future internal combustion engines in the transportation sector. This operation neces-
sitates the use of advanced ignition or ignition controls concepts in order to achieve
acceptable levels of combustion stability.
This study utilizes a Jet Ignition concept that has been under development for several
years. MAHLE Jet Ignition® is a pre-chamber-based concept that produces high
energy jets of partially combusted species that induce ignition and enable rapid,
stable combustion at lambda values in excess of 2. In light duty engines this has
resulted in minimum brake specific fuel consumption (BSFC) values of approximately
200 g/kWh with reductions in engine-out nitrogen oxides (NOx) emissions of 95%
compared to conventional gasoline engines.
Historically pre-chamber-based combustion concepts have had limited success achiev-
ing acceptable combustion stability under low load operation including idle and catalyst
light-off. These conditions require a high degree of spark retard capability, a capability
that is typically lacking with jet ignition concepts. The purpose of this study is to evalu-
ate the challenges associated with idle and catalyst light-off jet ignition operation,
examine the underlying causes, and explore potential solutions with a goal of achieving
similar performance to a conventional spark ignited engine under these conditions. Test
results from a dedicated 1.5L 3-cylinder jet ignition engine are provided with compari-
sons to a conventional spark ignition variant of the same engine. Potential solutions to
achieving comparable performance metrics to a conventional spark ignited engine are
proposed and evaluated on the testbed. The influence of in-cylinder charge motion is
assessed relative to low load performance. The applicability of these results to other jet
ignition engine applications is discussed.
1 INTRODUCTION
1.1 Background
The perpetual desire to conserve fuel is being coupled with an increasing modern
awareness of the deleterious environmental impact of tailpipe emissions from the trans-
portation sector. In response, increasingly stringent global legislation of greenhouse
gas emissions will require a step change in internal combustion engine (ICE) efficiency.
Concurrently, the reduction in popularity of diesel engines in the passenger car market
is applying pressure on manufacturers’ ability to adhere to fleet average fuel economy
legislation. It is therefore imperative that technologies that significantly reduce the fuel
consumption of gasoline spark ignition (SI) engines are developed and implemented.
A method being increasingly explored to accomplish this goal is dilute gasoline combus-
tion [1-8]. The major limitation in developing dilute combustion systems is the less
favorable ignition quality of the mixture. This has necessitated the development of
higher energy ignition sources [9,10]. A pre-chamber combustor application is one such
technology, having been researched extensively [11-15]. Pre-chamber combustion
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concepts have demonstrated the potential for stable main chamber combustion at
higher levels of dilution than are allowable in typical SI engines [16].
Despite the extensive research and application history of pre-chambers, practical
barriers to modern implementation of these systems in passenger car engines
remain. An historic key challenge for pre-chambers has been ensuring acceptable
low load, idle, and cold start performance [17]. The stringency of tailpipe emissions
standards since the last significant commercial implementation of a pre-chamber in
a passenger car engine has made acceptable performance at the latter condition par-
ticularly critical. Prior research has suggested that pre-chamber geometry must be
tailored to encompass acceptable low load performance and to maintain the
expected efficiency benefit at part load, and that identifying a common pre-chamber
geometry that can accomplish both is challenging [18].
1.2 Jet ignition
MAHLE Jet Ignition® (MJI) is an auxiliary fueled pre-chamber concept that has been
under development for several years [17-19]. The concept incorporates elements stud-
ied in previous pre-chamber research including: small pre-chamber volume (< 5% of
main combustion chamber clearance volume) for minimizing crevice volume and heat
loss, small orifice diameter to promote a high degree of flame quenching, and auxiliary
fueling in the pre-chamber to allow separate fueling strategies for pre-chamber and
main chamber.
A prototype low-flow direct injection (DI) fuel injector provides a separate fueling
event in the pre-chamber. This allows precise, effectively de-coupled control over the
mixture in both chambers. This low-flow DI injector also enables the use of a common
liquid gasoline for both pre-chamber and main chamber injection. Historically, auxil-
iary fuel injected in the pre-chamber is gaseous due to metering repeatability and
impingement issues with liquid gasoline. Both of these issues have been mitigated
through pre-chamber injector development (not described in this study). Up to
approximately 3% of total system fuel is injected via auxiliary pre-chamber injection.
The remainder is delivered to the main combustion chamber conventionally with port
fuel injection (PFI) or DI fueling utilizing off-the-shelf fuel injectors.
Pre-chamber combustion creates a rapid pressure increase in the pre-chamber, forcing
contents into the main chamber via the orifices in the nozzle. A high degree of flame
quenching is accomplished by limiting the diameters of the orifices in the nozzle. This
quenching aspect of jet ignition is what differentiates it from a torch ignition system
[18,20]. The resulting jets initiate main chamber combustion through chemical, ther-
mal, and turbulent effects. The chemical effect is a product of the radical species pre-
sent in the jets. These species are highly reactive and readily ignite the air-fuel mixture
present in the main chamber. Containing partially or fully burned combustion products,
these jets are at an elevated temperature when they enter the main chamber, above
the auto-ignition temperature of gasoline, thereby providing a thermal trigger for main
chamber combustion. Finally, the jets emerge at a velocity that is proportional to the
pressure resulting from pre-chamber combustion. The velocity allows the jets to pene-
trate into the main chamber, entraining the air-fuel mixture in the main chamber as
they proceed. This turbulent effect ensures interaction between the turbulent radical
jets and the charge, producing suitable local mixture conditions for ignition and subse-
quent flame propagation.
The multi-orifice nozzle produces multiple, distributed ignition sites throughout the
main chamber, resulting in short burn durations. A previously published study [2]
examines the extent to which the ignition sites can be distributed and the importance
of this distribution to thermal efficiency.
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The jet ignition system is designed to be a low-cost, practical ultra-lean combustion
enabling technology. A rendering of pre-chamber placement in a typical cylinder head
is shown in Figure 1.
1.3 Objective
The objective of this study is to quantify the challenges associated with steady state
low load operation, idle, and cold start spark retard (CSSR) operation for catalyst
heating with MJI. Mitigations are proposed and explored.
2 APPROACH
Data from a multi-cylinder Jet Ignition engine is presented to assess steady state low
load operation at warm temperatures. The idle and CSSR conditions, while also steady
state, are evaluated at 20 degree Celsius fluid temperatures to simulate sub-ambient
starting temperatures. The targets used for CSSR operation are consistent with those
of modern production and pre-production gasoline engines using 3-way catalysts. This
data is taken from MAHLE Powertrain’s CSSR database. The proposed jet ignition
engine operates lean throughout the majority of the engine map, necessitating the
use of a lean aftertreatment package, however targets for such an aftertreatment
package are not well published in literature. Therefore the decision was made to
attempt to adhere to the stability, exhaust enthalpy, and emissions targets of a 3-way
catalyst under the assumption that these targets are aggressive compared to those of
a lean aftertreatment package.
Figure 1. CAD model rendering of a partial cutaway of the pre-chamber
assembly in a cylinder head.
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3 EXPERIMENT
3.1 Jet ignition engine
The MAHLE DI3 Downsizing demonstrator engine is selected as the basis of the
dedicated Jet Ignition engine due to the authors’ familiarity with the engine,
access to the design and underlying analyses, and manufacturer agnostic nature
of the platform. The engine is a 3-cylinder engine capable of achieving >30 bar
peak brake mean effective pressure (BMEP). While nominally a 1.2 liter displace-
ment, a 1.5 liter variant of the DI3 with an elongated stroke has been devel-
oped, and this version is used as the basis for the dedicated engine described
here. The engine is repurposed here for a boosted ultra-lean application, with
a target peak BMEP of approximately 15 bar. Development of the DI3 engine is
well documented [21,22]. The development of the jet ignition variant of this
engine was previously published [23]. Table 1 lists the specifications of the base
DI3 engine (1.5L) and the MJI3 engine. The DI3 is depicted in Figure 2 and the
MJI3 engine is depicted in Figure 3.





Configuration In-line 3 cylinder In-line 3 cylinder
Capacity 1497 cc 1497 cc
Bore 83 mm 83 mm
Stroke 92.2 mm 92.2 mm
Compression
ratio




Inlet and exhaust with 60°
CAD authority
Inlet and exhaust with 60°
CAD authority
Turbocharger BMTS with electronic
wastegate
Production VGT
EMS MAHLE flexible ECU (MFE) MAHLE flexible ECU (MFE)
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4 RESULTS
Pre-chamber concepts have historically faced challenges under low load operation.
This challenge manifests in two distinct ways: poor combustion stability at heavily
throttled low loads (less than approximately 2 bar BMEP) and poor spark retard cap-
ability at loads consistent with idle and CSSR operation. The well documented effi-
ciency benefits of jet ignition at part load and high load [2] cannot be practically
translated to non- and mild hybrid engine applications unless a solution to the low load
pre-chamber limitation is identified.
4.1 Pre-chamber gas exchange
Most jet ignition concepts, including MJI, do not include any direct introduction of
oxygen in the pre-chamber, instead relying on induced gas exchange between pre-
Figure 2. DI3 engine.
Figure 3. MJI3 engine.
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chamber and main chamber to provide sufficient oxygen for combustion. This gas
exchange process is driven by pressure differentials amongst intake and exhaust
ports, pre-chamber, and main chamber throughout the 4-stroke engine cycle as
depicted in Figure 4.
Figure 5 displays the oxygen (O2) and carbon dioxide (CO2) mass fractions inside the
pre-chamber for a representative part load cycle. The intake valve opening event is
when O2 is reintroduced into the system. The O2 fraction then rises in the pre-
chamber despite the downward motion of the piston during this phase. The discontinu-
ities apparent in the O2 mass fraction trace correspond to events during the intake
process, such as valve fully open and start of valve ramp down, indicating that valve
position has a substantial influence on O2 filling of the pre-chamber. With the intake
valve closed and piston motion upward during the compression stroke, the remainder
of the O2 filling process occurs, which in turn dilutes the CO2 mass fraction in the pre-
chamber. With sufficient O2 present, fuel can then be separately added to ensure
a pre-chamber lambda within the ignitability limits of the spark plug.
Figure 4. Example mass flow between pre-chamber and main chamber.
Figure 5. Example of O2 and CO2 mass fraction evolution in the pre-chamber.
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An experiment was undertaken to measure the residual gas fraction inside the pre-
chamber and to determine what impact pre-chamber fuel injection has on residuals.
A fast response CO2 analyzer was used to sample contents directly from the pre-
chamber. Two methods of sampling were employed and the results were compared for
validation purposes. In the sampling valve method, a fast response solenoid valve was
connected to a port that broke through to the pre-chamber volume. The valve was com-
manded open and closed, allowing a small volume of pre-chamber contents to be sam-
pled by the CO2 analyzer. Care was taken to ensure that the proper minimum amount of
sample gas was provided to the analyzer, and the time during which the valve sampled
was swept throughout the cycle until reasonable convergence was achieved.
In the continuous sampling method (Figure 6), the analyzer probe was connected dir-
ectly to a port at the top of the pre-chamber body. A thin capillary connected this port
to the pre-chamber volume. The analyzer constantly sampled pre-chamber contents
throughout the cycle. Figure 7 displays the results of the continuous sampling
method. The structure of the CO2 trace mirrors that of the Cambustion guideline CO2
trace for a conventional SI engine. There is a discernable step in the CO2 trace that
occurs between the measurement of the pre-combustion CO2 mass fraction and the
post-combustion CO2 mass fraction (immediately after the minimum CO2 value is
reached, accounting for measurement transport delay) that possibly indicates CO2
mass fraction resulting from the initial pre-chamber combustion event.
Figure 6. Constant sampling method for measuring pre-chamber residual
fraction.
9
The engine was operated at lambda=1.4, a stable condition regardless of whether or
not fuel is being injected directly into the pre-chamber. As is shown in Figure 8, residual
fraction decreases appreciably when fuel is injected directly into the pre-chamber. The
residual fraction continues to decrease as the injected fuel quantity is increased. Figure
8 includes a contour graph showing residual fraction trends with pre-chamber fuel injec-
tion angle and quantity. While there appears to be little sensitivity to the timing of the
injection event, the sensitivity to quantity of fuel injection is apparent. It is likely that
the addition of the fuel mass either displaces the dominant residual content at the time
of injection, or has a more a complex impact on the completeness of pre-chamber com-
bustion that has yet to be detected. This data suggests that the addition of pre-chamber
fuel, even at a constant main chamber lambda, is an effective means by which to
reduce the potentially negative impact of residual fraction on pre-chamber combustion.
Figure 8. Residual fraction trends with pre-chamber fuel quantity at
a representative condition.
Figure 7. CO2 evolution in the engine as measured through the pre-chamber
sample port.
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4.2 Steady state low load operation
In order to provide correct airflow to maintain acceptable lambda values in the cylinder at
low loads, the engine is heavily throttled. As has been established, pre-chambers are reli-
ant on the intake process to facilitate the exchange of residual burned gas from the previ-
ous cycle with oxygen-carrying fresh charge. This gas exchange process is pressure-
driven and so shifts in this pressure dynamic have a bearing on the proportion of residual
gas that is displaced with fresh charge. The reduced intake pressure resulting from heav-
ily throttled operation therefore fails to adequately drive this gas exchange process, pro-
ducing a pre-chamber with lower proportional oxygen content than is present at less
throttled part load conditions. The lower proportional oxygen content present in the pre-
chamber is then not adequately mitigated by the pre-chamber filling process that occurs
during the compression stroke. The lack of oxygen results in erratic combustion in the
pre-chamber, increasing the likelihood of misfires and a corresponding degradation in
combustion stability.
Active pre-chambers have the added flexibility to both operate lean in the main chamber
and to introduce fuel directly in the pre-chamber. Lean operation provides excess oxygen
in the main chamber, increasing the oxygen proportion in the pre-chamber during the
compression stroke. To account for this dilution, fuel is then injected directly into the pre-
chamber. Data from the measured residual fraction experiment suggests that direct fuel
injection in the pre-chamber provides an added advantage that can be exploited at low
load conditions: the physical displacement of residuals through the introduction of high
pressure fuel.
Figure 9 shows the increase in stable low load extension possible with enleanment. The
combustion efficiency challenges associated with burning in a low charge density envir-
onment are exacerbated by overly lean operation, as is evidenced by inferior low load
extension at lambda=1.7 vs. lambda=1.5, indicating that there is an optimal lambda
that balances O2 filling requirements and combustion efficiency.
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4.3 Torque reserve at idle operation
Idle operation is performed at low speed (< 1000 rpm) and low or zero load.
A requirement for idle is retarded spark timing. At an idle condition there is an
anticipation of sudden torque demand from the operator. The most rapid means
by which to increase torque at this condition is to advance spark timing from
a retarded location to a location advanced of top dead center (TDC). This is due to
the engine controller’s ability to adjust spark timing on a cycle-by-cycle basis. This
rapid advancement in spark timing corresponds to an equally rapid increase in
torque.
Figure 9. Stability trends at steady state 850rpm low load operation.
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The acknowledged pre-chamber spark retard limitation does manifest in MJI. Figure 10
demonstrates the severe deterioration in spark retard capability with decreasing engine
load, to the extent that at 2 bar BMEP, the engine is incapable of retarding spark timing
beyond TDC. This level of spark retard provides only minimal torque reserve when
applied to an idle condition.
As in the case of low load steady state operation, the active system carries the add-
itional flexibility of operating at a range of lambda values. This offers an advantage for
idle operation as well. Fuel injection quantity, similarly to spark timing, can also be
adjusted by the engine controller on a cycle-by-cycle basis. Because the active system
can operate at a range of stable lambda values at the speed and load necessary for
idle, this lambda tolerance can be coupled with the existing minimal spark retard cap-
ability to provide ample torque reserve (Figure 11). Sudden torque demand would
therefore manifest as a rapid advancement of spark timing and, simultaneously,
a rapid increase in fuel quantity injected. The latter results in a transition from a lean
lambda to stoichiometric operation.
Figure 10. Spark retard trends with load at 1500rpm, lambda=1.
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4.4 CSSR Operation
The most impactful challenge posed by the low load spark retard limitation concerns
the ability to heat the aftertreatment catalyst upon cold start. The tailpipe emissions
produced by vehicles are vastly more significant during the startup phase prior to
catalyst light-off than they are at any other point in a legislated drive cycle. Catalysts
require heat input to work effectively. Prior to achieving a high temperature light-off
condition a large proportion of the engine-out emissions pass through un-catalyzed
or uncaptured to the tailpipe. Aggressive warm up of the catalyst is therefore critical
to ensuring that the vehicle can meet legislated emissions requirements. The
common solution to ensure rapid heat input to the catalyst is to retard spark timing
to such a degree that combustion occurs exclusively during the expansion stroke.
The much later burning process results in both increased exhaust temperature and
increased exhaust flow. The latter results from the non-optimal combustion phasing
requiring de-throttling to compensate for the poor thermal efficiency. This poor ther-
mal efficiency is purposeful since a large proportion of the combustion process has
minimal to no contribution to torque and instead is used largely to generate heat.
Spark retard, and its ability to generate high exhaust enthalpy, therefore is an essen-
tial element of CSSR operation, which makes pre-chambers’ nominal lack thereof
a major concern.
Data in Figure 10 is shown at warm oil and coolant temperatures which are not repre-
sentative of the CSSR condition. Figure 12 demonstrates the further degradation in
performance when fluids are conditioned to 20 degrees Celsius.
Figure 11. CA50 trends with load at 850rpm, 1 bar BMEP.
14
To properly address this issue, an examination of the failure mode is necessary. With
jet ignition engines, different segments of the burn curve provide distinct information
about combustion progress:
• Early burning, captured in the CA0-10 duration, encompasses the pre-
chamber combustion process from spark through time of radical jet introduc-
tion into the main chamber, as well as the ignition process in the main cham-
ber [24].
• Mid-burning, reflected in the CA10-50 duration, encompasses the immediate
post-jet ignition process and therefore still bears the influence of jet charac-
teristics such as velocity and reactivity.
• Late burning, CA50-90, occurs long after the jet ignition process has con-
cluded and is therefore largely uninfluenced by characteristics of pre-
chamber combustion or the resulting jets.
An examination of the different burn duration segments (Figure 13) shows linear
trends observed in burn duration versus spark timing. These durations are shorter
with MJI compared to the SI engine, which is counterintuitive to the spark retard limi-
tation result. However inspection of the standard deviation of these burn durations
indicates an increasing instability with MJI as spark timing is retarded. In this case,
the 300-cycle average burn duration provides no indication of the instability. This
implies that the unstable cycles occur rarely but their magnitude is severe. It is also
telling that the instability is present in all three burn duration segments, including
CA0-10. This implies that the pre-chamber combustion event is experiencing misfires
or partial burns which cause the main chamber to misfire.
Here the ability of the active system to operate with fuel injected directly into the
pre-chamber was again exploited. Auxiliary fuel injection provides direct control
Figure 12. Spark retard trends at warm and cold fluid conditions.
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over both the fuel quantity and its relative location. In order to prevent over-
fueling, the engine is operated lean. Figure 13 compares the spark retard capabil-
ity of the SI engine, MJI at lambda=1 with no direct pre-chamber fuel, and MJI at
lambda=1.4 with fuel injected into the pre-chamber. In this latter configuration,
the MJI was able to operate at a retarded spark timing identical to that of the SI
engine. The combustion instability present under lambda=1 conditions is no
longer present with lean operation.
Figure 13. Spark retard trends at 1500rpm, 2 bar NMEP, 20 degree Celsius
fluid temperature.
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Table 2 lists the categories of sensitivities that were evaluated in order to achieve an
exhaust enthalpy target. The final result of the optimization activities is shown in Figure
14. A proprietary combination of calibrated parameters produces a MJI system that can
achieve the CSSR target enthalpy. Crucially, a common pre-chamber geometry is used to
attain both successful CSSR operation and high load knock mitigation with no excessive
compromise of lean limit extension or peak efficiency. A single pre-chamber design
coupled with a moderately featured engine is used to span the entire conventional
engine operating range and therefore has the potential to be practically applied in
a production context.
Table 2. Sensitivities explored as part of CSSR experiments.
Sensitivities Explored
Cam timing
Fuel injection configuration – main chamber
Fuel injection pressure – main chamber
Fuel injection timing – main chamber
Fuel injection pulse strategy – main chamber
Lambda
Pre-chamber fuel injection quantity
Pre-chamber fuel injection timing
Pre-chamber fuel injection pressure






The ability to adjust lambda is used to minimize engine-out emissions during this
period. A calculated 10 second cumulative mass of hydrocarbons (HC) and nitrogen
oxides (NOx) emissions is presented in Figure 15. Enleanment can produce counter HC
and NOx trends but these are nonlinear and therefore a minimum cumulative mass is
clearly evident in the near-lean region.
The effect of charge motion on jet ignition performance is not well understood, par-
ticularly its impact at retarded spark timing. Four charge motion cases were evalu-
ated: baseline, increased tumble, introduction of swirl, and a combination of swirl and
tumble. Charge motion differences from the baseline were induced through the use of
plate inserts into each of the intake ports (Figure 16).
Figure 14. CA50 vs. Combustion Stability at 1500rpm, 2 bar net mean effect-
ive pressure (NMEP), 20 degree Celsius fluid temperature.
Figure 15. Emissions trends with lambda at 1500rpm, 2 bar NMEP, 20 degree
Celsius fluid temperature.
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For these experiments, the effect of charge motion was evaluated at a representative
low load condition at a stoichiometric lambda. Figure 17 shows distinct differences in
combustion stability amongst the charge motion variants across the spark timing
range presented. The addition of tumble provides the lowest standard deviation of
indicated mean effective pressure (IMEP) during spark retard operation, though spark
timing range is not improved. The comparatively poor pre-chamber lowest normalized
value (LNV) of the swirl case, with only muted impact on the main chamber LNV
implies that the swirl case produces erratic pre-chamber combustion.
Figure 16. Illustration of tumble plate insert in 1.5L jet ignition engine.
Figure 17. Stability (AIGMax1) vs. spark timing at 2000rpm, 2 bar BMEP,
lambda=1.
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The baseline and tumble variants clearly show a significant increase in combustion effi-
ciency across the spark timing range versus the two swirl-based variants (Figure 18).
This translates to the thermal efficiency results as well, with the swirl-only variant dis-
playing anomalous results in indicated thermal versus brake thermal efficiency. This is
possibly due to an abnormally elevated gross IMEP level necessary to maintain the
target BMEP level for the swirl-only variant. No charge motion variant, however, exhibits
higher combustion efficiency than that of the baseline variant. With no improvement in
spark retard capability or emissions at stoichiometric conditions, the addition of charge
motion offers no clear advantages in CSSR operation. An upcoming study will focus on
the effect of charge motion addition on CSSR performance across the spark timing
range at lean conditions.
The steady state results of the active MJI CSSR operation are listed in Table 3 against the
targets. These targets are consistent with emissions and heat flux targets of vehicles
operating at or near lambda=1 with a 3-way catalyst for emissions control. Commercial
lean aftertreatment packages available in diesel passenger car applications generally
light-off at lower temperatures than 3-way catalysts due to the lower exhaust temperat-
ures associated with diesel combustion. It is therefore likely that the heat flux target to
activate an optimized lean aftertreatment catalyst is lower than the target displayed in
Table 3, and the additional heat flux available would simply result in more rapid activation
times.
While MPT is continuing to develop a transient CSSR calibration, steady state targets
have been achieved at stable conditions.
Figure 18. Efficiency vs. spark timing at 2000rpm, 2 bar BMEP, lambda=1.
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5 CONCLUSIONS
Previous studies [16-19] have demonstrated the potential of jet ignition as an enab-
ling technology for ultra-lean SI combustion to significantly increase thermal effi-
ciency, reduce fuel consumption, and reduce engine-out NOx emissions. However,
pre-chambers have historically had challenges at low load conditions. This includes
poor combustion stability under steady state low load conditions and severely limited
spark retard capability. The latter is necessary both for ensuring adequate torque
reserve at idle and for producing acceptable heat flux to activate the aftertreatment
catalysts during CSSR operation.
Active MJI offers the flexibility to operate the main chamber at lean lambda values and
to independently add fuel directly to the pre-chamber. This flexibility is leveraged to miti-
gate the deleterious effects on gas exchange caused by heavily throttled operation, and
to supplement limited spark retard capability at idle to provide adequate torque reserve.
Under CSSR conditions, the addition of pre-chamber fuel provides more direct control
over pre-chamber mixture preparation resulting in reduced instability in the pre-
chamber combustion event. Lean operation, in conjunction with other optimization activ-
ities, results in MJI achieving CSSR results comparable to those of modern SI engines.
More generally, MAHLE Jet Ignition® will continue to be developed on various engine
platforms, including the engine described in this study. Upcoming studies will focus on
tailoring the MJI engine for a variety of different end-use applications.
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Table 3. CSSR result status.
Metric Unit Target MJI3-March 2019
HC g/h/l 5.6 8.3
NOx g/h/l 9 4.7
HC+NOx g/h/l 14.6 13.0
CO g/h/l 150 57.3
Heat flux KW/l >5 5.27
Speed rpm <1500 1500
NMEP bar 2 2
SD-IMEPg bar 0.4 0.33
LNV % >40 44
Coolent Temp °C 25 28.8
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ABSTRACT
In order to achieve high dilution low temperature combustion and overcome the
instability of spark ignition (SI)-controlled auto-ignition (CAI) hybrid combustion,
the micro flame ignition (MFI) combustion technology was studied on a port fuel
injection (PFI) gasoline engine. A small amount of Dimethyl Ether (DME) was dir-
ectly injected into the cylinder to form multiple micro flame kernels, which initi-
ated and formed the subsequent gasoline combustion process. The single cylinder
engine results showed that the optimization of the MFI strategy increased the
thermal efficiency from 33.65% to 42.87% at 2000 rpm and IMEP 4 bar. The NOx
emission was reduced to nearly zero and the HC and CO emissions were 60%
lower than the traditional SI or CAI/HCCI combustion. The in-cylinder mixture for-
mation and combustion processes of the MFI technology was studied in a single
cylinder optical engine by the particle image velocimetry (PIV), laser Rayleigh
scattering, Mie scattering and high-speed imaging combined with heat release
analysis. In addition to the optical measurements, three dimensional (3D) Compu-
tational Fluid Dynamics (CFD) simulations were performed to further explain the
experimental observations. The results showed that the typical MFI hybrid com-
bustion process is characterized by three distinct stages of DME auto-ignition fol-
lowed by a flame propagation and then a final multi-point auto-ignition
combustion process. As the DME injection timing was advanced, the MFI hybrid
combustion process was shifted from a 2-stage heat release process to a single
peak of heat release rate. The early injection of DME at the start of the compres-
sion stroke could improve overall reactivity of the fuel/air mixture in the cylinder
and subsequent flame propagation process, and the late injection of DME near
TDC acted as high-energy ignition kernels for enhanced ignition process of highly
diluted mixtures.
1 INTRODUCTION
In recent years, Homogenous charge compression ignition (HCCI) combustion, also
called Controlled Auto-Ignition (CAI) combustion, is considered as an important com-
bustion technology in the future gasoline engine due to its high-efficiency, low fuel
consumption and low emissions advantages [1,2]. Significant research and develop-
ment works have shown that the pumping loss was reduced and the engine efficiency
was improved through high dilution combustion [3,4]. However, the application of
HCCI/CAI combustion is limited by a host of difficulties, such as the ignition and com-
bustion process control and limited operation range. In order to overcome these
limits, Spark Ignition (SI) – Controlled Auto-Ignition (CAI) Hybrid Combustion
(SCHC), also called Spark Assisted Compression Ignition (SACI) hybrid combustion
[5,6] can be a useful way to control the combustion process under high dilution
conditions.
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Although SCHC can introduce a certain degree of control on the ignition timing and
hence adjust the combustion process, the single ignition site and its limited ignition
energy render the technology to have limited impact on the combustion process of
high diluted mixtures. Reuss et al. [7] found that the spark assisted auto-ignition com-
bustion suffered from high cycle-to-cycle variation because of the cyclic variation in
the single flame kernel development. The research result from Xu et al. [8] shows that
there were considerable changes of the initial flame shape, area and speed in the
SCHC among consecutive cycles in an optical engine. Similar results had been found in
other researches [9,10]. Wheeler et al. [11] pointed out cooled EGR (Exhaust Gas
Recirculation) could cause slower rates of flame propagation, decreased engine stabil-
ity and even lead to misfire. Due to the dilution effect of EGR, both the flame propaga-
tion speed and shape varied markedly in continuous cycles at the condition of SI-CAI
hybrid combustion [12]. Based on the analyses of above studies, it is recognized that
more ignition energy in large space would be required for improving the combustion
stability and broadening the dilution limit of combustion. Therefore, the micro flame
ignition (MFI) technology was proposed and studied [13] and it involves the direct
injection of a small quantity of highly ignitable fuel, such as dimethyl ether (DME), into
the premixed lean/diluted fuel and air mixture. DME was chosen because it is easy to
evaporate at low temperature and low injection pressure when liquid-phase DME is
directly injected into the cylinder [14], as well as its high Cetane number. Besides,
DME has a high oxygen content and no C-C bond [15], which leads to smokeless com-
bustion. The detail fuel properties of DME is shown in Table 1. The high Cetane number
of DME is beneficial to induce the initial spontaneous combustion and accelerate the
flame propagation, which helps to stabilize and expand the dilution boundary of hybrid
combustion at high dilution conditions.
Previous studies by Cha et al. [16] and Xu et al. [17] indicated that the DME inject
timing could directly influence the distribution of DME in the cylinder and affect the ini-
tial auto-ignition timing. Zhang et al [18] showed that the direct injection of DME was
effective to control the process of hybrid combustion. The result of Fu’s experiments
[19] showed that the utilization of MFI strategy could decrease the variation of the
heat release process in SCHC and increase the thermal efficiency, as well as little NOx
emission.
The experiment results above indicated that the MFI strategy could reduce the cyclic
variation and emissions and broaden the dilution boundary of hybrid combustion,
which led to further increase of thermal efficiency. In order to maximize the benefits of
the MFI combustion control technology, the injection timing and quantities need to be
Table 1. fuel properties of DME.
Chemical formula CH3OCH3
Stoichiometric air/fuel ratio 9.0
Triple point (K) 131.7
Critical temperature (K) 400.1
Normal boiling point (K) 249.0
Ignition energy (mJ) 45
Ignition temperature (K) 508
Cetane number 55-60
Low heating value (MJ/kg) 27.6
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optimized. The ignition and combustion process will depend on the spatial distribution
of the DME and in-cylinder conditions and need to be controlled according to the
engine load. On the one hand, it is necessary to achieve reliable ignition and stable
combustion of highly diluted mixtures. On the other hand, the heat release rate should
be controlled to prevent too rapid combustion. In this study, the effect and mechanism
of combustion process control by different kinds of micro flame ignition strategy will
be further investigated by means of in-cylinder studies of mixture formation, ignition
and combustion using CFD and engine experiments.
2 ENGINE AND SIMULATION SPECIFICATIONS
2.1 Thermodynamic single-cylinder engine test bench
The thermodynamic single-cylinder engine was used to study the potential ther-
mal efficiency of MFI combustion technology. The specifications of this single-
cylinder engine are given in Table 2. The engine comprises a Ricardo Hydra
engine block and a specially designed cylinder head equipped with two sets of
identical mechanically fully variable valve actuation (VVA) systems on the intake
and exhaust valves. Each VVA system integrates a BMW VANOS variable valve
timing device and a BMW Valvetronics continuously variable valve lift device. The
engine could be operated with port fuel injection (PFI) or direct injection (DI) or
both together. In this study, gasoline was injected into the intake port through
a PFI injector at 3 bar and a small amount of DME was injected directly into the
cylinder at 40 bar by a 6-hole DI gasoline injector located below the intake valve
in the cylinder head. The piston has been redesigned to consider the requirements
of wall-guide strategy and fuel distribution control.
Table 2. Engine specifications of thermodynamic single cylinder engine.





Combustion chamber Pent roof/4 valves
Fuel Gasoline(93 RON)/DME
Gasoline injection pressure 3 bar
DME injection pressure 40 bar
Inlet pressure Naturally aspirated
Coolant temperature 80 °C
Oil temperature 50 °C
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The schematic of the test bench was shown in Figure 1. A linear oxygen sensor (with
an accuracy of ±1.5%) was mounted in the exhaust pipe to ensure precise control of
the air/fuel ratio. The air flow rate was measured by an air mass meter and checked
with the lambda and fuel injection mass. At each experimental point, the in-cylinder
pressure was measured with a Kistler 6125B piezoelectric transducer and a 5011B
charge amplifier. The exhaust gas temperature was measured by a K-type thermo-
couple installed in the exhaust pipe. The RGF (Residual Gas Fraction) was determined
from the residual gas mass calculated from the exhaust gas temperature and the in-
cylinder gas pressure at the exhaust valve closing time using the state equation of the
ideal gas. The emissions were measured by the Horiba MEXA-7100DEGR emission
analyzer. The flow rate of direct injected DME was measured by a positive displace-
ment piston type flow meter MAX 213 with uncertainty of ± 0.2%. The amount of port
fuel injection of gasoline in a cycle was obtained through the calibration relationship
between injection pulse and the quantity of gasoline injected. further information on
the single cylinder engine can be found in the reference [20,21].
2.2 Single-cylinder optical engine test bench
In order to investigate the ignition and combustion process of the MFI hybrid combus-
tion, in-cylinder optical studies were carried out in an optical engine as detailed in
Table 3. The optical access is provided by a flat-fused silica with a diameter of 71 mm
mounted on the piston crown. Due to the lower compression ratio, the basic fuel of
optical engine was changed to PRF40 to simulate the auto-ignition of gasoline under
high compression ratio. At the same time, the external EGR was applied by the mix-
ture of N2 and CO2.
Figure 1. Schematic of the thermodynamic single cylinder test bench.
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Similar fuel supply setups to the thermodynamic engine were used with PFI gasoline
fuel injection in the intake port at 3bar and DME direct injection at 40 bar. The crank-
angle-resolved combustion luminosity images were recorded by a Phantom 7.1 com-
plementary metal oxide semiconductor (CMOS) high-speed camera (HSC) or an
Intensified Charge-coupled Device (ICCD). Qualitative laser Rayleigh Scattering (LRS)
of the DME vapour was employed to visualize the location of DME in the cylinder. The
laser beam of the second harmonic of a Nd:YAG laser (532 nm) was formed into
a sheet with a combination of cylindrical and spherical lenses. The FlowMaster PIV
system by LaVision was employed for the measurement of the in-cylinder flow in cylin-
der prior to the combustion in the optical engine. The second harmonic output (532
nm wavelength) from two SOLO 120 Nd:YAG lasers was used as the light source for
the PIV measurement. More detailed descriptions of the optical engine and measure-
ment techniques can be found in [17].
Table 3. Engine specifications of single cylinder optical engine.





Combustion chamber Pent roof/4 valves
Fuel Primary Reference Fuel 40/DME
Inlet pressure Naturally aspirated
Figure 2. Schematic of the single cylinder optical engine test bench.
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For all optical tests, the engine was operated at 600 r/min. The gross indicated mean
effective pressure (IMEP) of all studied cases ranged from 2.5~3 bar. The low speed,
light-load conditions were limited by the mechanical strength of the optical engine and
the concern of damaging the large piston crown window for some conditions explored
with high heat release rates.
2.3 CFD simulation platform
To study the characteristic of DME micro flame ignition and the effect of different DME
injection timings on the MFI hybrid combustion, numerical simulations were per-
formed using the Converge software platform. The computational grid with a grid spa-
cing of 4 mm and the minimum grids of 0.25mm was generated for the optical engine.
Simulations were run from 300° BTDC to 40° ATDC. Gasoline was modeled by
a 2-component surrogate comprised of PRF93 (Primary Reference Fuel, 93% iso-
octane (iC8H18), and 7% n-heptane (nC7H16)). Reynolds-Averaged Navier Stokes
(RANS) approach was applied with RNG k-ε turbulence model in the simulations. The
simulated injection used a stochastic collision model (O’Rourke) [22]. The liquid fuel
droplet breakup was modeled using the Kelvin-Helmholtz Rayleigh-Taylor (KHRT)
droplet breakup model [23]. The droplet evaporation was simulated by using Frossling
Drop Evaporation module coupling with Boiling model [24]. Constant temperature
boundary conditions were used for solid surfaces. Surface temperatures were set to
the coolant temperature, except for the piston, which was set 70 K above the coolant
temperature. The initial and intake inflow compositions were the premixed compos-
ition specified. The initial temperature of the intake region was the intake tempera-
ture, and the initial in-cylinder and exhaust temperatures were determined by1-D
simulations and experiments.
As for combustion process, the SAGE model was coupled with the chemical kinetic
reaction mechanism for blend fuel [25]. In this study, the PRF surrogate, a mixture of
iso-octane and n-heptane, was used to represent gasoline in order to obtain
a relatively small size model by considering less components and pathways. The
chemical kinetic skeletal mechanism was built by Chen et al by the DRGEP using
a Jacobian pairwise relation between coupled species combined with H radical method
from a 348-species detailed mechanism. For further information and the verification
of mechanism, reference [26-28] were useful. The auto-ignition delay time and lam-
inar flame speeds results was shown in Figure 3 and Figure 4. The CFD simulation
result shows that the skeletal mechanism could capture the engine phenomena
accurately.
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Figure 3. Validation of auto-ignition delay time and laminar flame speeds
between the 348-species detailed mechanism and experiments.
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3 RESULTS AND DISCUSSION
3.1 The effect of MFI combustion on the thermal efficiency and emissions
As shown in Figure 5, the indicated thermal efficiencies were increased by 20-30%
between 2-6 bar IMEP by the employment of MFI combustion compared to the con-
ventional spark ignition combustion operation at 1500rpm and 2000rpm. The max-
imum indicated thermal efficiency reached 40% at 4bar IMEP and 43.98% at 7bar
IMEP at 2000rpm. The highest indicated thermal efficiency of 47% was achieved with
MFI combustion of lean mixture ofλ =2.0 using split DME injections and effective com-
pression ratio(ECR) 13.0 as shown by the lower graph in Figure 5, where IL stands for
the inlet valve lift and EL the exhaust valve lift. For the IMEP (Indicated Main Effective
Pressure) 4bar @2000 rpm (Revolution per Minute), the EVO (Exhaust Valve Open)
and EVC (Exhaust Valve Close) were 201.9 and 348.1 CAD ATDC (After Top Dead
Center). The IVO (Intake Valve Open) and IVC (Intake Valve Close) were 435.0 and
554.1 CAD ATDC.
As reported previously [17], the NOx emission was nearly zero at early and late DME
injection timings . The HC and CO emissions were 60% lower than the traditional SI or
CAI/HCCI combustion due to the more complete combustion of more diluted air/fuel
mixture.
Figure 4. Comparison of laminar flame speeds between 348-species detailed
and 143-species skeletal mechanisms.
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3.2 Effect of different DME injection timing to MFI hybrid combustion
In order to understand the mechanism of MFI strategy and its effect on hybrid com-
bustion at different injection timings, two optical engine cases with the start of DME
injection timing (SOI) at 120 CAD (Crank Angle Degree) BTDC (Before Top Dead
Center) and 25 CAD BTDC respectively were studied at the engine operation condi-
tions in Table 4. The results of heat release are shown in Figure 6. The early injection
case was characterized by a single-peak heat release rate curve, similar to that of the
spark ignition and controlled autoignition hybrid combustion (SCHC) process which
comprises spark ignited flame propagation followed by auto-ignition of unburned mix-
tures. With the delay of DME injection timing, the feature of heat release curve was
changed to two peaks. The thermodynamic single cylinder showed the same result
with PRF93 and DME fuel. The operation conditions were also shown in Table 5 and the
heat release rate of SOI 120 and 40 were presented. In the following sections, optical
measurement and CFD simulation results from optical engine will be used to explain
such changes in the heat release process brought by the change in the DME injection
timing.
Figure 5. Comparison of indicated thermal efficiency between SI-CAI and
MFI strategy.
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Table 4. Optical engine operation conditions.
Revolution 600rpm
IMEP 2.5-3bar
Intake valve open timing 396.0 CAD ATDC
Intake valve close timing 508.0 CAD ATDC
Intake valve lift 1.00mm
Exhaust valve open timing 180.0 CAD ATDC
Exhaust valve close timing 328.0 CAD ATDC
Exhaust valve lift 2.00mm
Gasoline per cycle 14.8mg
DME per cycle 1.8mg
Relative Air/Fuel ratio (λ) 1.0
External EGR rate 27%
Estimated Residual Gas 19%
Intake temperature 40±1°C
Coolant temperature 85±2°C
Table 5. Thermodynamic single cylinder engine operation conditions.
Revolution 1500rpm
IMEP 4bar
Intake valve open timing 425.6 CAD ATDC
Intake valve close timing 534.4 CAD ATDC
Intake valve lift 5.01 mm
Exhaust valve open timing 171.5 CAD ATDC
Exhaust valve close timing 278.5 CAD ATDC
Exhaust valve lift 4.83 mm
Gasoline per cycle 9.23 mg
DME per cycle 2.55 mg
Relative Air/Fuel ratio (λ) 1.98





3.2.1 Effect on the DME distribution by DME injection timing and in-cylinder
flow
The distribution of DME would determine the location of initial ignition sites and could
be directly affected by its injection timing and in-cylinder flow. Due to the limited
optical access through the piston crown, the PIV measurement in Figure 7 was
restricted to a horizontal plane where a large anti-clockwise swirling flow from the
intake side was detected.
More comprehensive flow results were obtained by CFD simulations. As shown in
Figure 8, at the IVC timing (200 CAD BTDC), the flow field was dominated by an anti-
clockwise tumble flow structure whose tumble ratio was 1.1. At the same time, a 4mm
vortex core generated in the bottom of the combustion chamber by the structure of
the chamber. With the piston moving up, the tumble was compressed to the left-hand
side and an anti-clockwise swirling flow formed neat the intake side as the PIV image.
Figure 6. Comparison of heat release rate and pressure in cylinder under dif-
ferent DME injection conditions from optical engine (left) and thermo-
dynamic single cylinder engine (right).
Figure 7. Ensemble averaged in-cylinder velocity field at 20 CAD BTDC in the
studied DME MFI case (100 cycles)
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Figure 9 shows the in-cylinder DME distribution after its injection at 25 CAD BTDC.
Strong Mie scattering signals from the DME spray were observed at 1.44 CAD and
2.16 CAD after the start of injection (ASOI). Then the DME spray evaporates rapidly,
leading to much weaker signal at 2.88 CAD ASOI. The DME completed its evaporation
by 4.32 CAD ASOI (20.68 CAD BTDC), where no obvious bright spot from Mie scatter-
ing could be observed. Instead, it was dominated by the more uniformly distributed
Rayleigh scattering of the DME vapour with more smoothly varying gradients between
regions of high and low intensity. The DME spray started from the intake side (lower
part of the image) and its vapour concentrated at the middle-left part beneath the
intake valves at about 20 CAD BTDC.
Figure 8. The simulation of flow field development
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As the piston rose, it prevented laser Mie/Rayleigh scattering measurement from
being carried out near TDC. Instead, the distribution of DME and in-cylinder flow near
TDC was obtained from CFD simulation, as shown in Figure 10. Due to the anti-
clockwise rotating vortex, the edge of spray was convoluted by the flow in cylinder. At
5 CAD BTDC, the DME injected in to cylinder at 25 CAD BTDC was moving to almost
the middle of the cylinder with a concentrate distribution. At the same time, the vortex
core moved to the right side of the picture due to the combined effect of velocity of
spray and the anti-clockwise rotating vortex.
Figure 9. DME spray development with DME SOI 25 CAD BTDC (averaged
over 50 cycles)
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In the case of early DME injection, Figure 11 shows that the DME in cylinder showed
a more homogeneous distribution in the left-lower side, due to the tumble motion
after the injection. The velocity of DME spray broke the original vortex so that the
vortex core was smaller than the vortex in Figure 10 at the same crank angle. As
a result, the DME showed an almost homogeneous distribution due to the long mixture
formation time and its interaction with the in-cylinder flow.
Figure 10. DME distribution and flow field at 5 CAD BTDC with DME SOI 25
CAD BTDC from simulation result
Figure 11. DME distribution and flow field at 5CA BTDC with DME SOI 120CA
BTDC from simulation result
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3.2.2 Effect on the combustion process by DME injection timing
For the early injection case, the images from the high-speed camera in Figure 12.
showed that the auto-ignition took place in the left-bottom side at 6.48 CAD ATDC,
where there was the high concentration DME in Figure 11. After the initial auto-
ignition, there were more ignition points in the field of view. The flame propagation
filled up the optical window at 9.36 CAD ATDC, corresponded with the measured heat
release characteristic.
The late injection case showed a rather different combustion process. The result of
high-speed imaging of SOI 25 CAD BTDC case is shown in Figure 13. The initial auto-
ignition took place at 1.4 CAD BTDC in the middle-left area, where the DME distribu-
tion was concentrated in Figure 10. The auto-ignition process was weak from 0.7 CAD
ATDC. The flame front propagated to the right side until 5.8 CAD ATDC. A bright auto-
ignition point then appeared in the upper-right of the optical window. After 5.8 CAD
ATDC, the mixture around the flame front started to auto-ignition rapidly. The com-
bustion of DME late injection case showed a 3 -stage combustion process included ini-
tial auto-ignition, flame propagation and auto-ignition process.
The above results illustrated that in the early DME injection case, the high activity fuel
DME raised the activity of premixed fuel/air mixture, which led to multi-point auto-
ignition combustion with a few micro flames. In comparison, the late injection case
showed a different kind of combustion process of initial auto-ignition, flame propaga-
tion and auto-ignition process.
The strong correlation of DME distribution and the combustion process with the heat
release pattern were further investigated by the 3D CFD simulation. The simulation
boundary was the same as the experiment operation specifications in Table 5, and the
Figure 12. Combustion high-speed imaging results of DME injection timing
SOI 120 CAD BTDC
Figure 13. Comparison of heat release rate and in-cylinder pressure of
experiment and simulation with DME injection timing 25 CAD BTDC.
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result in Figure 14 indicated that the simulation result was able to replicate the salient
feature of the experiment result.
In Figure 14, the heat release process can be divided into 3 process. The first stage
was a rapid heat release process. The heat release rate rose to 30J/°CAD during 5
CAD around TDC. In the second stage, the heat release rate dropped a little and stabil-
ized. At last, a rapid heat release process occurred and the value of heat release rate
reached its peak value.
The correlation between the concentration of DME and autoignition sites was further
investigated by plotting DME distribution and the flame front contour as shown by the
1000K iso-surface in Figure 15. The initial auto-ignition process started at 2 CAD BTDC in
the middle of DME region. There were two small auto-ignition points. One CAD later, the
two auto-ignition sites expanded and merged together. It took another CAD for the flame
propagated to the rest of DME region. The flame propagation process continued for
about 5 CADs until new auto-ignition points appeared in the upper-right side and lower-
right side at 6 CAD ATDC. The DME area was consumed by the flame at TDC, the combus-
tion at 5 CAD ATDC and 6 CAD ATDC was mainly characterized by the flame propagation
with the start of autoignition of premixed air/fuel mixture which led to the major heat
release peak. Therefore, the combustion process can be summarized as DME auto-
ignition, flame propagation and auto-ignition combustion of premixed air/fuel mixture.
In the process, the multi auto-ignition sites of DME and their subsequent merger enabled
the stable ignition and complete combustion of the highly diluted mixture.
Figure 14. Comparison of heat release rate and in-cylinder pressure of
experiment and simulation with DME injection timing 25 CAD BTDC
39
4 SUMMARY
The experiment carried on a thermodynamic single cylinder engine proved that MFI
strategy was an effective way to increase the thermal efficiency and reduce emissions.
The indicated thermal efficiency increased to 42.87% at 2000 rpm and IMEP 7 bar
with nearly-zero NOX emission and 60% decrease of HC and CO emissions.
The heat release analysis showed that the change in the DME injection timing could
lead to different combustion processes. The early injection of DME during the start of
the compression stroke resulted in 2-stage heat release process with one peak heat
release rate. When the DME injection was delayed to the end of the compression,
there were three stages of combustion characterized by two major peaks in the heat
release rate curve.
The in-cylinder optical studies and CFD simulation results indicated that the DME dis-
tribution was largely determined by the injection timing and to a lesser extend by the
in-cylinder flow field. The early DME injection produced a homogeneous distributed
DME in the premixed air/fuel mixture which increased the reactivity of the premixed
mixture and led to the fast multi-point auto-ignition combustion and higher single
peak heat release rate. Compared with early injection case, the late injection produced
a stratified DME region where the first stage auto-ignition combustion started at mul-
tiple sites which merged to form a larger flame front to consume the rest of the DME
mixture. The expanding flame front then compressed the rest of the premixed air/fuel
mixture to autoignition, producing the second peak of the heat release rate curve.
Therefore, it can be concluded that the combustion process of the MFI operation was
directly dependent on the DME distribution which was mainly determined by its injec-
tion timing and the interaction with the in-cylinder flow field.
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ABSTRACT
In this work, we present some of the first experimental results along with simulation
results obtained in developing and testing a novel dual-piston free-piston engine gen-
erator (FPEG), designed for electric- vehicle (EV) range-extender or hybrid powertrain
applications. The benefits of a high-efficiency, compact and lightweight design of the
proposed range-extender are presented. The technical details and experimental set-
up of a two-cylinder prototype and its instrumentation are also outlined. Results are
presented for simulation and recent test programmes carried out across both 2-stroke
and 4-stroke operational modes. The methods associated with engine control are
detailed alongside key post-processed engine characteristics.
1 INTRODUCTION
Today’s global energy production aims at cleaner production to preserve and protect
environmental resources. In recent decades, the world has started to address the
environmental changes caused by emissions of hydrocarbon fuelled vehicles and is
instigating solutions to reduce these pollutants. Also, the faster depletion of fossil
fuels has led to research on alternative fuel engines in replacing existing conventional
fuels with a clean, economical and efficient energy source. To this end, the current
perception is that conventional engines will be replaced by more electrified vehicle
powertrains. The main challenge for electric vehicles (EVs) designers is limited driving
range. One option is to have a small on-board installation of an electric generator such
that the driving range can be increased. This has led to disruptive advancements in
the development of range extenders. One such technology is the use of a free piston
engine generator (FPEG).
The FPEG has the potential to be an effective integrated engine and electricity gener-
ator. The piston moves along the engine cylinder which is driven by combustion gases
and kinetic energy of the piston movement is converted into electrical energy by
a linear electric machine. When using a FPEG, the use of crank shaft and connecting
rod is eliminated resulting in several advantages such as higher efficiency, compact
design and piston motion is directly converted to electrical power; due to the simplicity
of the system. Along with these, the compression ratio can be easily varied, and the
stroke length is independent as there is no crankshaft. In a FPEG, the electrical energy
is achieved from chemical energy by means of a combustion process.
In 1928, an engineer and inventor R.P Pescara from Argentina presented the free-piston
engine (FPE) [1] and since several designs for free-piston engines have been projected.
In all these designs, the piston is free to move between its endpoints which makes the
free-piston engine to run with variable stroke length and high control requirements [2].
Zhang and Sun [3] stated that when seven renewable fuels like ethanol, biodiesel, hydro-
gen etc. are considered for trajectory-based combustion control enabled by FPEG, it was
found that FPEG has the highest flexibility of fuel compared to others. The work of Roman
Virsik [4] compared FPEG with other range extender technologies available and then has
45
concluded that FPEGs with the use of ICEs (internal combustion engines) are feasible and
has higher efficiencies with lower emissions and NVH values. This can be implemented in
vehicles. Heron and Rinderknecht [5] in their work compared several range extender
technologies for electric vehicles. They compared the FPEG, polymer electrolyte fuel cells,
TRE (traditional reciprocating engine) and ICEs. They concluded that the FPEGs have
higher efficiency compared to TREs and ICEs. In the 1940s, the German navy used the
free-piston air compressors to supply compressed air for launching torpedoes. The free-
piston engines were used to feed hot gas to a power turbine. This was employed in sta-
tionary and marine powerplants, most successful being a model developed by SIGMA in
France [6].
Researchers at Toyota central laboratory, Japan, developed the FPEG prototype com-
prised of a linear generator, a gas spring chamber and two-stroke combustion cham-
ber with hollow circular step shaped piston. In this study, the characteristics of FPEG
motion were studied both numerically and experimentally for enabling stable continu-
ous operation. In the simulation, the researchers evaluated the FPEG with SI and pre-
mixed charged compression ignition modes of combustion. The output power of 10kW
was obtained with both combustion mode whereas premixed charged compression
ignition mode of combustion delivered higher thermal efficiency of 42% compared to
SI combustion mode. Experimental results confirmed that the FPEG prototype oper-
ated stably for quite a long period of time, despite of the abnormal combustion during
the test. The researchers have explored the unique piston motion, which causes its
impacts on combustion and power generation in the FPEG [7], [8]. The detailed review
on free-piston engine on its history and development was presented by Hanipah,
Mikalsen and Roskilly [9], [10].
Free-piston engines are broadly classified into three types based on piston arrange-
ment as single piston, opposed piston and dual piston [11]. The working principle is
identical for each type, but variances between them are the compression stroke real-
ization and combustion chambers design. FPEGs consists of different modules. They
are central combustion module, central gas spring module, central combustion with
integrated gas spring module, central combustion with branched linear generators
module and dual module system, either of which can be used according to the user.
These modules are chosen accordingly based on their NVH behaviour. However, with
the implementation of the FPEG the NVH is observed to be low. The engine noise and
vibrations occur because of the mechanical forces, and combustion process can be
controlled by synchronizing these modules. Due to the presence of higher degrees of
freedom for the FPEG system, Homogenous Compression Ignition (HCCI) combustion
can also be implemented [4].
This article presents the experimental outputs on FPEG prototype system based on
a dual-piston free-piston engine design. This design and its operation is built upon
a series of robust numerical modelling studies carried out over the years by the
researchers of the centre [12], [13], [14], [15].
2 DESCRIPTION OF THE ENGINE CONFIGURATION
2.1 Dual-piston FPEG concept engine
The schematic configuration and prototype of FPEG established at the Sir Joseph Swan
Centre for Energy Research is shown in schematic in Figure 1 and photos shown in Figure
2 respectively. This design of the engine generator is in accordance with the patent by
Mikalsen and Roskilly [16]. The adopted design parameters are tabulated in Table 1. The
FPEG concept mainly comprises two opposing internally combusted FPE and a linear elec-
tric machine. Each of the free-piston engine is consisted combustion chamber, spark plug,
piston and set of poppet valves. The engine employs an actuated control system for
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intake and exhaust. The electric machine, generally called the stator, is located between
the engines and it can be operated as a generator, or a motor. The pistons of FPEG are
connected using moving part of the system called mover. The linear electric machine initi-
ated the starting process by operating as a motor and then switched as generator mode
once the system attains steady state. Combustion takes place alternatively in each cylin-
der of engines, which drives the piston and mover assembly to oscillate back and forth
motion. The electric generator then converts the movement of the piston into electrical
energy.
Figure 1. Schematic diagram of FPEG.
Table 1. Specifications of prototype FPEG.
Parameters Value Unit
Maximum stroke 40.0 mm
Cylinder bore 50.0 mm
Intake/exhaust valve lift 4.0 mm
Intake valve diameter 20.0 mm
Moving mass 7.0 kg
Exhaust valve diameter 18.0 mm
Intake manifold pressure 1.3 bar
Exhaust manifold pressure 1 bar
Ignition position from cylinder head 5.0 mm
Load constant of the generator 810 N/(ms-1)
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2.2 Four-stroke and two-stroke control mode
To operate the FPE in four-stroke mode, each cylinder requires two oscillation cycles
or four oscillatory motion of its piston to complete the sequence of operations that fin-
ishes a single power stroke. The processes of four-stroke cycle are as follows [17].
1) Suction/Intake stroke: During this stroke, the piston will be at its TDC and the valve
control system opens the intake valve. This stroke is continuous as piston reaches
to its BDC and ended by closing of intake valve. If there is not enough force behind
the piston to drive this event then the electric machine acts as a motor.
Figure 2. FPEG prototype.
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2) Compression stroke: During this stroke, both the inlet/intake and outlet/exhaust
valves are in closed positions and the piston compresses air–fuel mixture as it
moves from its corresponding BDC to TDC. If there is not enough force behind the
piston to drive this event then the electric machine acts as a motor. At the end of
the compression stroke, the spark-plug produces the spark and initiates the
combustion.
3) Power stroke: The combustion occurs at the end of compression stroke produces
enormous amount heat energy with high pressure which pushes the piston towards
its BDC. The kinetic energy of the piston movement is converted in to electricity by
linear electric generator.
4) Exhaust stroke: This stroke initiated as the outlet valve opens and piston recipro-
cates from its corresponding BDC to TDC. The burnt gases expel out from the cylin-
der chamber and the cycle is repeated as outlet valve closes.
Similar with the working of FPEG in two-stroke mode, alternatively each cylinder gets
the power stroke and throughout the generating process, the linear electric machine is
functioned as generator. The processes of two-stroke cycle are explained as follows.
1) Compression stroke: Throughout this stroke, the valve control system of FPEG
closes both the inlet valve and outlet valve. As the piston moves from BDC to its
corresponding TDC, the fuel-air mixture is compressed in the cylinder. This will
continuous until the system achieves its compression ratio. At the end of this
stroke, spark plug produces the spark for the combustion.
2) Power stroke: The initiation of power stroke is determined by spark timing and
expansion of combustion gases. Expanded gas pushes the piston from TDC to its
corresponding BDC. The control system opens the outlet valve followed by inlet
valve and the exhaust gas expel out from the cylinder and fresh air fuel mixture is
enters the cylinder.
The Table 2 provides the sequence of processes in each cylinder and corresponding
modes of linear machine operation for the four-stroke and two-stroke cycles. During
four-stroke mode of engine operation, the linear machine switched to motor as well as
generator according to strokes and it act as a generator throughout the two-stroke


















































































































































































































































































































































2.3 Valve actuating mechanism
The designed FPEG is facilitated with a Festo pneumatic system to activate the over-
head intake and exhaust valves. Nominally, the valve lift is 4 mm, though this is
changeable, which permits for further control, improvement and optimization of the
valve operation. To operate the FPEG in four-stroke mode, the valve control system
opens inlet valve towards the end of exhaust stroke and closes at the end of suction
stroke. This gives the maximum compression stroke of about 40mm. The outlet valve
opens at the end of the power stroke and it remains open throughout the exhaust pro-
cess. In two-stroke mode, the compression process starts after the closing of inlet
valve which result in reduction of compression stroke to 34mm. The scavenging pro-
cess of two-stroke mode of operation combines intake and exhaust gas exchange pro-
cess. The poppet valves are used for both intake and exhaust processes rather than
scavenging ports. During the process exhaust valve opens before opening of intake
valve and it closes after the closing of intake valve. A compressor is employed in FPEG
for the two-stroke mode of operation to enhance the manifold pressure and each out-
ward stroke relates to a power stroke. As the valves are actuated based on the piston
position, the scavenging durations for both operating modes will be significantly
affected by the engine speed and piston profile. In order to avoid mechanical contact
between the piston and cylinder head, the working mode of the linear electric machine
is switched at a specific point during Stroke 1 and Stroke 2.
2.4 Numerical model description
The numerical model was built on many of the assumptions and principles of thermo-
dynamic models employed regularly across the conventional ICE research and devel-
opment community. A full description can be found elsewhere [11,13,14,15]. An
engine dynamic model was formed to determine the piston motion. The three sub
models of in-cylinder gas thermodynamic processes, linear electric machine force and
mechanical friction force were developed and fed into the engine dynamic model. The
in-cylinder gas thermodynamic process comprises heat transfer to the wall, piston’s
expansion or compression process, gas leakage, gas exchange process, scavenging
process for two-stroke engine mode and heat release during combustion. The linear
electric machine force considered is either resisting force or driving force depending
on its operating mode whereas the friction sub model defines the friction force acting
on the piston rings.
The model was developed in Matlab/Simulink. The developed model is used for both
starting and steady operation of FPEG. In starting mode, the combustion model was dis-
abled, and linear electric machine was enabled to run as a motor. In steady operation,
the linear electric machine operates as a generator and combustion model was enabled.
The computed piston velocity, in-cylinder pressure, and piston displacement at the end
of the starting process were taken as the preliminary values for the steady operation of
the FPEG.
The design parameters for the prototype and initial boundary conditions are fixed as
the two and four-stroke mode of operations are employed on the same prototype. The
considerable changes are the working mode of the electric machine and the valve
timing strategy. The prototype specifications and the input parameters for both mode
of engine operation is tabulated in Table 2.
3 RESULT AND DISCUSSIONS
3.1 Simulation results
The objective of the simulations was to identify different ways in which the engine
could be controlled to achieve stable and steady operation. In doing so, it would
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become clearer as to what hardware would be required and how to control the system.
The same analysis aimed to explore the sources of power losses in its operation and
the sensitivity of these parameters on performance.
3.1.1 Exploring engine operational performance
The simulation of the FPEG engine was carried out at stoichiometric air–fuel ratio
(λ=1.0) with the target piston dead centre is +17.0mm and -17.0mm from the middle
position of the stroke and clearance from the cylinder head is 4.0mm. The engine per-
formance of both four-stroke and two-stroke is shown in Table 3. The two operational
modes were compared with the motor force shown in Table 1.
With a fixed motor force, it was noted the system operated at different engine speeds
depending on the operating mode. Furthermore, the indicated power is much greater
for two-stroke engine cycle compared to four-stroke engine mode of operation. The
engine speed for the two-stroke cycle mode was higher, and the power stroke took
place in every cycle. In the meantime, in four-stroke mode of operation, the peak
cylinder pressure and the movement of the piston would produce higher friction
between piston ring and cylinder liner interface. in overcoming. This results in almost
half the indicated power is consumed in overcoming the friction along with the pump-
ing losses of the motoring process.
3.1.2 Engine throttle position
The Figure 3 demonstrates the effect of engine throttle opening positions on indi-
cated power and electric power production. For two-stroke cycle, a reduction in indi-
cated power from 5 kW to 1.8 kW is occurred when the throttle opening mode was
changed from fully-open to half-open. In the interim, the electric power generation is
somewhat lesser than the indicated power. It also observed that, with the same
throttle opening positions, both indicated power and electric power of four-stroke
cycle are considerably lesser than that of the two-stroke cycle. The indicated power
decreases from 1.8 kW to 0.8 kW when the throttle opening area reduces from 100%
to 50%. It is recommended to operate the engine at higher loads rather than below
50%, as the energy conversion efficiency is getting minimal for the four-stroke
mode.
Table 3. Predicted FPEG performance parameters in four and
two-stroke mode.
Performance parameters Four-stroke Two-stroke
Mean speed (rpm) 900 2000
Operating Frequency (Hz) 15 31
Maximum piston velocity (m/s) 3.8 3.1
Maximum cylinder pressure (bar) 76 47
Thermodynamic efficiency (%) 44.9 34.5
Consumption of fuel (kg/kW h) 0.20 0.22
Indicated power (W) 1230 3900
Electric power output (W) 640 3760
Maximum compression ratio 16.2 7.36
Power to weight ratio (W/kg) 0.22 0.070
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3.1.3 Ignition timing
Figure 4 displays the variations of indicated power with ignition timing for two-stroke
and four-stroke engine mode when it runs at wide open throttle. As it can be seen
from the plot, for the two-stroke engine mode, the electric power slightly increases
with the increase in ignition timing. Advancing ignition timing can reduce the period of
post combustion and improve the in-cylinder pressure. However, with the ignition
timing advance, no substantial variation was detected neither in indicated power nor
in electric power when FPEG is operated in four stroke engine mode.
3.1.4 Power circulation
Indicated power distributions in two and four-strokes cycle of FPEG when it runs at
wide open throttle are depicted in Figure 5. As there is removal of crankshaft and con-
necting rod in the FPEG, it helps in the reduction of frictional losses as compared to
conventional engines, which in-turn reduces the fuel consumption. Compensation is
the electric power used to offset the overall power consumptions during the motoring
Figure 4. Variation of power with ignition timing.
Figure 3. Variation of power with throttle opening area.
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process. Compensation was zero for two-stroke cycle and was 42% for four-stroke
cycle, i.e. during the motoring processes for supplying additional electric power, 42%
of the indicated power was consumed.
3.1.5 Effect of motor force on power of four-stroke cycle
During four-stroke mode of FPEG operation, the linear electric machine primarily
acts as a motor and later as a generator. An important parameter for four-stroke
cycle which influences on FPEG performance is the motor force. The Figure 6 illus-
trates the different motor force effect on FPEG’s electric power, frictional loss and
compensation at wide open throttle. As seen from the plot, the electric power
increases with the increase of motor force. The higher motor force reduces the
period between pumping and combustion which raises the engine speed and thus
further development of indicated power. The plot also depicts that, as motor force
increases, engine consumes more power to recompense the supply of electric power
during motoring process.
Figure 5. Power distribution in two-stroke and four-stroke cycle.
Figure 6. Power distribution with different motor force.
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3.2 Experimental results
The numerical modelling indicated that manipulation of the motor force itself could be
used to control the engine with a high degree of fidelity. As a result, the decision was
made to utilise a more complex hardware and control system which could control the
motor force in real time to achieve a sinusoidal motion profile at a pre-defined frequency.
3.2.1 Control signals
The experimental results of two-stroke mode of FPEG operated at 5Hz have been pre-
sented in this section. During suction phase of FPEG, the compressed air is supplied to
the engine through an intake manifold to facilitate gas exchange and to boost the
intake manifold pressure. Nominally, the engine was operated at stoichiometric air–
fuel ratios (λ=1.0).
The timing of spark and valve opening/closing are initiated based on piston displace-
ment and velocity. Figure 7 illustrates the control signals for the spark and valve
timing for a cylinder of FPEG. The spark plug produces the spark to initiate the com-
bustion before the piston reaches its TDC. The exhaust valve opens before opening of
intake valve and intake valve closes after the closing of exhaust valve as seen in the
diagram.
3.2.2 Pressure and volume
Variation of pressure and velocity with the displacement is depicted in Figure 8. In this
figure, the obtained piston velocity curve is close to a sinusoid and pressure curve
depicts the work done by the gas expansion. At the middle stroke of the piston, the
highest velocity ensues, and value of velocities are zero at the dead centres where the
value of velocity changes its sign.
Figure 7. Control signals in a cylinder.
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3.2.3 Piston dynamics
Figure 9 illustrates piston velocity and its displacement attained during the test.
Figure represents the five separate compression and expansion events occurred in the
engine. As expected, the value of piston velocity and displacement were increased.
The profile typically achieves a ± 17mm displacement and the impact of combustion is
more apparent in the plot.
Figure 8. Cylinder pressure with displacement.
Figure 9. Piston dynamics.
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3.2.4 Cylinder pressure
Variation of in-cylinder pressure for each cycle and its corresponding ignition signal
with respect to time is shown in Figure 10. From the plot, it can be concluded that the
in-cylinder pressures are rapidly increasing and decreasing when combustion occurs.
The peak pressure of 27 bar attained by the engine cylinder during the combustion as
seen from the plot.
3.3 Effect of intake and exhaust valve timings on IMEP
During the above testing, the engine was operating continually without issue. It was
then considered that a parameter sweep would be carried out on valve timing. The
objective being to explore the sensitivity of the system stability.
3.3.1 Intake valve closure timing
The duration of opening was fixed to 40 ms (milli-seconds) and the intake valve clos-
ing (IVC) timing set from -6 ms to +6ms aBDC (after Bottom Dead Centre). The
results of variation of an intake valve closure (IVC) timing on indicated mean effective
pressure (iMEP) are displayed in Figure 11.
As IVC timing is delayed, the in-cylinder pressure is reduced as less combustible mix-
ture is trapped within the cylinder chamber in turn lowers the pressures at spark igni-
tion. The reduced pressure of less amount of combustible mixtures produces lower
indicated mean effective pressure as depicted in the plot.
Figure 10. In-cylinder pressure.
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3.3.2 Exhaust valve opening timing
The results of variation of an exhaust valve opening (EVO) timing on indicated mean
effective pressure are presented in Figure 12. The open duration was fixed to 39 ms
and EVO timing was varied from 33 ms to 39 ms aTDC (after top dead center).
Delaying the EVO generally resulted in higher in-cylinder pressures with later open-
ing times. However, the Figure 12 shows only minor differences in iMEP with the vari-
ation of EVO timing. It was observed that beyond 33 ms to 39 ms EVO timing limits,
the engine failed to operate with the combustion due to ineffective scavenging
process.
Figure 11. Effect of intake valve closure timing on iMEP.
Figure 12. Effect of exhaust valve opening timing on iMEP.
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4 SUMMARY
In the present study, the performances of two-stroke and four-stroke cycles of a FPEG
are compared. The work can be summarised as:
• A novel twin-opposed free-piston engine prototype has been design, built
and tested.
• A numerical model of the system has been developed which was used to
understand and determine its core control algorithms
• Using the model, motor force was identified as a key control parameter able
to ensure stable operation.
• The prototype was then upgraded to enable control of motor force in real
time and thus to enable for the piston motion to follow a sinusoidal profile.
• The first experimental results showing operation of the prototype are pre-
sented and discussed.
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ABSTRACT
The selection and optimisation of Hybrid Electric Vehicle (HEV) powertrains and archi-
tectures creates new challenges and opportunities. The position and size of the electric
machines in conjunction with the transmission type can alter the engine operating pro-
file to enable enhancements to the cost and efficiency of the engine. To achieve such
benefits requires a systematic evaluation of the powertrain system at the beginning of
a development cycle, to understand how the engine may be altered to match the
hybrid system. Ricardo has developed an approach to review the performance and
operating profile of a wide range of candidate HEV configurations without the need for
a detailed control system to be developed as part of the assessment. This allows con-
sideration of what is possible for future powertrains towards achieving the maximum
benefits from electrification and optimisation of the engine.
1 INTRODUCTION
The number of hybrid topologies for consideration in possible future vehicle applications
is vast, which makes defining the development path of engine technology a challenge. To
help inform this decision, Ricardo has developed an Architecture Independent Modelling
(AIM) approach to assess and rank a large number of HEV configurations, and down
select most promising candidates. This approach brings a number of benefits, including
both the speed and quality of the initial decision making process for hybrid vehicle power-
trains. This is critical considering the continuous pressure on right-first-time hardware
specification, and achieving a reduction in physical testing during the concept phase.
This increased agility to deploy the latest technology in an effective manner can help
maintain a competitive product in an evolving marketplace, as well as working towards
the demanding requirements for fuel consumption reduction. The results from AIM stud-
ies so far indicate the great potential in deploying dedicated hybrid engines (DHE) coupled
with a dedicated hybrid transmission (DHT) to maximise the synergies within a hybrid
vehicle.
2 POWERTRAIN DIVERSITY LED BY ELECTRIFICATION
Electrification is creating new opportunities for powertrain system integration, and the
dramatic increase in investment and focus on Battery Electric Vehicles (BEVs) also
brings technology development for the batteries, electric machines and the power
electronics at a much faster rate than the typical lifecycle of engine technology.
The challenge, therefore, is to consider new ways of assessing these interactions and
opportunities such that:
1. Appropriate architectures are selected against targets
2. New opportunities for integration and optimisation are found
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3. Concept selection is done quickly without excessive investment
4. Output can support the next step in analysis or system calibration to reduce
development time and cost.
Figure 1 illustrates a subset of the potential configuration options that may need to be
considered when defining future vehicle powertrain architectures, and considers a scen-
ario where a vehicle and engine platformmay span a number of segments and markets.
3 ARCHITECTURE INDEPENDENT MODELLING APPROACH
Within the Virtual Product Development (VPD) toolbox at Ricardo [1][2], a new
approach to tackling these challenges has been developed. This Architecture Inde-
pendent Modelling (AIM) tool allows a wide range of the HEV options to be reviewed
without a complex control strategy being developed for each case. This not only
enables many options to be considered, but it can be performed quickly and with indi-
vidual tuning of the inputs and variables tailored to a specific scenario. As shown in
Figure 2. Architecture independent modelling for architecture definition.
Figure 1. Example powertrain system options.
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Figure 2 with its position on a V-cycle, AIM is primarily intended for the initial phase of
a development programme within architecture definition.
The purpose of AIM is the evaluation of HEV systems to define how the powertrain can
work together, enabling a comparison of the architectures and components, and iden-
tify the opportunities for optimisation.
The basis of AIM is an energy controller that can determine the most effective
use of the hybrid system over a drive-cycle while maintaining the target battery
State-Of-Charge (SoC). This controller uses DoE techniques to rapidly compare
different operating profiles for the engine, gearbox and E-Machine(s) to find the
optimum for each candidate for comparison. To achieve this, a range of inputs are
required to characterise the system and define boundaries for evaluation including
vehicle specification, engine rating and BSFC maps, motor characteristics and the
target battery size range. Using this information AIM can then assess when to use
the torque assist, generation or Electric Vehicle (EV) modes of the hybrid system
and also which gear to use and the resulting impact on the engine speed and
load.
The cycle optimisation process can consider the most appropriate gear ratio selec-
tion, battery size and E-machine sizes as part of the assessment, along with spe-
cifying a minimum EV range (if applicable) and SoC neutrality. The output from
the model provides a breakdown of the powertrain components’ performance over
the specified driving route, such as fuel consumption, average engine BSFC, E-
machine utilisation, along with the optimised specifications for the system as illus-
trated in Figure 3.
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One of the outputs from an engine perspective is the shift in speed-load residency for
a given HEV architecture. This provides significant insight into how best to further opti-
mise the engine characteristics to suit a particular hybrid system.
4 HYBRIDISATION IMPACT ON ENGINES
With the wide range of possible hybrid architectures, vehicle applications and system
configurations, it is difficult to generalise the potential change to an engine operating
profile, so a specific context is required for an example. One of the most interesting
Figure 3. Illustrative AIM process flow.
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areas is the cost sensitive mass market C-segment that dominates sales volumes
which is increasingly biased towards SUVs.
The key for this segment is to achieve high efficiency along with cost competitiveness
for the powertrain. As the degree of electrification increases, some hybrid cost and
complexity is ideally offset by engine and transmission simplification. For the engine
we can consider the architecture itself, the operating range and the region for effi-
ciency optimisation.
4.1 C-Segment cast study
A mid-specification C-segment HEV for 2025 is considered for the case study with a
target specification as shown in Table 1. A non-hybrid platform is used for refer-
ence with the same vehicle attributes and engine to highlight the impact from
hybridisation.
To demonstrate how the opportunities for engine optimisation can be identified using
AIM, a small range of vehicle architectures have been selected for the case study as
shown in Figure 4. This includes a single E-Machine P3 layout, and two E-Machine
power-split type arrangement that enables parallel and series modes to be utilised.
For each of these cases the number of gears was also varied to understand if a reduc-
tion could be considered.
Table 1. Vehicle specification.
Unit Value
Vehicle type - C-segment HEV
Vehicle mass kg 1320
ICE power kW 80
E-machine power kW 40
Battery capacity kWh 1.5
System voltage V 400
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The key area of interest for the engine is how different technology packages and tailor-
ing of efficiency and operating areas can be combined with the hybrid system to
deliver the optimum package. Therefore a number of options have been considered, a
wide-range, stoichiometric TGDI VGT engine is compared with a narrower range FGT
engine, and finally a high-efficiency Dedicated Hybrid Engine (DHE) with a summary
of details in Table 2.
The characteristics of these engine types are represented through the torque curves and
BSFC maps as shown in Figure 5. The VGTvariant has the widest operating area and low
Figure 4. Vehicle architectures used in the case study.
Table 2. Engine specifications.
Wide VGT Narrow FGT DHE
Peak power speed [rev/min] 5000 5000 4750
Peak torque min. speed [rev/min] 1500 3000 3000
Capacity [litres] 1.5 1.5 1.5
Cylinders 4 4 3
Bore-to-stroke (B/S) ratio 0.87 0.87 0.75
Compression ratio 12.5 12.5 15
Balancer No No No
Turbocharger VGT FGT High Eff FGT
Fuel pressure [bar] 350 350 350
Variable valvetrain Dual VVT Dual VVT Dual VVT
Miller Cycle EIVC EIVC EIVC
LP cooled EGR No No Option
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BSFC zone, whereas the FGT engine assumes a reduced operating range and low BSFC
area. The DHE combines the lower torque curve with a lower absolute level of BSFC
achieved but over a reduced area. This is intended to be exploited by the HEV by means
of altering the engine operating profile towards this area. On each of the baseline maps
the operating area for a non-hybrid vehicle over a WLTP is plotted for reference.
Figure 5. BSFC contour plot for conventional engine VGT, FGT and DHE with
WLTP residency overlay in non-hybrid vehicle.
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For this case study the battery and E-machine sizes and characteristics are held con-
stant, but for other AIM studies they can be included as optimisation variables. The
subset of variables considered for the study is summarised in Figure 6.
4.2 AIM analysis
With the inputs prepared, each candidate was run over WLTC and RDE cycles using the
AIM DoE methodology. This optimisation process finds the best approach for using the
engine, transmission and hybrid systems over the cycles to judge operating profiles
and residencies. This can then be used to compare the candidates and understand the
implications for engine optimisation.
A selection of the AIM cycle results are plotted in Figure 7 below to compare the candidate
performance over WLTC and RDE-Urban phase, showing a clear differentiation for the
hybrid cases as expected. It can also be seen that a distinct number of DHE candidates
achieve a significantly lower WLTP fuel consumption, which will be explored in more
detail.
Figure 6. Elements considered in case study.
Figure 7. Selection of results from AIM analysis comparing performance of
the different engine types over WLTP and RDE cycles.
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Using the data generated by AIM we can determine what factors are critical to optimis-
ing performance, and below a subset of the results are used to establish the inter-
action between the hybrid system and engine operation.
As shown in Figure 8, the DHE used in a non-hybrid application does not offer an
advantage as the high efficiency zone is not utilised by the standard 6 speed gearbox.
Looking at the baseline wide map VGT compared with the higher efficiency DHE, we
can also see that increasing hybrid system integration improves the overall CO2 reduc-
tion, and also the incremental benefit of the DHE.
CO2 reduction for the HEVs is achieved through a combination of the regenerative
braking energy and utilisation by the E-machine, along with the shift in operating
range of the engine. This shift depends on the flexibility of the hybrid architecture, and
the 2 E-machine DHT layout offers this to a greater degree. In Figure 9 the improved
average BSFC values for the engine over the cycle are shown.
Figure 8. WLTP cycle CO2 comparison.
Figure 9. Comparison of average BSFC for different operating profiles.
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The activity of the hybrid system can be summarised by the percentage use of the E-
Machine to propel the vehicle. With the baseline at 0, we can see in Figure 10 an
increasing use as the hybrid system capability increases. It is also notable that the
DHE case records higher E-Machine activity, and this is due to the improved trade-off
for using the electrical system and associated losses to shift the engine operating
region to the peak efficiency zone.
Looking more closely at the engine operating residency over the WLTP for the DHE
case in Figure 11, it is clear how the AIM optimised output has shifted towards the low
BSFC zone. This is a critical consideration for combining a highly integrated hybrid
powertrain.
Figure 10. Comparison of E-Machine activity over the cycle.
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Figure 11. WLTP engine operating profile for different hybrid architectures.
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4.3 The benefit of aim in helping define future engines
The case study has shown how a DHE and DHTcan be combined to maximise the bene-
fit of a hybrid powertrain technologies. Without looking at full system optimisation,
the cost impact of electrification for a C-segment vehicle can become less attractive.
To quantify this benefit on a cost basis an example CO2 walk in Figure 12 shows how
this synergistic approach derived from the AIM analysis can improve this trade-off.
Using AIM guidance, Ricardo have designed a dedicated hybrid engine (DHE) family to
meet an electrified passenger-car platform range. This family is based around a 1.5
litre capacity and three-cylinder architecture. The prime variants are turbocharged in
order to provide modularity with different power output levels, and for higher BTE
potential EGR and lean burn variants are considered. A naturally-aspirated (NA) vari-
ant has also been developed for lower cost, lower power applications where greater
battery capacity balances lower ICE efficiency.
The combustion system is based on increased compression ratio, Miller cycle EIVC
operation with a direct-injection fuel system, and further features are shown in
Figure 13.
Figure 12. Engine and electrification cost benefit walk.
Figure 13. Dedicated hybrid engine (DHE) overview.
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It is clear that the opportunity to re-optimise an engine will depend on the hybrid
system, but Ricardo see a number of key areas for particular focus. Series-hybrid and
range-extender applications provide a further opportunity to tune a dedicated engine
concept towards the extremes of efficiency or low cost.
High-Efficiency Combustion System – Ricardo has pursued long stroke and high
compression ratio combustion systems with early intake-valve closing for a number of
years [3-6], in order to achieve a step change in thermodynamic efficiency.
Reduced Engine Speed Range – Base engine architecture and overall system opti-
misation can benefit from the engine speed reduction that is enabled by hybrid
augmentation.
Low-Speed Torque Reduction – Further benefits of base engine architecture, with
potential for 3-cylinder engine balancer deletion and air system optimisation.
Lower-Cost Optimised Turbocharger – The reduced low-speed torque and speed
range allows consideration of a re-optimised air path for the revised flow and pres-
sures ratios, and in particular a turbocharger with higher efficiency over a smaller map
range.
FEAD Deletion – Higher efficiency on-demand electric ancillaries will be an integral
part of enhanced powertrain systems, providing flexible control for engine off/re-start
conditions. This can enable a range of further benefits for simplification of the base
engine with enhanced encapsulation and thermal performance.
5 CONCLUSIONS AND FUTURE OUTLOOK
The rapid growth in powertrain electrification and increasingly complex architecture
options provide both challenges and opportunities. It remains critical that system
selection and optimisation considers the most cost-effective path to achieve the max-
imum benefits. This requires a concept selection phase that can quickly consider a
wide range of options before the detailed design optimisation takes place. Ricardo
have developed the Architecture Independent Modelling approach to support these
steps, and the example presented shows how a range of engine specific enhance-
ments can be considered with the following outcomes highlighted:
• Different HEV architectures impact the engine operating profile in different
ways
• Understanding the overall system interaction is important for the initial
phase of concept definition and engine specification
• Defining an engine that complements the operating profile of a HEV enables
improved fuel consumption benefits for lower cost
• Architecture Independent modelling enables these trade-offs to be evaluated
quickly and effectively to support decision making and architecture down-
selection
• A mass market C-segment HEV should incorporate an engine derivative spe-
cifically for the architecture to maximise the system synergies and benefits
• Ricardo have devised a modular approach to enable a base engine to span a
wide range of applications and hybrid types
There are many attributes to consider for Hybrid Electric Vehicles, but the opportunity
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ABSTRACT
Vehicle manufacturers are facing increasing pressure by legislation and economics to
reduce vehicle emissions and deliver improved fuel economy. By 2025 significant
reductions in tailpipe carbon dioxide (CO2) emissions will need to be achieved to
meet these requirements, increasing the interest in hybrid and electric vehicle
technologies.
Building on previous research projects, focused on the design of a dedicated
range extender (REx), heavily downsized internal combustion engines and pre-
chamber combustion system developments, MAHLE Powertrain propose a pos-
sible hybrid technology pathway for powertrains optimised for the future global
automotive market targeted to meet emissions and CO2 targets for 2030 and
beyond.
1 INTRODUCTION
Vehicle manufacturers are facing increasing pressure by legislation and economics to
reduce vehicle emissions and deliver improved fuel economy. By 2025 significant
reductions in carbon dioxide (CO2) emissions will need to be achieved to meet these
requirements whilst at the same time satisfying the more stringent forthcoming Euro7
emissions regulations. Since September 2017 Real Driving Emissions (RDE) testing
has been adopted as part of the regulatory approval regime (1) to ensure a correlation
between emissions in real world driving conditions and those achieved under con-
trolled laboratory test conditions. With the introduction of RDE testing the engine
operating region that is under scrutiny during compliance testing has significantly
increased. Furthermore, manufacturers may be required to disclose their engine base
emissions strategy (BES) and any auxiliary emissions strategy (AES), which may pre-
clude the use of fuel enrichment for component protection in future engines (2). These
combined demands increase the focus on the emissions performance of engines over
their entire operating map.
Because battery electric vehicles (BEVs) do not generate local pollutants during
usage, and they can potentially rely on energy provided by a selection of renewable
sources, they are the focus of much current interest. However, due to the present limi-
tations of battery technology (in terms of size, weight and cost) the overall range of
such a vehicle is limited in comparison to an equivalent gasoline or diesel fuelled
vehicle. An additional consideration is the embedded CO2 content of large battery
packs and their recyclability.
Plug-in hybrid electric vehicles (PHEVs) partly overcome the limitations of current
battery technology by retaining an internal combustion engine (ICE). The engine can
directly provide motive power when the battery is depleted. Furthermore, once the
vehicle has significant electric drive capability, it is possible to remove any dynamic
loading from the engine, and allow it to operate in a much more steady-load manner,
where the target is to maintain battery state of charge (SOC) once the battery has
become depleted. Range extended electric vehicles (REEVs), have a REx unit that
converts a fuel, such as gasoline, into electrical energy whilst the vehicle is driving,
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without a mechanical link to the vehicle wheels (series hybrid). This enables the trac-
tion battery storage capacity to be reduced, though still maintaining an acceptable
vehicle driving range. MAHLE has developed a dedicated REx engine to identify the
requirements and challenges faced in the development of components for such
future engines (3).
Gasoline engine downsizing is also an effective technology for CO2 reduction and is the
process whereby the engine operating load point is shifted to a higher, more efficient
region, through the reduction of engine swept volume, whilst maintaining the full load
performance of the original engine through pressure charging. Further improvements
in fuel economy are possible through increased levels of downsizing (4). However, as
specific output increases so too do the technical challenges, which include abnormal
combustion (pre-ignition and detonation), low speed torque, transient response and
durability.
1.1 MAHLE downsizing engine
In order to conduct research into the requirements for advanced downsizing engines
and their components, MAHLE developed a demonstrator engine. The resulting heavily
downsized engine was a direct injection, 1.2 litre, 3-cylinder inline, turbocharged, gas-
oline engine (referred to colloquially as the MAHLE Di3). The original version of the Di3
engine achieved a peak brake mean effective pressure (BMEP) of 30 bar, and a peak
power output of 120 kW (100 kW/litre) (5-7).
In order to explore the limits of the benefits achievable through engine downsizing,
further developments of this engine, including the addition of an electric super-
charger, enabled the specific brake mean effective pressure of the engine to be
increased to 35 bar BMEP and the specific power increased to 193 kW (161 kW/
litre) (8). This engine was then fitted into a C-segment demonstrator, replacing the
standard 2.0 litre turbocharged gasoline direct injection (GDI) engine. The result-
ing vehicle demonstrated a 15 % reduction in fuel consumption over the NEDC,
purely due to downsizing (9). Analysis has been undertaken to determine the
boosting and exhaust gas recirculation (EGR) system layout required to achieve
similar levels of specific torque and power output whilst maintaining lambda=1
operation across the entire engine operating map (10). Further benefits from the
48 V mild-hybrid system are possible, and with the right level of recuperation this
could be as much as a further 15 % (11).
MAHLE Powertrain has also been engaged in the development of an industrialised ver-
sion of the original downsizing engine, shown in Figure 1. Two 3-cylinder engine vari-
ants, based on the original version of the Di3 engine, have been developed with
capacities of 1.2 and 1.5 litres, sharing maximum commonality (12). The advanced
combustion system is combined with a low-friction base engine design and optimized
thermal management which combined enables the engines to be capable of delivering
competitive real-world economy, the 1.5 litre version achieves a peak brake thermal
efficiency (BTE) figure of 36.7 %.
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1.2 MAHLE Jet Ignition (MJI®)
MAHLE Powertrain has been developing the MAHLE Jet Ignition® (MJI) technology for
more than 10 years including the development of pre-chambers with both active and
passive configurations (13-15). The active system contains both a small spark plug
and a low-flow direct injection (DI) fuel injector within the pre-chamber, whereas the
passive system, developed initially for motorsport applications, dispenses with the
pre-chamber mounted injector and is fuelled by drawing its charge from the main
chamber during the compression stroke.
The Active MJI system, depicted in Figure 2, enables reduced fuel consumption
and CO2 through lean gasoline operation. Traditionally this has necessitated
more complex and expensive after-treatment system to cope with increased NOx
emissions. The Active MJI pre-chamber has the potential to overcome this by
pushing beyond established lean limits of combustion to the region beyond
Lambda 1.5 where the air dilution is sufficiently extreme to maintain lower gas
temperatures throughout the operating cycle, this being less favourable to NOx
formation. The Passive MJI system has been developed for applications operating
under stoichiometric conditions, relying on EGR to dilute the charge for
enhanced efficiency.
Both the active and passive MJI systems use a very small auxiliary pre-chamber
which, once ignited, discharges fast-moving, super-heated jets through a multi-
orifice nozzle into the main combustion chamber. This chamber design achieves
lower crevice volume and heat loss by virtue of its ultra-compact size combined
with small nozzle diameters that promote a high degree of flame quenching,
allowing the jets to penetrate deep into the main chamber before igniting the
charge.
Most recently MJI has been applied to the Di3 engine. Early results from fired
tests show stable combustion even under ultra-lean conditions, over a wide
range and the capability to operate at Lambda in excess of 1.8, at part-load nat-
urally aspirated conditions, when using active MJI. The passive MJI system has
Figure 1. Industrialised 3-cylinder downsizing engine (12).
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enabled operation at elevated compression ratios, with increased EGR tolerance
resulting in excellent BTE figures achieved even when reverting to port fuel
injection (PFI), which will be discussed in greater detail later.
2 FUTURE HYBRID POWERTRAIN REQUIREMENTS
The present study examines the powertrain requirements to meet the needs of pas-
senger cars in the 2030 timeframe, and beyond. Drawing on, and combining, the
experience gained through the development of the REx and Downsizing demonstrator
engines, with the addition of the stoichiometric MJI system, a future high-voltage
hybrid electric vehicle powertrain architecture is proposed which has been targeted to
meet anticipated future legislative requirements.
Figure 3 shows the manufacturers’ fleet average tail-pipe CO2 targets for the EU.
This is based on an average European vehicle with a kerb mass of 1400 kg. The
current target of 130 g/km can be readily met using current conventional ICE tech-
nologies. The first point, labelled (1) and shown in Figure 3, for 2019, represents
the CO2 figure achievable for a compact crossover SUV (1400 kg kerb mass),
using the 1.5 litre productionised version of the Di3 engine. Beyond 2021 the indi-
vidual vehicle CO2 limits are extremely challenging without a significant degree of
hybridisation. The second point in Figure 3, labelled (2) and aligned with 2020,
represents the compact crossover SUV using the same ICE technology, but with
the addition of a ~15 kW capable 48 V mild-hybrid system. This enables the 2021
limit to be achieved.
Figure 2. Section through a cylinder head showing a typical active MJI®
system installation (15).
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However, the 2030 limit is only achievable with a significant degree of plug-in
hybrid capability (as per point 3 in Figure 3), to enable the vehicle to be eligible
to apply CO2 weighting factors based on pure electric driving capability, as speci-
fied in UN/ECE Regulation 101 (16). This regulation enables a vehicle with pure
electric driving capability to apply a scaling factor to the measured drive-cycle
charge sustaining CO2, based on the pure electric driving range over the cycle.
The weighting factor for plug-in hybrid vehicles tested using the recently intro-
duced world light-duty test procedure (WTLP) shows a similar trend. These
weighting factors are based on statistical data for typical daily driving distances
and are founded on the assumption that the user will recharge their vehicle every
night, thus the weighting factor adjusts the measured tail-pipe CO2 to allow for
the fuel use displaced by pure electric driving.
In reality, manufactures will achieve their fleet CO2 obligations via the sale of a
variety of vehicles featuring a range of technologies including conventional ICE,
mild-hybrids, plug-in hybrids and full battery electric vehicles. The key factor then
is to sell a sufficient percentage of the low emitting models to achieve the
required fleet averaged CO2 level to meet the targets. Increasing the size of the
battery of a PHEV enables the electric driving range to be increased, yielding a
more favourable CO2 tail-pipe weighting factor, and hence a lower vehicle CO2
rating.
Currently vehicles are assessed on a tailpipe CO2 emissions basis, and not on a
total life cycle CO2 equivalent basis. In future the total life cycle impact of the
vehicle may come under scrutiny, and it is important (from an environmental, as
well as legislative, perspective) that we consider the total life cycle impact of a
Figure 3. Fleet average CO2 targets, along with examples of the anticipated
CO2 levels that a 1400 kg compact crossover SUV might achieve with various
powertrain technologies.
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vehicle – otherwise it is very difficult to compare ICE, PHEV and BEVs on an even
basis. Of particular note with a BEV or PHEV is the equivalent CO2 impact of the bat-
tery generated during its production. It can be shown, based on current battery
technology and UK grid carbon intensity, that there is a minima in life cycle equiva-
lent CO2 for PHEVs when they have an electric range of around 100 km (17). This
arises due to the embedded CO2 in a larger battery outweighing the marginal bene-
fit of the additional electric driving range, which is only used for exceptional jour-
neys. Furthermore the life cycle equivalent CO2 of a PHEV with this size of battery
roughly equates to that of a pure BEV with a 200 km driving range (BEVs with a
greater range having a worse life cycle impact, again due to the embedded CO2
from the battery pack production).
2.1 Plug-in hybridisation
Beyond 2030, plug-in hybridisation, with a significant electric driving range cap-
ability to achieve a favourable tail-pipe weighting factor, will be a key technology
enabler to achieving fleet CO2 targets. Once the vehicle has significant electric
drive capability, there are other benefits that can be leveraged to improve the
efficiency and emissions performance of the ICE. Firstly it is possible to remove
any dynamic loading from the engine, enabling it to operate in a much more
steady-load manner, approaching the operation seen for range extender units,
where the target is to maintain battery SOC once the battery has become
depleted.
Once the electric drive system is capable enough to remove the entire dynamic
load requirement from the engine, the engine needs only to be sized to simply
maintain battery state of charge during use. Secondly, the removal of the require-
ment for the engine to respond instantaneously to driver demand, as this is han-
dled via the electric drive unit, means that the engine can be optimised for a
narrower operating range, removing the need for much of the complexity encoun-
tered on prime-mover ICEs. A final benefit of this type of architecture is that it
can be ensured that the ICE is not subjected to any significant loading until the
exhaust after-treatment has attained the temperature required for good conver-
sion efficiency. This attribute is especially beneficial when considering the recent
addition of real-driving emissions (RDE) testing to vehicle certification, whereby
the vehicle could encounter full-load driver demand from a cold soaked starting
condition.
3 MAHLE MODULAR HYBRID POWERTRAIN
The MAHLE Modular Hybrid Powertrain (MMHP) has been developed to meet the
legislative requirements for passenger cars in the 2030 timeframe, and beyond.
The powertrain layout has been guided using experience gained during the devel-
opment of the MAHLE REx and Downsizing demonstrator engines. The powertrain
also benefits from the most recent advances made with the passive MJI® system
with stoichiometric operation combined with EGR.
3.1 Driveline architecture
The dual mode hybrid arrangement has been selected for the MMHP. It combines
the best features of the series and parallel arrangements. A schematic of the archi-
tecture selected is shown in Figure 4. The MMHP has been based around a high-volt-
age PHEV architecture, with a dedicated hybrid internal combustion engine
(DHICE) integrated with a dual-mode hybrid electric drive, which features two elec-
80
tric machines. The traction motor provides full vehicle dynamic performance and
vehicle maximum speed without assistance from the DHICE. This enables improved
emissions and reduced after treatment complexity by avoiding any requirement for
the DHICE to ever perform a cold start at a high power demand, which has been
identified as a challenge with PHEV systems that rely on ICE power for full vehicle
dynamic performance capability (18). Additionally, the direct drive arrangement
enables seamless torque delivery, enabling the use of a simple automated manual
transmission. The design of the unit has targeted reduced cost, complexity, pack-
age size and weight compared to current hybrid powertrains. The system is also
specified to deliver very low drive-cycle CO2 figures whilst also offering very low
real world life-cycle CO2.
When battery SOC is high, the vehicle can operate as a pure BEV. Once the battery is
depleted, the system can operate as a series hybrid at low vehicle speeds, having the
NVH and operating flexibility that this arrangement offers. At higher vehicle speeds
the engine can be connected directly the wheels, via a gearbox, with a number of
ratios enabling some flexibility in engine operating speed. The traction motor is dir-
ectly connected to the wheels, thus there is seamless torque delivery, even during a
gear-shift event. The draw-backs of this arrangement are that it combines the com-
plexities of both the series and parallel architectures by requiring two electric
machines in addition to a multi-speed transmission (albeit with a low ratio count).
3.2 Vehicle performance targets and system power requirements
For this study, the target vehicle application is a compact crossover SUV. In order to
determine the power requirements of the various components within the hybrid drive-
line (engine, generator and traction motor) a number of vehicle performance targets
have been set. The dynamic performance of the vehicle determines the power require-
ments for the traction motor (MG2 in Figure 4). The generator (MG1 in Figure 4) sizing
is determined by the minimum operating speed of the engine and the transmission
ratios selected. The generator must be powerful enough to enable battery SOC to be
maintained under all conditions until the vehicle is travelling fast enough to enable the
system to switch into parallel hybrid mode. Finally, the engine maximum power and
the transmission ratios required can be determined by the maximum speed that the
vehicle should be able to maintain battery SOC whilst cruising, which also needs to
cover hill-climbing and towing scenarios. The vehicle performance targets, used to
determine the powertrain requirements, are summarised in Table 1. Trailer towing and
hill-climb analysis was conducted at gross vehicle weight (GVW).
Figure 4. Dual-mode hybrid drive-line architecture of the MMHP.
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The performance targets summarised in Table 1 can be used to determine the power-
train component performances required. The high-voltage system components oper-
ate on a nominal system voltage of 400 V. The traction motor is water cooled and
features a novel stator winding cooling system, which enables the motor to achieve a
very high continuous power rating from an extremely compact package size. The trac-
tion motor selected for this application has a peak power rating of 157 kW and a con-
tinuous rating of 127 kW. The series-hybrid generator unit is capable of operating at a
continuous power rating of 20 kW. Finally, the ICE power requirement to meet the
charge sustaining operation was determined to be 60 kW. Table 2 summarises the
power capability of the components comprising the hybrid powertrain.
3.3 Dedicated hybrid internal combustion engine
The specifications for the DHICE, which is integral to the MMHP, are summarised in
Table 3 and have been devised to achieve greatest efficiency, with a low cost architec-
ture and compact package size. The power output target based on vehicle require-
ments is 60 kW and it was also decided that the maximum engine operating speed
should be limited to 4000 rev/min. This was based on experience from the REx engine,
where the operation of the engine could be effectively masked by vehicle aerodynamic
and tyre noise, if the engine was operated below this speed (16). A two-cylinder
layout was chosen to minimise the engine package volume (and reduce part count and
weight). A parallel twin, even-firing configuration with contra-rotating balancer shaft
layout has been adopted, to minimise vibration and reduce the torque recoil about the
crank centre line arising due to cyclic speed fluctuations.
Table 1. Performance targets set for the compact crossover
SUV with the MMHP.
Parameter Units Target
Acceleration time (0-100 km/h) (s) <9.0
Maximum vehicle speed (km/h) >180
Charge sustaining speed (level road) (km/h) >130
Charge sustaining with 1000 kg trailer (6% grade) (km/h) 80
Pure electric driving range (WLTP) (km) >80
Charge sustaining fuel consumption (WLTP) (litres/100 km) 5.5
Weighted WLTP CO2 (g/km) <18
Table 2. System parameters selected for the compact crossover
SUV with the MMHP.
Parameter Units Value
System nominal voltage (V) 400
Traction motor power (peak/continuous) (kW) 157/127
Series hybrid generator power (peak/continuous) (kW) 40/20
DHICE peak power (kW) 60
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The combustion system is based around the passive MJI system, with PFI fuelling, and
the engine features 2 valves per cylinder with fixed valve event timing to reduce cost. To
maximise the operating efficiency, the engine has a high degree of Miller-cycle operation
and a high geometric compression ratio (CR). The engine operates with a single, fixed
geometry turbocharger, using an electrically controlled waste-gate actuator. To enable
further efficiency gains an external, cooled, exhaust gas recirculation (EGR) system is
also used. The engine has a displacement of 1.0 litres, and the power and maximum
speed requirements necessitate that the engine achieves a peak BMEP of 18 bar.
3.4 Transmission specification
The driveline architecture of the MMHP was shown schematically in Figure 4. The high-
voltage traction motor directly drives the wheels via the differential (in a P3 location,
labelled MG2 in Figure 4). There is also a high-voltage, liquid-cooled, generator mounted
directly on the engine crankshaft, in the location of a conventional engine flywheel (in a
P1 location, labelled MG1 in Figure 4). The inverters for the traction motor and generator
are integrated into the housing of the respective devices. The transmission input shaft is
also directly engaged with the generator. To save cost, weight and package space, there
is no clutch within the system. This is not required as the DHICE is not used for vehicle
pull away. The engine is decoupled from the driveline, for pure-electric or series-hybrid
operation, by selecting neutral in the simple automated manual transmission unit.
The transmission design uses cylindrical helical gears to provide a cost optimised solu-
tion and can be tailored to have 1, 2 or 4 ratios depending upon application require-
ments. The architecture has been designed to enable all variants, irrespective of
number of ratios, to use common ratios and main transmission casing. The ratio
options selected for the transmission are summarised in Table 4.
Table 3. MMHP DHICE Specification.
Parameter Units Value
Swept volume (litres) 1.0
Number of cylinders (-) 2
Bore/Stroke (mm) 83/92.4
Peak power (kW) 60
Operating speed range (rev/min) 1500 – 4000
Maximum BMEP (bar) 18
Maximum BTE (%) >40
Table 4. MMHP transmission specification.
Parameter Value
1 speed transmission ratio 3.91 : 1
2 speed transmission ratios 6.31 / 3.91 : 1
4 speed transmission ratios 6.31 / 4.93 / 3.91 / 3.19 : 1
Traction drive ratio 16.45 : 1
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The transmission ratios have been selected to enable the DHICE to be operated in
direct drive mode over a wide range of vehicle speeds. Figure 5 shows road load
curves for the 1400 kg compact crossover SUV operating on both a level road and a 6
% grade. The influence of a 1000 kg trailer and a caravan (1000 kg trailer with a large
frontal area) on the road load of the vehicle is also shown in Figure 5. The engine trac-
tive wheel force, for the DHICE in each of the 4 transmission ratios listed in Table 4,
are also shown in Figure 5.
For some applications a single gear ratio (3rd gear, 3.91:1) could enable the majority
of the vehicle performance targets to be met, such as charge sustain cruising in
direct drive mode at up to 130 km/h on a level road and 80 km/h on a 6% grade.
However, to enable charge sustaining operation whilst towing on a gradient, an add-
itional lower ratio (1st gear, 6.31:1) would also be needed to enable the DHICE to be
engaged at higher wheel torque levels (to effectively achieve a higher power level at
a lower vehicle speed). If higher charge sustaining vehicle speeds are required an
additional higher ratio can be added to the transmission (4th, 3.19:1), which will
enable 160 km/h to be achieved with the DHICE still directly coupled to the wheels.
The ratios are paired within the transmission, thus the addition of the higher ratio
enables the 2nd gear ratio to be added to the transmission, which enhances the level
of engine power assistance that can be achieved at a vehicle speed between 80 to
105 km/h.
The transmission is configured as two sets of two ratios with a neutral position
between each of the ratios. In the 4-speed version, when the DHICE is in direct drive
mode, one set of gears will be in neutral, whilst the other is in the selected drive ratio.
This layout means that even for the simple sequential layout used, the transmission is
only one shift away from neutral in any condition. The 4-speed transmission requires
two electrically actuated worm-drive rotary shift barrels, and is capable of non-
sequential gear selection. The 2-speed transmission only requires a single electrically
controlled actuator. The transmission unit is shown in Figure 6, where a comparison of
both the 4-speed and 2-speed units is shown and the common main transmission
casing can be clearly seen.
Figure 5. Road load and cascade diagram for the 1400 kg compact crossover
SUV with a 4-speed version of the MMHP.
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3.5 Fully integrated unit
The complete integrated hybrid unit has been designed to be as compact as possible.
Figure 7 shows views of the MMHP unit with the 2-speed transmission, and includes
the transmission, engine, generator, traction motor and the inverters for the motor
and generator. Due to the compact two-cylinder engine layout, the total width of the
unit (ignoring the exhaust after treatment system, which would be designed to suit a
particular vehicle application) is only 721.5 mm (762.2 mm for the 4-speed variant),
which is a crucial dimension when considering a transverse vehicle installation. Simi-
larly the total mass of the unit has also been kept as low as possible and is 180 kg for
the 2-speed variant and 191 kg for the 4-speed variant (this includes engine, trans-
mission, generator, traction motor and both inverters).
Figure 7. Overall dimensions of the 2-speed version of the MMHP.
Figure 6. 4-speed and 2-speed versions of the transmission for the MMHP.
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4 MULE ENGINE TEST RESULTS
Initial validation of the combined use of passive MJI system, high geometric compres-
sion ratio and a high degree of Miller-cycle operation has been conducted using a ver-
sion of the Di3 engine with a cylinder head that has been adapted for MJI operation.
Figure 8 shows a comparison of the combustion events, at the target peak power oper-
ating point of 4000 rev/min at an engine load of 18 bar BMEP, between the passive MJI
system and a conventional central spark plug (CSP). The pre-chamber combustion
event can clearly be seen in the pre-chamber pressure trace just prior to top-dead-
centre firing (0° crank angle). This in-turn initiates the rapid combustion in the main
chamber. Table 5 summarises some of the key combustion metrics for the two cases.
At this test condition the 10 to 90 % burn duration is reduced by 40 %, from 25.9 °CA
to 15.4 °CA, through use of MJI which then enables the combustion phasing to be
advanced by almost 9° CA before the onset of knock. As a consequence of the faster
and more advanced combustion, higher levels of maximum cylinder pressure and the
maximum rate of pressure rise are seen. The MJI system provides an improvement in
combustion stability at this operating condition, with an improvement in the CovNMEP
of 2.54 % down to 0.85 %.
Using the Di3 engine, adapted for passive MJI, operating with a very high geometric com-
pression ratio (the same as that intended for the DHICE of the MMHP) in conjunction with
a PFI system, Miller-cycle intake camshaft (140 °CA duration at 1 mm lift), and an exter-
nally cooled EGR system, a whole operating map for the DHICE was generated. This is
shown in Figure 9.
Figure 8. Comparison of passive MJI combustion to a conventional central
spark plug at 4000 rev/min and 18 bar BMEP.
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The initial status map shown in Figure 9 gives a promising indication of the poten-
tial of the combustion system to achieve the challenging BTE targets. This testing
demonstrated that a maximum BTE level of over 40 % is achievable at an engine
speed of 3000 rev/min and a load of 14 bar BMEP as well as a wide area of oper-
ation above a BTE of 35%. The 20 kW continuous operating line of the series
hybrid generator is shown for reference. The current maximum BTE value that
has been achieved is limited by the boosting system fitted to the engine. Further
optimisation of the boosting system is expected to enable higher rates of external
EGR to be delivered, which are in turn anticipated to yield further improvement in
BTE. Figure 10 shows the results of an EGR sweep at the highest efficiency oper-
ating point.
Figure 10 shows the BTE improvement that can be made through the addition of
EGR. Approximately 13 % is the maximum amount of external EGR that can be pro-
vided to the engine at this operating point, with the current boosting system, using
the optimum phasing for the Miller-cycle inlet cam. At this level of EGR the combus-
tion stability is well below the typical limit of 3 % COV NMEP and the 10-90 % burn
duration, whilst slowed by the addition of EGR, is still significantly faster than that
Table 5. Comparison of combustion metrics at 4000 rev/min and 18 bar
BMEP between MJI and CSP (results without EGR).
Parameter Units MJI CSP
Combustion Phasing (50% Mass Fraction Burned) °ATDFC 8.6 17.4
Burn Duration (10-90%) °CA 15.4 25.9
Maximum Cylinder Pressure bar 90.9 71.2
Maximum Rate of Pressure Rise bar/°CA 5.2 1.98
Combustion Stability - Coefficient of variance of
NMEP (CovNMEP)
% 0.85 2.54
Figure 9. DHICE brake thermal efficiency map based on mule engine testing.
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achieved by a CSP without any EGR. An additional benefit of the addition of EGR and
the associated slowing of the burn duration is the reduction in the maximum rate of
pressure rise.
Testing is currently underway, targeting >41% BTE through the re-optimisation of the
boosting and EGR systems. The Di3 engine used for this testing is a research engine
that has been shown to be capable of operating reliably at up to 35 bar BMEP and 160
kW/l (11), further benefits would be expected for a DHICE due to the lower friction
anticipated for this, simplified, lower output engine.
A challenge for developing pre-chamber based combustion systems is to achieve
stable operation over a wide range of operating conditions, especially under low load
conditions or with delayed combustion phasing as typically employed during the cold
start catalyst heating phase of operation. Figure 11 shows a comparison of the results
from a steady-state chilled fluids (25 °C oil and coolant) spark-retard test used to
assess catalyst heating capability, for the Di3 engine with a conventional CSP against
our initial passive pre-chamber concept and the developed solution. The developed
MJI pre-chamber concept is the same design as used to generate the data presented
in Figures 9 and 10.
With the initial pre-chamber design the combustion stability degraded rapidly once the
combustion phasing was retarded beyond 20° ATDCF, significantly less than the 70°
ATDCF phasing attained by the CSP. This degradation was caused by the onset of spor-
adic poor combustion events or misfires within the pre-chamber which leads to poor,
or no, jet formation and the subsequently very poor combustion, or even total misfire,
in the main chamber.
Figure 10. 3000 rev/min and 14 bar BMEP EGR sweep.
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With the developed MJI pre-chamber it was possible to eliminate these sporadic poor
combustion events within the pre-chamber enabling the combustion phasing to be
retarded to 70 °ATDCF matching the capability of the CSP at a very similar and accept-
able level of combustion stability. As can be seen in Figure 11, the combustion stability
throughout the spark sweep is significantly better with the phasing retarded up to 60 °
ATDCF. Figure 11 also shows the catalyst inlet heat flux (specific heating power) avail-
able to heat the catalyst. The results presented in Figure 11 show that the developed
solution is capable of providing three times the heat flux of the initial design and can
achieve a comparable, or higher, level than the CSP throughout the combustion phas-
ing sweep conducted. The engine out gaseous and particulate emissions measured for
the MJI equipped engine during this test, and also for the whole area operating map
testing, are comparable to those measured with the CSP.
Testing has also been completed to assess the ability of the combustion system under
hot idle conditions. This testing demonstrated the ability to operate with stable com-
bustion below 750 rev/min with adequate spark authority (+/- 10 °CA) for fast idle
speed control and load compensation.
5 CONCLUSIONS
The MMHP has been developed to meet the legislative requirements for passenger
cars in the 2030 timeframe, and beyond. It has been based around a high-voltage
PHEV architecture, with a dedicated hybrid internal combustion engine (DHICE) inte-
grated with a dual-mode hybrid electric drive, featuring two electric machines. The
traction motor provides full vehicle dynamic performance and vehicle maximum speed
without assistance from the DHICE. This enables improved emissions and reduced
after treatment complexity. Additionally, the direct drive arrangement enables seam-
less torque delivery, enabling the use of a simple automated manual transmission.
The design of the unit has targeted reduced cost, complexity, package size and weight
compared to current hybrid powertrains. The concept is scalable across multiple
vehicle applications with, 1, 2 or 4 speed transmission and 2 or 3-cylinder engine
options available.
Results of initial testing, undertaken to validate a pre-chamber combustion concept
proposed for the DHICE, have been presented. The combination of the pre-chamber
based combustion layout, together with high geometric compression ratio, external
Figure 11. 1500 rev/min and 2 bar NMEP chilled fluid spark retard sweep.
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cooled exhaust gas recirculation (EGR) and aggressive Miller-cycle operation enable
extremely high brake thermal efficiency levels, up to <40% BTE, to be achieved with
very modest technology requirements for the engine.
Abbreviations
AES Auxiliary emissions strategy
BES Base emissions strategy
BEV Battery electric vehicle
BMEP Brake mean effective pressure
BTE Brake thermal efficiency
CovNMEP Coefficient of variance of NMEP
CR Compression ratio
CSP Central spark plug
DHICE Dedicated hybrid ICE
Di3 Downsized, inline, 3-cylinder
EGR Exhaust gas recirculation
GDI Gasoline direct injection
GVW Gross vehicle weight
ICE Internal combustion engine
LHV Lower heating value
MG1 Motor-generator 1
MG2 Motor-generator 2
MJI MAHLE Jet Ignition®
MMHP MAHLE modular hybrid powertrain
NEDC new European drive cycle
NMEP Net mean effective pressure
NVH Noise, vibration and harshness
PFI Port fuel injection
PHEV Plug-in hybrid electric vehicle
RDE Real drive emissions
REEV Range extended electric vehicle
REx Range extender
SOC State of charge
SUV Sports utility vehicle
WLTP World-harmonised light-duty test proceedure
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ABSTRACT
In this work, a numerical “quasi-steady” model was developed to simulate the chemical
and transport phenomena of a specific Three-Way Catalyst (TWC) for a natural-gas
heavy-duty engine.
Goal of the present research activity was to investigate the effect of very fast compos-
ition transitions of the engine exhaust typical of real world driving operating conditions,
as fuel cutoff phases or engine misfire, which produce strong deviations from stoichio-
metric in Air-to-Fuel (A/F) ratio and characterize catalytic converter efficiency. In fact,
according to the literature it is confirmed that the catalyst dynamic behavior differs
from the steady-state one due to oxygen storage phenomena.
A dedicated experimental campaign has been performed in order to evaluate the cata-
lyst response to a defined λ variation pattern of the engine exhaust stream, thus provid-
ing the data necessary for the numerical model validation. A surface reactions kinetic
mechanism, concerning CH4, CO, H2 oxidation and NO reduction, has been appropriately
calibrated, with a step-by-step procedure, both in steady-state conditions of the engine
work plan, at different A/F ratios, and during transient conditions, through cyclical and
consecutive transitions of variable frequency between rich and lean phases.
The activity also includes a proper calibration of the reactions involving Cerium inside
the catalyst, in order to reproduce oxygen storage and release dynamics. Sensitivity
analysis and a reactions rate continuous control allowed evaluating the impact of each
of them on the exhaust composition in several operating conditions.
The proposed model predicts tailpipe conversion/formation of the main chemical spe-
cies, starting from experimental engine-out data and provides a useful tool for evalu-
ation of the catalyst performance.
1 INTRODUCTION
Given the need to achieve zero or near-zero emissions in the field of transport and sus-
tainable mobility, the interest in heavy-duty engines powered with CNG is continuously
growing. As a result, the development of reliable and predictive numerical models for
virtual design of these vehicles has become necessary, offering a fundamental contribu-
tion in time to market reduction. This type of activity is placed in an industrial context
that foresees the use of ever faster and more reliable tools in anticipation of multiple
operating conditions through simulations of the entire layout of future powertrains. The
automotive industries are dealing with significant advancements on pollutants control
strategies to comply with always more stringent emissions standard [1]. Especially in
heavy-duty truck and bus engines, NG became more and more attractive as alternative
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fuel in terms of emissions and performance in comparison to traditional fuels, reducing
adverse health effects and social costs of air pollution [2].
For SI stoichiometric CNG engines, the most suitable pollutant abatement system is the
Three-Way catalytic converter (TWC). Similarly to SI gasoline engines, this device per-
mits to control NOx, unburned methane (CH4) and other pollutant emissions (CO,
NMHC). The simultaneous conversion of these species is possible exclusively in a very
tiny range of inlet stream composition around stoichiometric condition [3]. Compared
to gasoline engine, this optimum operating point is further reduced, due to a sudden
drop in NOx conversion efficiency as soon as a slightly lean λ value is achieved and to
a non-complete conversion of THCs both in lean and in rich conditions [4].
Previous studies have widely demonstrated the differences in conversion efficiency
between a steady-state test and a dynamic condition [5,6]. Inside the washcoat there
are some species that have the ability to be oxidized or reduced according to the exhaust
gas composition. The most important of these components is cerium, which is added in
the washcoat as a stabilizer and a medium for oxygen storage component. These effects
have a considerable impact on the lambda value inside the catalyst which must be appro-
priately investigated in order to better manage TWC behavior. Under real world driving
conditions, several deviations of the AFR from the stoichiometric value take place, due to
fuel cutoff phases, engine misfire and response lag of fuel-control system [7].
In this scenario, the numerous tasks and the mentioned working issues typical of this
aftertreatment device have required, since its introduction, a development of math-
ematical models capable of analyzing specific operating conditions.
Modelling approaches are generally categorized as 0D, 1D and 3D, with increasing
accuracy and complexity levels. A zero dimensional approach is solely used for
Steady-State conditions, as only the mean exhaust gas mass flow is considered, thus
reducing the reacting device to an element which performs the chemical conversion
according to kinetic parameters given as input. More complex is the 3D approach,
used when the characterization of flow distribution inside the reactor is required. The
results accuracy is certainly improved because it permits to identify radial diffusion
effects of the flow inside the catalyst; the real limitation is represented by high compu-
tational efforts, which do not allow an investigation in a very wide range of operating
conditions, such as the variables of a dynamic cycle, in time compatible with project
targets. A good compromise is represented by 1D models which allow to simulate
a thermo-fluid dynamic behavior of the whole exhaust system during both Steady-
State and Transient condition with a reduced computational effort [8].
Calibration of the reactions kinetic model inside the catalyst is certainly one of the
most challenging topics. Several studies are available in literature, mostly concerning
traditional gasoline spark ignition (SI) engines [9,10,11].
An interesting modeling approach, based on 104 reaction steps, of a TWC kinetic
scheme with exhaust mixture from natural gas-fueled engines was proposed by Zeng
et al. However, in this study only SS conditions were analyzed, thus Oxygen Storage
phenomena and perturbations in AFR were not considered [12]. Very little information
is available in literature on the specific features of TWC systems applied to natural gas
vehicles. In this respect, an important contribution is provided by Tsinoglou et al.
through a comparison between honeycomb and ceramic foam catalysts [13].
With a favorable ratio between accuracy and calculation time, in the present work
a “quasi-steady” model, equipped with comprehensive oxygen storage and release sub-
models, is setup to analyze the effect of cyclical perturbations in the exhaust gas of a NG
heavy-duty engine on TWC efficiency in different load conditions. Catalyst performances
under fast transient AFR dynamics, from lean to very rich conditions, are investigated.
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2 EXPERIMENTAL LAYOUT AND AFTERTREATMENT
This section is divided in two paragraphs. The first one comprises a description of the
layout, including the CNG 6-cylinder engine, adopted to perform the experimental
activity. In the subsequent paragraph are then illustrated the TWC catalyst aspects for
the numerical modeling.
2.1 NG 6-cylinder engine
The experimental activities were conducted on compression ignition (CI) Heavy Duty
Natural Gas production engine, with a combustion system design compliant with Euro
VI regulations. The PFI NG injectors are fed by a separate NG low pressure line, oper-
ating at a pressure of about 10 barG. The NG consumption is measured by means of
an Emerson Coriolis effect device; the air flow rate is measured by means of an Air
Mass Flow meter. The experimental layout is reported in Figure 1, while Table 1
describes the main characteristics of the engine.
The chemical composition of the adopted fuel is summarized in Table 2.
2.2 Three-way catalytic converter
The catalytic converters used in automotive applications are commonly equipped with
multiple parallel channels of small square or honeycomb cross-section over a large
surface area, in order to obtain a laminar flow field. All pollutant emissions are meas-
ured by AVL i60 devices: THC and CH4 by FID, NOx by CLD, CO, CO2 by IRD, O2 by
PMD, NH3 by LDD.
Table 1. Main features of the natural gas 6-cylidnder engine.




Number of Valves 4
Rated Power 338 kW @ 2000 rpm
Torque 2000 Nm @ 1100-1620 rpm
PFI Injector Natural gas
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3 EXPERIMENTAL TEST
The experimental tests were performed in two ways. For each test the AFR ECU control
is disabled and the AFR is superimposed by means of injection quantity at a fixed air
mass flow. The experimental tests in SS conditions (15 engine operative points) were
carried out with λ sweep from 0.9 to 1.1. However, the real value of AFR can be slightly
different from the value that derives from ECU, taking into account the variable meas-
urement dynamics of the chemical species analyzers and the behavior of the installed
λ sensors.
Several analyses have been carried out in order to identify a reference λ value to
describe discrepancies in exhaust gas composition. In fact, the engine is equipped
with two types of sensors that provide an AFR measurement. The first is the Smart
NOx Sensor (SNS) 120 by Continental™, consisting of a ceramic sensor element made
of zirconia (ZrO2) and an electronic control unit, while the second is the Universal









Carbon Dioxide CO2 1,87%
Helium He 0,07%
Figure 1. Experimental layout.
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Lambda Sensor (ZFAS-U) by NGK™, made of two zirconia (ZrO2) substrate elements,
one is the O2 pumping cell (Ip cell), the other is the O2 detecting cell (Vs cell) heated
by a ceramic heater which is supplied by a very small current. The SNS sensor has
a very rapid response at composition changing and is very precise at stoichiometric
conditions, but suffers of higher errors when the exhaust gas is in rich or lean condi-
tions, due to linear correlation between oxygen concentration of residual gas and AFR.
On the other hand, for the ZFAS-U sensor, very precise at stoichiometric conditions,
even a slight variation in the exhaust gas composition, typical of NG engines, can con-
siderably affect the sensed AFR value, determining oscillating values. For these
reasons it is not reliable in transient operations but remains suitable for SS conditions.
Therefore, the most reliable method to calculate λ for SS conditions was identified as
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where:
The usage of this formula for the λ calculation permits to neglect the mentioned uncer-
tainties linked to data provided by the sensors, as this calculation is directly based on
the species concentrations actually measured at the engine exhaust.
Finally, hydrogen concentration values were estimated: such hypothesis, despite not
significantly affecting λ values, can certainly influence the conversion of pollutants,
especially NOx, and remains one of the points to be explored in further studies.
The experimental tests in dynamic conditions were carried out with–a schematic pat-
tern of the λ target reported in Figure 2. Usually, in the evaluation of the oxygen stor-
age phenomena, and in the characterization of the change of behavior of the catalyst
during the transitions from rich to lean and vice versa, wide duration tests, similar to
stat are used for AFR scan [6] or as an alternative similar conditions are investigated
with the introduction of a synthetic gas [15]. The innovative design of the experiments
provides three consecutive transitions made through an AFR control system that
allows the exploration of the emissions of a real engine during these rather complex
phases. As shown in Figure 2, target value of λ varied between 0.90 in rich conditions
and 1.10 in lean conditions. The maximum duration of a single step was set equal to
10s, as in this timeframe the exhaust gas, reaching a stationary composition, fully oxi-
dizes the cerium contained within the catalyst. On the contrary, the highest achievable
frequency was set at 1 Hz: below this value the catalytic converter cannot follow the
input dynamics, giving rise to an unaffected efficiency with faster oscillations. In fact,
λi is the instantaneous “relative Air to Fuel Ratio”
cCO2d is the dry CO2 concentration, in percentage
cCOd is the dry CO concentration, ppm
cHCw is the wet HC concentration, ppm
α is the molar hydrogen ratio (H/C)
β is the molar carbon ratio (C/C)
γ is the molar sulphur ratio (S/C)
δ is the molar nitrogen ratio (N/C)
ε is the molar oxygen ratio (O/C)
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especially at low engine load, the presence of an empty volume upstream the active
catalytic zone can damp the temporal evolution of the species concentration.
The concentration of the main exhaust gas components was measured before and
after TWC. These values were determined by analyzing a fully dried sample stream for
CO2, CO, O2 and NOx and a fully wet stream with a Flame Ionization Detector (FID) for
unburned hydrocarbons. Based on these experimental data, water concentration was







þ m=2nð Þ ~xCO þ ~xCO2
 h i
In this formula, K is a constant equal to 3,65 while m,n are typical values obtainable
from the global chemical formula CnHmOr representing the employed NG mixture
reported in Table 2, and ~x denotes the dry mole fraction of the species in sub-
script [16].
4 ASSUMPTIONS
The main hypotheses commonly adopted for catalyst 1D models are still valid also for
this application because, as mentioned in the introduction, the TWC “quasi-steady”
mathematical model, here extended to CNG engines, was based on previous validated
works for traditional gasoline engines. Along the catalytic converter changes in potential
and kinetic energy are neglected, as well as heat losses to the surroundings. In order to
analyze the TWC performance when exposed to real concentrations values of the pollu-
tants in the exhaust stream, it is necessary to measure, at the reactor inlet, the exhaust
mass flow rate and temperature. These values are constant in SS tests, while vary
during dynamic λ sweep tests. However, considering that tests are performed at
constant load and at fixed engine speed, the fluctuations are due to the acquisition
dynamics. Constants pressure is assumed along the systems. Radial diffusion is not
considered. Wet concentration of main species present in exhaust gas as CO2, CO, H2O,
NO, NO2, H2, CH4, C3H8, O2 and N2 (evaluated as complement to unity of total mass
flow) are imposed at the inlet of the TWC. As known, these categories of engines, given
the high H/C ratio, produce a conspicuous quantity of hydrogen, which has an appre-
ciable impact on catalyst reactions, especially on Oxygen Storage Capacity (OSC).
Since hydrogen concentration measurements in the exhaust gas were not available, an
assumption had to be made, starting from the empirical correlation from [17], which
Figure 2. λ target in dynamic experimental test.
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relates its values to CO concentration ones, for every AFR, as graphically represented in
Figure 3. This characteristic has been extended to values with lean mixture conditions.
It is clear that a measure of hydrogen both at the inlet and outlet of the TWC would
allow a better calibration for the nitrogen and carbon oxides conversion. In addition,
its measurement could be also interesting to evaluate possible interactions with NO in
the direct production of NH3 and N2O.
It is worth to mention that the residual oxygen concentration in exhaust gases, espe-
cially in stoichiometric and in rich conditions, represents a critical issue: indeed, its
concentration, measured by the analyzer, is approximately equal to 0,2% even in the
conditions at lowest AFR. As a result, oxygen analyzer measurement turned out to be
an important element for the simulations setup, influencing, as known, the oxidation/
reduction of the pollutant species.
A NO/NO2 ratio equal to 90/10 was used, in line with the assumptions generally made
for traditional SI engines.
5 MODEL VALIDATION
The present paragraph briefly describes the procedure adopted to validate the kinetic
conversion model of main gaseous pollutants and the oxygen storage phenomena.
First of all, a default kinetic mechanism, already implemented in GT-Power code, with
a reaction scheme from [17], was the starting reference model. This mechanism,
comprising 13 chemical species and 21 reactions, was specifically developed to sum-
marize the most relevant reaction paths taking place in a TWC for exhaust streams
from a gasoline engine.
Applying this initial model to simulations of a NG engine, it is not possible to obtain
a correct prediction of the main pollutant species concentration at the tailpipe, even
though the injection mode is similar to a traditional Gasoline SI Engine. As an
example, Figure 4 shows engine out and tailpipe concentration of the main converted
species obtained through the default kinetic scheme [17], available in the original ver-
sion of the employed software. For sake of brevity only the model answer in the most
Figure 3. H2=CO ratio. Empirical correlation from Holder et al. [17].
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favorable conditions at high load in SS is proposed. The wide deviations between the
pink curve and the green curve are significant, demonstrating the inaccuracy of the
starting model.
In order to properly calibrate the chemical kinetics of the main reactions occurring in
the TWC, a step-by-step procedure, or also try-and-error approach, was adopted. To
this aim, a sensitivity analysis was performed for the pre-exponential factor A and the
activation energy Ea, which characterize the rate expression of each reaction. The
global reaction rate are generally of the form ω ¼ k∏k Xαkrk ∏mlθβmrm =∏k Fj, with the
Arrhenius terms k kmol=m3
  ¼ ATβs exp Ea=RTs½ . Calibration procedure began with
Steady-State cases, monitoring the rate of each reaction. At this point, all the reac-
tions were deactivated, thus starting from a tailpipe composition equal to the engine-
Figure 4. Main results at steady-state conditions at 100% loadwith the default
GT-Suite reactions kinetic scheme for TWC. [17] gas temperature≈ 760°C.
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out exhaust stream. Then an algorithm based on the order of activation of each reac-
tion of the kinetic scheme was implemented. Activation order is dictated by the species
that have higher concentrations in exhaust. The PGM chemical reaction calibration
procedure can be summarized in the following steps:
1. Deactivation of all reactions.
2. Activation of reactions with CO and CO2 in reagents and products.
3. Run simulation and reaction rates monitoring.
4. Further deactivation of all reactions unless the one with higher rate.
5. Parameterization of this reaction to get the result as close as possible to
experiments.
6. Activation and calibration of each reaction based on the highest rate.
7. Repeat steps 2 to 6 for reactions with CH4.
8. Check and recalibration of reactions with CO and CO2
9. Repeat steps 2 to 6 for reactions with NO.
10. Check and recalibration of reactions with CO, CO2 and CH4.
The calibration of the kinetic scheme was carried out under the operating conditions
1900 RPM - 100% both in Steady-State and in transient; the reaction model was then
verified also at partial loads in order to validate its consistency.
5.1 Oxygen storage submodel
The same calibration protocol was used for the reactions involving Cerium, which, as
mentioned, is mainly responsible for the accumulation/release of oxygen (OSC)
Cerium is normally present in high quantities in the Washcoat (around 30% by weight,
i.e., 1000 g/ft3 or 35.31 kg/m3). Cerium stabilizes the washcoat layer, enhances pre-
cious metal activity and improves thermal resistance. Oxygen storage is due to the
cerium’s ability to form 3- and 4- valent oxides. [7] The following reaction represents
cerium oxidation and the corresponding oxygen capture:
1
2
O2 þ Ce2O3 ! 2CeO2
This reaction stands for the storage of an oxygen atom by increasing the cerium oxida-
tion state. Due to the significant presence of carbon oxides and hydrogen in the
exhaust gas, additional important pathways are:
COþ 2CeO2 $ CO2 þ Ce2O3
H2 þ 2CeO2 $ H2Oþ Ce2O3
As demonstrated in previous works [7,11], cerium also interacts with nitrogen oxides,
according to the following reaction:
NOþ Ce2O3 ! 12N2 þ 2CeO2
which has been added to the initial kinetic scheme to better characterize the
dynamics of TWC during fast transient λ sweep. It also provides a mechanism for
NO reduction under lean conditions, which can be particularly important under
real world driving conditions. Finally, the importance of this pathway is confirmed




This section shows the main results obtained through the kinetic scheme calibration.
The following graphs show the concentration of significant chemical species, normal-
ized with respect to stoichiometric emission values (to keep OEM confidential data)
and measured upstream and downstream the catalyst. The figures in the present sec-
tion thus report CO2, CO, CH4 and NO concentrations, combined with the AFR calcu-
lated through the R49 formula, as reported before. Looking at the x-axis of Figures
5-6-7, it is possible to notice that the λ variation step is not uniformly spaced between
lean and rich limits, but a higher number of data were collected close to the stoichio-
metric value, in order to better describe the variation of the TWC efficiency in this spe-
cific critical range. As previously seen in Figure 4, the same letters from A to E have
been used in the following graphs in order to simplify the comparison between numer-
ical and experimental data.
6.1 Carbon oxides
The main reactions involving CO conversion in the TWC are essentially the direct oxi-
dation via oxygen and the Water Gas Shift (WGS) reported in the Appendix as reaction
1 and reaction 6:
1: COþ 12O2 ! CO2
6: COþ H2O! CO2 þ H2
The first reaction has a high rate in lean and stoichiometric conditions, when
a considerable amount of oxygen is present in the exhaust gas, while it has a weak
influence in extremely rich conditions. The higher H2O concentration in the exhaust,
compared to a traditional gasoline engine, makes WGS very influential among
carbon oxides reactions. For this reason, one of the first calibration steps foresaw
to properly balance these reactions, to obtain a good match in tailpipe CO/CO2
concentration.
Figures 5A-B report the results for the full engine load, clearly indicating an adequate
response of the model on carbon oxides conversion. It is possible to notice that CO
concentration is slightly underestimated around the stoichiometric and overpredicted
as the mixture tends to very rich values. Such behaviour, correspondingly affecting
CO2 conversion, was obtained in all the operating conditions, even at partial engine
load. Nonetheless, it has to be specified that the discrepancies are contained, in all the
cases, within a range of 0.2%, giving rise to a reasonably consistent agreement
between numerical and experimental results.
6.2 Nitrogen oxides
Nitrogen oxides reduction occurs if adequate concentration values of CO and H2 are
achieved inside the catalyst. The global reactions describing this process in the
TWC are:
10: COþ NO! CO2 þ 12N2 15: COþ 2NO! CO2 þ N2
11: H2 þ NO! H2Oþ 12N2 13: H2 þ 2NO! H2Oþ N2O
As displayed in Figures 5C, 6C and 7C, at all the engine load values, nitrogen oxides
conversion efficiency quickly drops as soon as λ exceeds unity. As the mixture
approaches even slightly lean conditions, TWC conversion efficiency is approxi-
mately zero and NO tailpipe concentration remains identical to engine-out values.
The predicted values suitably reproduce the detected behaviour, with some minor
inaccuracies at AFR values in the range between 1.01 and 1.04. Taking into account
the extreme sensitivity of the converter with respect to these species concentration
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and the related experimental uncertainties, possible improvements to the model
could be achieved collecting a higher number of experimental data within the indi-
cated λ range.
Certainly, as mentioned, hydrogen participation in the reaction mechanism should be
further investigated, because the assumption of Figure 3 may not be respected in all
the temperature ranges, especially in specific operating conditions, like dynamic ones.
In spite of these considerations, the kinetic scheme, firstly calibrated at full engine
load conditions, generally provides a good numerical/experimental agreement even at
partial loads.
Finally, around λ ≈ 0:94 0:96 measured emissions show a small NOx spike of a few
ppm: the numerical model was not capable of capturing such phenomenon, which
should be better clarified through additional investigations.
6.3 Methane
Methane conversion model involves the use of the following reactions:
5: CH4 þ 2O2 ! 3CO2 þ 2H2O
9: CH4 þ H2O! COþ 3H2
The calibration of these reactions, always carried out at full load and with a continuous
check on their influences on the previous ones, allowed to reach an adequate response
of the model in the medium-high load conditions.
Looking at the measured trends in Figures 5D, 6D and 7D (red and green
curves), it is possible to notice that, for all the engine load levels, methane was
fully converted only at the stoichiometric condition. As known, the different
state of the catalyst surface under lean and rich conditions affects methane con-
version in the reactor. In the traditional TWC used for gasoline engines, methane
is completely converted in lean conditions. In fact its diffusion is the limiting
step and hydrogen species which form on the surface as a result of methane dis-
sociation are oxidized to CO2 and H2O by residual oxygen [18]. On the contrary,
for the present CNG engine, an efficiency loss in lean conditions was observable,
more significant decreasing the engine load. One of the main reasons could be
related to a different response of the Pd storage reactions on the catalyst sur-
face. In order to better understand this phenomenon, dedicated tests could be
useful with a linear increase in temperature and constant methane concentra-
tion, possibly with the use of a Synthetic Gas Bench (SGB). The model is not
able to predict the loss of efficiency that occurs in extremely lean conditions,
especially at partial loads where the contribution of water vapour is directly pro-
portional to the temperature decrease. This effect could also be due to an exces-
sive TWC aging, in addition to a high presence of CH4 at the exhaust compared
to gasoline engines [19].
Moving to tests at AFR lower than unity, the catalyst turned out to be completely
unable to reduce methane concentration, which resulted equal to the inlet one. In
these rich conditions, oxygen is the limiting reactant; its concentration is near to zero
and the surface is covered by the partial oxidation species, CO and H in particular. The
TWC model substantially reproduces this trend at all the engine load values, with
a loss of accuracy at an engine load of 40%, as visible in Figure 7.
To sum up, a reasonable agreement between measured and calculated trends was
reached, with some discrepancies around stoichiometric and lean AFR values at partial
load (Figures 6 and 7), indicating the necessity to improve its accuracy in such operat-
ing conditions.
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Figure 5. SS tests at 100% load.gas
temp. ≈ 760°C.




As mentioned, the oxygen storage phenomenon consists in the formation of dif-
ferent cerium oxides which affect local concentration values of the main pollutants
and significantly modify local AFR values in lean to rich mixture transitions and
vice versa. Conversion of each analyzed species takes place in variable times,
depending on the concentration and temperature -as in steady-state cases, but
also on the aforementioned cerium oxides, which react simultaneously with all the
other species. It should be emphasized that also in this case, the value of AFR is
not exactly what is designated by the ECU control. In fact, there are situations -
further described in the next - in which the catalyst does not exhibit maximum
conversion efficiency even though it nominally operates at the stoichiometric. It is
important to recall that, given the extreme sensitivity of the catalyst to the inlet
Figure 7. SS tests at 40% load.gas temp. ≈ 620°C.
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gas composition, the uncertainty in the knowledge of the actual istantaneous
value of lambda represents an open critical issue. In fact, the measured lambda
temporal evolution -to be used as reference to validate numerical results- can dis-
play a considerable variability, according to the adopted measurement technique.
To illustrate this point, Figure 8 (top) reports the AFR profile obtained by means
of the LinearLambdaNOx sensor, compared to the imposed target, upstream the
TWC. It is possible to notice that the phasing of the measured profiles is correctly
reproduced, but detected maximum and minimum lambda values display
a discrepancy with respect to imposed target values (required to be equal to 1.10
and 0.9 respectively). Such discrepancy increases at decreasing the engine load
levels. Figure 8 (bottom) also shows the comparison, for the full engine load
case, of the lambda profile detected upstream and downstream the TWC. Thanks
to its fast measurement dynamics, oxygen storage phenomena are captured by
the LinearLambdaNOx probe, with storage and release phases determining the
observed differences in the two lambda profiles. On the other hand, the reduced
sensor accuracy at the leanest and richest phases shown in Figure does not
permit to fully rely on these data for these transient conditions.
To sum up, when looking at the results reported in the following paragraphs, it
should be taken into account that the AFR dynamics at the catalyst inlet is known
within the limits of the discussed uncertainties, with the subsequent impact on the
initial conditions for the simulations. The following graphs are made with the same
Figure 8. Lambda profiles measured by linearLambda NOx Sensor upstream
the TWC, during dynamic sweeps at different engine load values (top). com-
parison between measurements upstream and downstream the TWC for the
full load case (bottom).
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logic used in the previous chapter and the reference value used to normalize the
emissions is the same of the respective case at equal torque of the steady-state
conditions. As for the steady-state conditions, the submodel- of the reactions
describing the oxygen storage was calibrated at high load and additional tests
were then performed at lower load. Figure 9 reports CO2, CO, NOx and CH4 con-
centration histories measured upstream and downstream the TWC, compared with
the corresponding calculated profiles at full engine load. Subsequent Figures 10
and 11 display the same curves measured and predicted for engine load values
equal to 80% and 40% respectively.
7.1 Carbon oxides
Generally speaking, as regards the measured profiles, it is worth specifying that the
first AFR step of each sequence of 3 steps (rich-lean) should be considered as TWC
pre-conditioning cycles and not considered for results repeatability. However in the
subsequent two steps the conversion of the species can be sufficiently characterized.
After the lean to rich transitions, there are different phases that characterize the oxi-
dation of carbon monoxide. In the 10s steps there is a first part, lasting 2-3 seconds
for full load conditions and 4-5 seconds for medium-low load conditions, where the
TWC converts all CO into CO2, with a consequent concentration peak clearly visible in
Figures 9A, 10A, 11A. After this initial phase, the conversion efficiency of the TWC is
approximately 50%.
The main reason for this change in CO oxidation is due to the fact that, after a lean
mixture treatment, the TWC is crossed by a higher concentration of O2 that is stored
in the catalyst in the form of CeO2. Thus, given the abundant availability of this spe-
cies, the CO oxidation via reaction 19 prevails with respect to reaction 20 for
a certain time interval, which can be suitably calibrated by acting on the parameters
that involve these reactions. At high load, as shown in Figures 9 and 10 at 100% and
80% torque levels, the model is able to predict very accurately the dynamics involv-
ing the conversion of CO and CO2 (with the exception of the first step).
It is interesting to note that there is a sort of adjustment on this efficiency value
in the 10-5 s amplitude transitions, demonstrating the achieved equilibrium condi-
tions of the system after the first phase with maximum conversion efficiency. In
the 2s transitions, instead, the timing is not sufficient to ensure that the system
returns to balance. Thus the change in behavior of the catalyst and, therefore,
the change in the rate of reactions involving carbon oxides is interrupted, with
a conversion efficiency of approximately 80%. Experimentally, the transitions of
1Hz are too fast to verify the influence of the AFR sweeps on the high conversion
efficiency due to dilution effects along the analyzer’s measurement line, which are
gradually greater as the load decreases. Finally, it is interesting to notice that the
model is also able to capture the variation of the CO profile slope when the
engine load is reduced, reproducing the steep transitions of full load and the
slower dynamics at partial load.
7.2 Nitrogen oxides
Looking at Figures 9C, 10C and 11C, as described for carbon oxides, after the
lean to rich transition there is a first phase in which the conversion efficiency is
maximum, while in a subsequent phase there is no impact in the reduction of
nitrogen oxides. As said, with respect to the starting model included in the simu-
lation software, the addition of reaction 22 allows a more immediate calibration,
since it permits to act directly on the NO species, which would otherwise be man-
aged exclusively by an indirect calibration on carbon oxides reactions.
109
Generally speaking, the obtained model accurately reproduces the conversion
within the catalyst during these transient phases at all the considered engine load
levels. Some minor discrepancies could be observed, similarly to what occurred in
the steady-state conditions (see Figures 5C, 6C, 7C), around the stoichiometric λ
value, giving rise, as an example, to a slightly slower NO decrement between
100-120s.
7.3 Methane
As already discussed, in all the considered steady-state conditions, methane was
fully converted only at the stoichiometric condition, while an efficiency loss was
observed in lean cases and a no conversion occurred in rich ones. On the con-
trary, as visible in Figure 9, during the dynamic λ transitions, CH4 tailpipe concen-
tration displayed a different behaviour, resulting substantially removed regardless
of all the inlet spikes. The only exception in Figure 9 is represented by the first
spike, but, as already mentioned, the first step could be neglected as TWC pre-
conditioning. A similar response was obtained in the experiments at lower engine
loads reported in Figures 10 and 11, where methane profiles at the catalyst outlet
appear nearly unaffected by the inlet concentration dynamics. In order to try to
capture the observed TWC behaviour, the reaction mechanism was modified,
including some steps involving Palladium. In fact, it is known that methane can
interact with the oxides of noble metals, such as Palladium [18]. For this reason,
the following two reactions have been added to the kinetic scheme, identified in
the Appendix with the numbers 23 and 24.
23: Pd þ O2 ! PdO2
24: PdO2 þ CO! Pd þ 2CO2
The link between methane and palladium oxide was created modifying the rate
expression of the methane oxidation reaction (reaction 5 in the App.), introducing an
inhibition term Ω, defined as:
O ¼ mol of PdO2
2  mol of Pd þ mol of PdO2
The kinetic parameters of the added/modified reactions were only calibrated at
full engine load, then applied to the other test cases. As visible in Figure 9D,
thanks to this modification, the model could reproduce a consistent methane
conversion during the AFR sweep, especially in rich phases, despite not com-
pletely abated as shown in the measured profile. At lower engine load values
(Figures 10D and 11D), the agreement between experimental and predicted
methane histories is less satisfying, but it is likely that a further calibration
work, possibly combined with additional experiments, could significantly improve
these results.
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Figure 9. Transient conditions at 100% load. gas temperature ≈ 750°C
A) Num/Exp. CO2 engine out and tailpipe concentration. B) Num/Exp.
CO engine out and tailpipe concentration. C) Num/Exp.NO engine out and
tailpipe concentration D) Num/Exp.CH4 engine out and tailpipe
concentration.
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Figure 10. Transient conditions at 80% load. gas temperature ≈ 740°C
A) Num/Exp. CO2 engine out and tailpipe concentration. B) Num/Exp.
CO engine out and tailpipe concentration. C) Num/Exp.NO engine out and
tailpipe concentration D) Num/Exp.CH4 engine out and tailpipe
concentration.
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Figure 11. Transient conditions at 40% load. gas temperature ≈ 620°C
A) Num/Exp. CO2 engine out and tailpipe concentration. B) Num/Exp.
CO engine out and tailpipe concentration. C) Num/Exp.NO engine out and




A predictive model of catalyst behavior with oxygen storage and release of a heavy-
duty engine powered with NG was developed. The need to re-adapt the existing reac-
tion scheme for TWC of gasoline powered engines in order to make them suitable for
NG has been demonstrated. A protocol for the calibration of the main reactions was
identified through an iterative try-and-error approach. The calibration of the reactions
kinetic scheme was specifically carried out starting from the emissions at full engine
load during a wide AFR sweep, both in Steady-State and transient conditions. It repre-
sents a good starting point and a first goal in the use of a simplified scheme to manage
the complex phenomena occurring in a TWC for the aftertreatment of emissions by NG
engines. Indeed, the response of the model in terms of emissions is adequate in high
load conditions and is still acceptable under medium-low load conditions, considering
also the higher measurement uncertainties from the analyzer devices, present in
these circumstances. CH4 oxidation represents the major open point of the current
scheme in lean conditions and during the dynamic lambda scan, characterized by dif-
ferent phenomena with respect to similar stationary conditions. Generally speaking,
a reasonable predictivity of the model is obtained, resulting in a sufficiently adequate
representation of the catalyst reactivity in dynamic conditions. Cold start phases
before light-off temperature and the analysis in driving cycles representative of the
real transient ATS working conditions, such as the WHTC, need further investigation,
as well as model validation with different NG engines.
Definitions/Abbreviations
AFR Air to Fuel Ratio
CI Compression Ignition
CLD Chemi-luminescence detector
ECU Engine Control Unit




OEM Original Equipment Manufacturer
OSCf Oxygen Storage Capacity




SGB Synthetic Gas Bench




ZFAS-U Universal Lambda Sensor
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Chemical reactions comprised in the final mechanism:
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ABSTRACT
In this paper we present the basic concepts of operations of a hybrid liquid nitrogen
and internal combustion engine currently under development by Ricardo Innovations,
Dolphin N2 and the University of Brighton, the CryoPower recuperated split cycle
engine (RSCE). The engine is based on a new split-cycle combustion concept utilising
isothermal compression via cryogenic injection to maximise the efficiency of the
engine, while also providing near zero polluting emissions from the dilution effects.
Combined experimental and numerical findings will be presented and the effect of
evaporation dynamics of the LN2 are explored. This study aims to improve the under-
standing of the spray process evolution in order to achieve optimal isothermal
compression.
1 INTRODUCTION
Cryogenic liquids are gases which have been converted to liquids by cooling them
to very low temperatures. It is generally agreed that a liquid is cryogenic if it
exists in its liquid state at temperatures below 122K. Common cryogenic liquids
which have found applications in several technologies are Liquid Helium (LHe),
Liquid Oxygen (LOX), Liquid Hydrogen (LH2) and Liquid Nitrogen (LN2). LHe is
used to achieve very low temperatures and is used in Magnetic Resonance
Imaging (MRI) scanners and other superconductor applications. LOX and LH2 are
used as oxidizer and fuel combinations respectively in cryogenic rocket engines.
LN2 is currently mostly used for refrigeration and cryo-preservation due to its
cheap and abundant availability.
Recently there has been an increase in interest for research relevant to the use of
cryogenic fluids in transportation applications. Examples of such systems are the
Dearman engine, which is a zero-emission engine featuring no combustion, and the
CryoPower RSCE, a hybrid high efficiency engine aimed at heavy duty applications. If
the production of the cryogenic fluid is obtained from renewable energy resources,
or wasted heat such as wasted cold during regasification of LNG, these engines have
the potential to be game changing energy systems in terms of environmental
impact. Nitrogen is already a by-product of industrial oxygen production which can
be readily re-liquefied for use in transport. Many industrial cryogenic production
facilities are operated intermittently using off peak (currently overnight) energy. In
the future, surplus renewable energy could be used for cryogenic fluid production,
offering a way of absorbing and effectively storing renewable energy. There is
already an extensive distribution infrastructure for liquid nitrogen fluids (unlike
hydrogen) and refuelling technologies developed for CNG can be readily utilised.
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The Dearman engine works on the principle that cryogenic liquids expand around 700
times in volume when they undergo the transition from liquid to an atmospheric gas-
eous state. This expansion is used to drive a reciprocating engine, relying on the
increase in pressure to drive a piston to create torque in a same way as an Internal
Combustion Engine (ICE), but without emitting polluting gases since no chemical reac-
tion takes place inside the engine. On the other hand, the CryoPower engine is a split
cycle engine where compression and expansion (though combustion) happen in sep-
arate chambers. This allows the compression and expansion cylinder processes to be
individually optimised, which is not possible in conventional ICE architectures. In the
RSCE a further increase in efficiency is achieved by injecting small amounts of coolant
liquid during the compression process, in order to maintain isothermal conditions. This
significantly reduces the compression work and enables the recovery of waste heat
from the engine exhaust heat to the working fluid before combustion. Several vari-
ations of the RSCE are underdevelopment, Dry ThermoPower, Wet ThermoPower and
CryoPower. The Dry ThermoPower RSCE does not have any coolant injection during
the compression process while wet ThermoPower uses water. The CryoPower RSCE
represents the largest technological challenge due to the unique process of using LN2
injection as a coolant during compression. However, this concept shows the most
promise with research to date suggesting that the CryoPower concept has the poten-
tial to achieve up to and possibly over 60% efficiency and a significant reduction in
emissions.
In the following sections, the basic principles of the operation of the RSCE will ini-
tially be presented, which is currently under development by the University of
Brighton (UoB) in collaboration with Dolphin N2 and Ricardo. The focus will then
be turned to the examination of the thermodynamic processes taking place in the
compression chamber. After which experimental evidences for the dynamics of
cryogenic liquids based on extensive review of existent experiments as well as
new ones currently under development at the UoB will be presented. Next a com-
prehensive analysis of cryogens from thermodynamic point of view will be per-
formed along with an investigation of the challenges of moving from water to LN2
as coolant. Finally, the complications in numerical modelling of cryogenic liquid
properties are presented.
2 RECUPERATED SPLIT CYCLE ENGINE
The idea of a split cycle engine was first proposed by George Brayton in 1876 but
the first commercial split cycle engine was the Dolphin engine by Sir Harry
Ricardo in 1908. Interest has renewed in split cycle concepts over the last couple
of decades with the pressing need to primarily (a) increase engine efficiency (b)
decrease CO2 emissions and (b) reduce toxic emissions. Figure 1 presents a sche-
matic of a RSCE. It can be seen that the compression chamber ingests ambient
air from atmosphere, which is then compressed and simultaneously cooled by the
induction of a coolant such as water or liquid nitrogen. This coolant should main-
tain a near constant temperature during compression, towards isothermal com-
pression conditions. This cool compressed air is then passed through a
recuperator which absorbs some of the otherwise wasted heat from the exhaust.
The preheated air is then passed into the combustion chamber where combustion
with fuel takes place. Some of the wasted heat from exhaust is re-utilised in the
recuperator to heat the cool compressed air.
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One important characteristic of this engine is that although 55 % efficiency is
the max upper limit for conventional diesel engines with large 2 stroke low
speed engines approaching this, the efficiency of RCSE at its limit is calculated
to be over 55 % and up to 60% [1]. The factors upon which primarily the higher
efficiency is dependent are, optimisation of compression and expansion cylinder
processes, achieving near isothermal compression and the recuperation effi-
ciency of the wasted heat [2]. In order to explain this further, the thermo-
dynamic cycle of a RSCE compared to a Diesel engine by Morgan et al [1] is
shown in Figure 1 (graph on the bottom). This clearly shows the additional work
extracted by the cycle and thereby increasing the efficiency, due to the above
mentioned factors.
Figure 1. Schematic of a Split Cycle Engine by Ricardo[6] with T-S diagram of
a RCSE compared to a diesel engine by Morgan[1]. The numbers referring
the positions in the cycle are described on the right.
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Quasi-isothermal compression alone can achieve 5% thermal efficiency in the RSCE
as calculated by Dong et al [3]. Maintaining quasi-isothermal compression is linked to
the way the coolant will atomise. The rate at which the air will heat up because of the
compression should be balanced by the rate by which the coolant is capable of absorb-
ing heat and vaporises. Past experiments used water as a coolant and have achieved
predicted overall efficiencies of 60% [4] in 2004, but due to the technological con-
straints of that time, stable, efficient combustion could not be achieved in the combus-
tion chamber. Nevertheless, the isothermal compression concept and overall cycle
were demonstrated [5]. Recent R&D developments were focused on using liquid nitro-
gen as the coolant for the isothermal compression. Unlike in the previous work by
Coney et al [4], stable efficient combustion was achieved at remarkably low levels of
NOx emissions. This was attributed to a combination of improved mixing, low tem-
perature retarded combustion phasing and dilution of the charge air with nitrogen
from the isothermal compression process.
3 EXPERIMENTS
3.1 Previous experiments
If cryogenic fluids are to be used extensively in future energy and transport applica-
tions, their thermofluids behaviour must be understood. One of the challenges is that
the fundamental properties and dynamics of cryogenic fluids have not been exten-
sively studied at the conditions present in an engine or compressor. After performing a
critical review on the existent available data, Figure 2 has been produced and shows
an overview of the existing experimental data of cryogenic liquids compared to the
operational regime of the compression chamber of a current RSCE prototype on a
phase diagram chart of nitrogen. For reference, a split cycle engine is expected to
operate at a maximum of 17 MPa compression chamber pressure [4]. The current
experimental work on the CryoPower engine is expected to operate at 7 MPa. Two of
the important conclusions of the figure are: a) Existent experiments are not represen-
tative of the operating conditions of the RSCE and b) The maximum pressure in the
compression chamber of all the demonstrator prototypes are above nitrogen’s critical
pressure of 3.39 MPa (see also Table 1 and Figure 3), which means the cryogenic fluid
will transition from sub to super-critical conditions in the compression cylinder. The
behaviour even of common fluids, let alone cryogens, is not well understood under
these conditions.
Experiments done by Mayer [7]–[9], Chehroudi [10] and Oschwald [11] provide valu-
able information in the quest to understand cryogenic jets in their supercritical state.
The observation from these experiments can be summarised as:
1. Starting from a sub-critical pressure, with increase in pressure the cryogenic fluids
reach a trans-critical state where surface tension reduces considerably, and the
fluids lose their capability to produce observable droplets. This is not specific to
cryogenic fluids, but it also happens in any fluid that reaches these conditions.
What is particular for cryogenics is that the super-critical state is reached at condi-
tions much closer to atmospheric than other fluids/fuels.
2. As a result of the reduced surface tension, with increase in super-critical pressure
the mixing of cryogenic fluid with ambient fluid becomes more rapid.
3. The pressure at which the transition of the fluid properties from liquid to gas hap-
pens, does not depend only on the critical pressure of the injected fluid but on the
ambient fluid as well.
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2 x 385 x 450 17 600 Water 58 - 60%
CryoPower PLANNED 7 PLANNED LN2 >55%
Figure 2. Phase diagram chart of nitrogen with experiments done by Mayer,
Chehroudi and Oschwald. The operating conditions range of a split cycle
compression chamber is also displayed for comparison. The initial and final
conditions of the cryogenic experiments are represented by solid line and
solid dots. The line linking initial conditions to final conditions is displayed as
dashed line. ‘dia’ represents injector diameter. POC represents Proof of Con-
cept and ED represents Engineering Demonstrator split cycle engine
prototypes.
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3.2 Current experiments at the University of Brighton
Due to the limited experiments available under the conditions relevant to the RSCE, an
experimental effort has started at the UoB in the last couple of years in order to enhance
existent data bases. Two series of experiments have been undertaken to study the
behaviour of a liquid nitrogen spray. The first experiments were performed under steady
state conditions through a plane orifice into ambient air. The second series of experiments
used a gasoline injector modified to operate on liquid nitrogen. In both cases, the liquid
nitrogen was supplied from a 120 litre tank that could be pressurised up to 18 bar. The
nozzle and injector were submerged in a bath of liquid nitrogen to sub-cooled the assem-
bly and prevent the cryogen boiling in the injector. With reference to Figure 4, at a macro-
scopic scale the cryogenic spray has the appearance of a gasoline fuel spray. However, at
the micro scale no spherical ‘blobs’ and ligaments are observed. Although simpler struc-
tures are observed in other sprays, such as in the dense region of a diesel fuel spray, the
fundamental origin for these structures in the cryogenic spray is as yet unexplained. The
fundamental spray formation and in particular break up and evaporation processes must
be understood to enable accurate models to be built to support the efficient design of the
isothermal compressor.
Figure 4. LN2 spray into ambient air. The left image shows the spray in
whole. The right image is the magnified image of the location marked by
black rectangle in the whole spray.
Figure 3. Phase diagram of nitrogen with chamber conditions in a typical
isothermal compressor highlighting the critical point.
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4 CHALLENGES ARISING FROM THE THERMO-PHYSICAL PROPERTIES OF
CRYOGENIC FLUIDS
As mentioned above, the primary goal of using either water or cryogenic fluids in the
compression chamber of RCSE is to efficiently absorb the heat/energy arising due to
the rise in pressure. The requirement is to absorb the heat in a way that will enable the
compression chamber to remain at an ideally constant temperature during compres-
sion. How this absorption will occur depends on the thermo-physical properties of the
fluids at the specific operating conditions, which are both sub-critical and super-critical
depending on the fluid itself, the piston position and the injection timing. Water which
was previously used to absorb the heat during compression has a much higher critical
pressure of around 22 MPa. This high pressure was not encountered in the compres-
sion chamber, hence water remained sub-critical for the whole compression process.
LN2 on the other hand, has a critical pressure of 3.39 MPa. The pressure in the com-
pression chamber of RSCE starts from an atmospheric pressure and goes up to the
maximum pressure of above 10.0 MPa. Depending on the timing of injection of liquid
nitrogen, it can either boil at sub-critical pressures or transform into super-critical
fluid where the pseudo-boiling influences the heat absorption. This difference in the
use of water or LN2 as coolant is expected to influence the design parameters of injec-
tion for good heat absorption.
In an effort to explore further what is/are the optimal conditions to inject the LN2, the
two most important thermodynamic properties for the case of phase change, i.e. the
latent heat of vaporisation (the energy absorbed by the cryogen in order to change
phase under constant temperature) and the heat capacity CP (the energy ΔHð Þ required
to change the temperature Tð Þ of the cryogen) (Eqn 1)) are examined closely. In order
to better demonstrate this Figure 5 has been included. The figure demonstrates the iso-
baric specific heat capacities and specific enthalpies vs temperature for nitrogen at
pressures from 0.1 MPa to 10 MPa. A reminder that the latent heat (Enthalpy of vapor-
isation ΔHvap) is the enthalpy difference Hvap  Hliq
 
between two phases of a substance
at the same temperature (Eqn 2). However, the definition of the latent heat is more
relevant for sub-critical cases, as will be demonstrated in the following paragraphs.
ΔH ¼ CPΔT ðEqn 1Þ
ΔHvap ¼ Hvap  Hliq ðEqn 2Þ
Starting with the specific heat capacity and looking at Figure 5, note that for sub-crit-
ical pressures (0.1, 1, 2, and 3 MPa), as the temperature approaches the boiling tem-
perature at a given pressure, the specific heat capacity increases and at the boiling
temperature there is a discontinuity. The discontinuity at the boiling point is repre-
sented by a red line. For super-critical pressures on the other hand (pressure higher
than 3.39 MPa) there is a maximum heat capacity at some temperature (higher tem-
perature for higher pressure), which is less than the heat capacity at critical pressure
and critical temperature. The peak is continuous and shows no discontinuities signify-
ing the inseparability of liquid and gas phases. The general trend of the profile for
super-critical pressures is, with increase in pressure, the peaks tend to fall and flatten
out. When the point that the heat capacity picks for super-critical pressures, the fluid
can absorb a large amount of heat without significant rise in temperature but
increases in volume without undergoing phase transition. This is what in the literature
indicated as the pseudo-boiling point. For super-critical pressures, in addition to the
specific heat maximum at pseudo-boiling point, other properties such as density, vis-
cosity, thermal conductivity and enthalpy very rapidly. Although the large specific heat
results in very little change in temperature with the absorption of heat, this small tem-
perature change results in large gradients of thermos-physical properties as seen for
4.0 MPa (curve 2) in Figure 6.
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In addition to specific heat capacity, latent heat is also of interest. For sub-critical
pressures as temperature increases enthalpy of vaporisation decreases and reaches
zero once the fluid attains its gas phase. It is thus a very useful quantity for sub-critical
liquids to quantify the heat absorbed due to phase change at constant temperature
but not of much interest for super-critical fluids since it becomes zero. This of course
does not mean that supercritical fluids do not change phase. As subcritical fluids, they
start from a liquid-like phase at lower temperatures and as the temperature further
increases, they eventually reach the gas phase. Banuti [12] describes that at low sub-
critical pressures the latent heat is concentrated at the boiling point, whereas at
super-critical pressures this latent heat is distributed over a temperature range
around the pseudo-boiling point. This is the reason why in the graph enthalpy differ-
ence is used to visualise this, instead of latent heat of vaporisation. The discontinuities
in the enthalpy at sub-critical pressures directly quantify the latent heat or enthalpy of
vaporisation.
To understand the distributed latent heat and the heat absorption associated with
it, an isobaric process (assume the cylinder pressure almost constant for a small
change in volume dV) with heat generated is considered. At sub-critical pressures
far below the critical pressure such as 0.1 MPa in the Figure 5, when a liquid is
injected, the heat absorbed by the liquid raises its temperature without phase
change occurring. The temperature increase is proportional to the heat capacity of
the liquid. As the temperature reaches the boiling point the liquid transitions into
gas, during which it absorbs a large amount of heat without any further raise in
temperature, which is the latent heat concentrated at the boiling point. After the
transition into gas, the fluid has a different heat capacity than that of the liquid
state. Further absorption of heat results in a raise in temperature of the fluid pro-
portional to its gas phase heat capacity. At higher sub-critical pressures, the trend
Figure 5. The isobaric specific heat capacities and specific enthalpies vs tem-
perature for nitrogen at pressures from 0.1 MPa to 10 MPa. The dashed line
in purple represents enthalpies and the continuous line in blue represents
heat capacities. The discontinuities in specific heat capacity corresponding
to the red line and discontinuities in enthalpy corresponding to green line
locate the boiling point.
124
is similar, although gradients in heat capacity start appearing as the pressure
increases towards the critical pressure as seen in 2 and 3 MPa in the Figure 5. The
corresponding difference in the specific enthalpies decreases. This signifies that the
heat absorption due to rise in heat capacity increases while heat absorption due to
vaporisation decreases.
At super-critical pressures as the liquid is injected, the temperature of the liquid
increases proportional to its heat capacity until it nears the pseudo-boiling tem-
perature. Here the heat absorbed not only raises its temperature but also gradually
changes the state from liquid to gas with several intermediate states over a rela-
tively wide range of temperature. Here the heat is absorbed both due to the heat
capacity increase and the intermediate phase transitions. This is because the latent
heat is distributed over a range of temperature. This distributed latent heat or in
other words, combination of heat absorption to raise the temperature and gradually
transition the state from liquid to gas in super-critical pressures is attractive for
application in RSCE compression. The combined rate of heat absorption is more
Figure 6. Thermo-physical properties of nitrogen at four pressures 1 - Atmos-
pheric pressure (0.1 MPa), 2 - Just above critical pressure (4.0 MPa), 3 - Max
pressure in the compression chamber of Engineering Demonstrator (ED)
prototype of split cycle engine (10.0 MPa) and 4 - Max pressure in the com-
pression chamber of planned Commercial Demonstrator (CD) prototype of
split cycle engine (17.0 MPa). The red dashed line represents the discontinu-
ity between liquid and vapour phase.
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than that of the rate of heat absorption due to the heat capacity of a fluid alone.
Second, while vaporisation absorbs heat instantaneously, it is hard to distribute
this absorption of heat throughout the compression process to achieve isothermal
compression. Whereas this combined heat absorption spread over a temperature
range, is advantageous to gradually but constantly cool the surrounding through-
out the compression process.
In order to highlight the differences between the atmospheric conditions and the con-
ditions taking place in the RSCE, some more thermo-physical properties (density, vis-
cosity, thermal conductivity) of nitrogen corresponding to atmospheric pressure, near
critical pressure and two prototypes of RSCE are represented in Figure 6. It should be
reminded that the reason the properties at both the sub and super-critical region are
of interest is because the pressure in the compression chamber starts from atmos-
pheric pressure and goes up to the maximum pressure. It can be seen from the figure
that at sub-critical pressures the thermo-physical properties suddenly change from
that of the liquid to gas at the boiling point. Whereas, at super-critical pressure of 4
MPa which is just above the critical pressure, there is a large gradient in thermo-phys-
ical properties near the pseudo-boiling temperature. Here a small variation in tem-
perature can result in large variation in these thermo-physical properties as described
above. At higher supercritical pressures the gradients of thermo-physical properties
become less steep.
Figure 7 compares the rise in specific heat capacity of cryogenic liquids and other nat-
urally occurring liquids including water (that was previously used in the split cycle) at
pseudo boiling point for various super-critical pressures. Evidently it can be seen that
compared to fuels such as dodecane and iso-octane, the cryogenic fluids such as nitro-
gen, hydrogen and methane show a significantly higher rise in specific heat capacity
at super-critical pressures.
In conclusion the challenges in designing the injection of cryogenic fluids into com-
pression chamber is two-fold. First one is the distributed latent heat of cryogenic fluids
around the pseudo-boiling point influencing the heat absorption. The second is the
drastic rise in specific heat capacity and the associated gradients in thermo-physical
properties influencing the flow evolution. The combination of heat absorption and flow
evolution should be understood properly to achieve uniform constant temperature
throughout the compression chamber.
5 NUMERICAL MODELLING
The variation of the thermo-physical properties of cryogenic fluids poses many chal-
lenges at the numerical modelling of these fluids. In the following paragraphs we will
focus on the challenges associated with the calculations of these properties and the
selection of an appropriate equation state. Until now in the literature it is not very
clear which one is the optimum for cryogenic fluids under compression conditions.
Other numerical challenges associated with for example the choice of the liquid break
up model although are also very important are outside the scope of this work and will
be investigated in future work.
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5.1 Real fluid equation of state (EOS)
An Equation of State (EOS) which accurately describes the state of matter at both sub-
critical and super-critical condition needs to be employed to model the thermodynamic
anomalies which occur at near critical temperatures. It is a requirement that the EOS
predicts the rapid changes in fluid’s specific heat capacity density, viscosity, thermal
conductivity and enthalpy near the critical point and the pseudo boiling point with suf-
ficient accuracy in order to lead to accurate prediction of the heat absorbed by the
compressed air.
Although Benedict-Webb-Rubin EOS has been used by few researchers due to its com-
paratively increased accuracy, Peng-Robinson (PR) and Soave-Redlich-Kwong (SRK)
EOS are the preferred ones for numerical simulations by many researchers [13]–[15]
for the case of cryogens due to reduced numerical complexity. Figure 8 shows Kim et
al [13] and Muller et al [15] estimation of specific heat capacity and density of nitrogen
using PR and SRK for 4 MPa. The NIST data are also plotted for comparison. It can be
seen from the figures that both PR and SRK fail to capture the peak of specific heat
capacity accurately. This might have significant influence on the flow simulation. For
example, if the specific heat maximum is not captured accurately, then the simulation
of injected cryogenic spray will be very different than the real one. This is due to the
outer fluid quickly overcoming the pseudo-boiling point as temperature of the fluid can
rise more rapidly than the real case. And the inner fluid will experience major heat
transfer into it earlier than the real case which is further affected by the lower than
actual specific heat maximum predicted by SRK or PR. The density predicted by PR
and SRK are fairly accurate, though the density from NIST seems to lie in between the
values of PR and SRK.
Additionally, the specific heat capacity and density of nitrogen at a high super-critical
pressure of 17 MPa has been estimated using PR and SRK, and compared against
REFPROP [16] from NIST (see Figure 9). REFPROP is NIST’s Reference Fluid
Figure 7. Specific heat capacity of various fluids at supercritical pressures of
1.1PC, 1.25PC, 1.5PC and 2PC, where PC is the critical pressure of the respect-
ive fluid.
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Thermodynamic and Transport Properties Database. It can be seen that PR and SRK
lie very close to the REFPROP plot of specific heat capacity. In the density plot SRK
captures the density reasonably well whereas PR shows significant error at lower tem-
peratures. Assessing from the low super-critical pressure predictions by Kim [13] and
the high supercritical pressure predictions we calculated, the SRK would be the first
choice to model the conditions in RSCE compression chamber.
6 CONCLUSION
In this paper the basic concepts of operations of a hybrid engine currently under
development by Ricardo Innovations, Dolphin N2 and the University of Brighton, the
recuperated split cycle engine, have been presented. The focus was the thermo-
dynamics of the isothermal compression taking place in the engine with the injection
of either water or cryogenic fluids. Injection of cryogenic fluids into the compression
chamber to achieve isothermal compression could further enhance the efficiency of
RSCE towards achieving their full potential. A RSCE with quasi isothermal compression
Figure 8. Estimation of specific heat capacity (left) and density (right) of
nitrogen at 4 MPa using PR and SRK by Kim[13] and Muller[15].
Figure 9. Estimation of specific heat capacity (left) and density (right) of
nitrogen using PR and SRK compared against REFPROP (NIST) at 17 MPa cor-
responding to the maximum pressure in the planned Commercial Demon-
strator (CD) split cycle engine.
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can achieve up to 60% BTE. A critical review of existent literature showed that there
are fundamental gaps in knowledge on cryogenic fluids at conditions relevant to the
RSCE. We showed that the absorption of heat and evolution of spray is different than
what has been examined in the literature since as the piston moves the fluid is found
to be both at sun and super-critical state. We examined in detail the thermos-physical
properties of both water and LN2 at both sub and super-critical conditions and we high-
lighted the peculiarities relevant to the specific heat and the latent heat of evapor-
ation. We also performed an analysis relevant to existent EOS and their accuracy both
at low and high chamber pressures. In terms of future work further experiments on
liquid nitrogen at conditions relevant to split cycle compression chamber needs to be
undertaken. Moreover, the role of the breakup mechanism of the cryogenic liquids will
be explored.
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ABSTRACT
Global emissions legislation is becoming increasingly stringent and challenging for
both original equipment manufacturers (OEMs) and Tier 1 suppliers. The import-
ance of tightened emissions standards is essential as the automotive industry
moves towards zero emissions. In Europe, legislation has become complex in
recent years with the introduction of Real Driving Emissions (RDE) and World Har-
monized Light Vehicle Test Procedure (WLTP). The next round of emissions stand-
ards, likely to be called Euro 7, is expected to be implemented in 2024-25. In
addition to Europe, Brazil, China, and India will all introduce new tighter emis-
sions standards in the next few years.
Within this paper, IHS Markit explores global legislation and the key technologies OEMs
will require to be tailpipe compliant to aide them with strategy and supply decisions. 48V
architecture is increasing in usage which is enabling an increase in demand for some
existing technologies, particularly e-cat technology in the exhaust aftertreatment.
On top of the emissions challenges, the automotive supply chain faces further uncer-
tainties with ever-changing consumer demands and with the political outlook in
Europe and the rest of the world.
1 INTRODUCTION
Governments around the world are beginning a substantial push towards a clean,
zero-emissions society. While there are unquestionably challenges and obstacles to
overcome in making this happen, the automotive industry is already showing its com-
mitment to playing its part.
Global tailpipe legislation is on a clear path towards zero emissions, with major gov-
ernmental bodies such as the European Commission also now beginning to look
beyond the conventional tailpipe.
Original equipment manufacturers (OEMs) and Tier 1 suppliers are already showing
their commitment to this; not only are existing clean air technology solutions being
applied and developed, but new alternative zero-emissions solutions such as electric
and fuel cell vehicles are coming to market.
As mentioned, despite the new zero-emissions solutions being presented, several
obstacles must be overcome before they will become the dominant form of pro-
pulsion for the everyday car. As a result, the combustion engine and the under-
lying technology within this will continue to play a major role in the short to
medium term.
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As shown in Figure 1, IHS Markit data reflects the importance of the internal combus-
tion engine over the next decade. By 2028, approximately 88% of vehicles globally
produced will require some form of combustion engine, albeit with the assistance of
hybrid technology growing rapidly.
For the vehicles within that percentage, the aftertreatment and clean air technol-
ogy fitted to them must be able to comply with the sales country they are
intended for. With several regions such as Europe, China, and India set to intro-
duce new emissions standards in the coming years, the exhaust aftertreatment
market is going to be crucial for all OEMs.
2 GLOBAL EMISSIONS REGULATIONS
2.1 China
With the introduction of CN6a and CN6b so close together, it is increasingly likely
that many OEMs will simply target CN6b emissions standards and bypass CN6a
altogether.
The Chinese government has taken a large step toward zero NOx tailpipe emissions by
setting the limit for CN6b at 35mg/km for Type I and for Type III it does vary from 35-
50 mg/km in its proposed legislation in its legislation; at 35m/km, this is over half the
level set for Euro 6d.
The decision to standardize gasoline and diesel emissions was widely discussed as a
proposal for Euro 6, but China has now taken the lead with CN6b adopting a common
emissions standard.
Despite this, the country still lags behind Europe in one key area: RDE testing. There
are plans to introduce RDE testing in China; however, it is expected to initially conform
to a factor of 2.1 for both NOx and PN based on EU6d RDE act 2 with an addition of
N2O limits.




Although legislation has yet to be drawn up, Europe’s path to enforcing Euro 7 emis-
sions standards is becoming a lot clearer.
The final NOx target is likely to be influenced by CN6b, falling in the region of 30–35
mg/km. There is potential to further reduce this, but this seems unlikely due to the dif-
ficulty with reducing conformity factors. A 35mg/km NOx target will also be fuel neu-
tral, representing a reduction of about 42% for gasoline and about 56% for diesel
vehicles.
In addition to the NOx reduction, there are several other key features likely to feature
in the Euro 7 standard. One of these—certainly from a gasoline perspective—will be a
reduced particle measurement size from 23 to 10 nm. There is also potential for pollu-
tants, such as brake dust, to be measured; the technology effect for this will be dis-
cussed in a later section.
IHS Markit anticipates other pollutants such as ammonia to be included in the
legislation, while an increased emphasis on cold start and cold-running portions of
the WLTP and RDE will influence technologies that OEMs use in their exhaust
aftertreatment. The expectancy here is to extend legal limits for testing down to
-7°C while also reducing the conformity factor for emissions such as CO in RDE
tests.
An extension of durability requirements from 160,000 km to 200,000 km and more
stringent in-service monitoring are also expected.
Figure 2 gives an overview of global emissions standards out to 2025.
Global emissions standards are being introduced in key automotive production regions
at a rapid pace. Europe, Brazil, China, and India already have or will be introducing
tighter emissions standards from 2022 onwards.
IHS Markit component forecasts currently look out to 2025 and therefore
will capture the effect of these standards, reflecting the key suppliers in markets,
as well as the technology OEMs and Tier 1 suppliers will adopt to remain
compliant.
Figure 2. Global emissions legislation outlook to 2025.
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Figures 2 and 3 above show the global picture by emissions standards and
the corresponding vehicle production. For Figure 3, electric and fuel-cell powered
vehicles have been removed so all vehicles included will require a combustion
engine and therefore be required to meet the respective tailpipe emissions.
In 2018–19, the importance of the Chinese government implementing CN6a can be
seen, with about 20 million vehicles forecast to be sold under the standard, although
as discussed, many key OEMs in the country will make new launches of CN6b compli-
ant from the outset.
The importance of Euro 7 and making sure the legislation is clear and extensive is
shown here, with about 12 million vehicles expected to be Euro 7 compliant in
2025. To put that into context, more than 13% of combustion engine powered
vehicles sold in 2025 will be under the Euro 7 emissions standard.
In the United States, emissions standards are expected to remain consistent out
to 2025, with more than 14% of vehicle production falling under this standard in
2025.
3 EUROPEAN TECHNOLOGY TRENDS
3.1 Gasoline
3.1.1 Overview
When Euro 7 standards are introduced, gasoline aftertreatment systems will be
affected by a few key details. The largest of these for OEMs is likely to be the decision
to incorporate particles down to 10 nm in testing. At present, the market for gasoline
particulate filters is predominantly a technology used on direct injection engines. With
10 nm particles combined with the potential to measure other emissions such as brake
dust particles, GPFs will become mandatory across the gasoline industry on both MFI
and DI engines.
Figure 3. Vehicle production according to emissions compliancy.
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With the gasoline market driving the uptake of 48V+ hybrid systems, the
potential for gasoline electrically heated catalyst technology is high, albeit the
size of the market is currently unclear. The extent to which cold-start and warm-
up running is factored into the overall cycle numbers will ultimately determine
this.
With the NOx limit being reduced to 35mg/km, it is likely that the number of
vehicles and OEMs using more than one three-way catalyst will increase. As with
all current aftertreatment systems, packaging the necessary equipment into a
vehicle remains the biggest challenge. As such, the market for coated GPFs will
grow when Euro 7 is introduced.
3.1.2 Key component forecasts
Please note, unless stated otherwise, the following data represent
all vehicles globally with an emissions standard in line with either Euro
6a, b, d temp, d, or Euro 7. The data are based on an introduction of
Euro 7 around 2024–25 and are based on the described legislation
above.
Figures 4-6 below show some of the key aftertreatment technologies and their uptake
out to 2028.
Figure 4. Global gasoline catalyst market (2017–28).
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The outlook for the gasoline vehicle exhaust technology is very much a case of evolv-
ing what already exists by making better use of architecture and space in the
vehicle.
A key challenge for any vehicle design is going to be packaging, with reductions in
emissions target and an emphasis on cold running, a traditional single TWC will not be
sufficient to reach Euro 7 emission standards.
Figure 5. Gasoline catalyst market for Euro 6d, d temp, and Euro 7
vehicles.
Figure 6. GPF global forecast including Euro 6d, d temp, and Euro 7
breakdown.
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Figures 4 and 5 show the global and more focused European markets for
catalysts. TWC volume is expected to reach in excess of 130 million units
worldwide.
In Figure 5, we can also see that the total market for TWC levels off with the introduc-
tion of Euro 7. One of the driving factors here is the introduction of coated GPFs. With
packaging at a premium, introduction of 2xTWC+GPF is going to be a challenge for
smaller passenger cars. As a result, expect many OEMs to adopt the TWC + cGPF
approach to meet Euro 7 emission targets.
The uptake of electrically heated catalysts and the blanket use of GPFs are the two key
technology challenges IHS Markit forecasts as a direct consequence of tightening
emissions standards.
Figure 6 shows that the global GPF market will increase to more than 30 million units
in 2025, with CN6b and Euro 7 two of the key contributors to the component volumes
shown.
One further key technology, while not directly in the exhaust system, is the uptake of
cooled EGR on gasoline engines.
With the requirement for lambda 1 across the entire engine map, Figure 7 shows how
the uptake of cooled EGR on gasoline engines will reflect this. Despite not being the
only technology available to aid an engine map of lambda 1, it is likely to be the tech-
nology of choice for many.
3.2 Diesel
3.2.1 Overview
The significant reductions upcoming in NOx, CO, and HC emissions will have a further
cost impact on the already expensive diesel aftertreatment solutions.
Figure 7. Gasoline cooled EGR fitment in European production.
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To meet Euro 6d emissions standards, OEMs are already adopting policies of fitting the
aftertreatment as close as they possibly can, and the expected legislation targeting
cold ambient and warm-up emissions is likely to require either further close coupling,
additional components, or sources of heating.
Several Tier 1 suppliers are also exploring the potential of reducing the desired light-
off temperatures for catalysts, as well as the time taken to reach them.
As with gasoline vehicles, the introduction of 48V+ system architecture gives OEMs
the potential to use an electrically-heated catalyst, enabling much faster light-off
times. This diminishes the need for extensive close coupling of the aftertreatment.
IHS Markit anticipates that diesel vehicles with 48V+ architecture will be fitted with e-
cat technology.
Despite the benefits, 48V+ architecture with e-cat technology will add a large cost to
what is an expensive exhaust layout. For the OEMs that do not adopt 48V+, one
potential option will be for a much smaller SCR system, fitted with close coupling and
with a reduced light-off temperature due to its size. This system would effectively see
three SCR catalysts, including the SCR on filter.
As with all aftertreatment choices, cost versus packaging space is going to be a delicate
balance that all OEMs must overcome, especially for smaller A- and B-segment vehicles.
3.2.2 Key component forecasts
Please note, unless stated otherwise, the following data represent all
vehicles globally with an emissions standard in line with either Euro 6a, b, d
temp, d, or Euro 7. The data are based on an introduction of Euro 7 around
2024–25 and are based on the described legislation above.
Figures 8 to 12 show some of the key aftertreatment technologies and their uptake
out to 2028.
Figure 8. Forecast for global diesel catalyst demand (2017–28).
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Figure 9. Catalyst forecast for Euro 6d, d temp, and Euro 7 vechicles
(2017–28).
Figure 10. DPF versus sDPF uptake including Euro 6d, d temp, and Euro 7
breakdown.
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As can be seen in Figures 8 to 12, the overall production of diesel vehicles globally and
in Europe is forecast to significantly drop out to 2028. Despite this, the complexity and
the cost of the aftertreatment fitted to diesel vehicles will continue to rise.
The catalyst market, shown in Figures 8 and 9, has traditionally been dominated by
the diesel oxidation catalyst. For Euro 6, close coupling of the catalyst has been seen;
Figure 11. Global SCR volume including Euro 6d, d temp, and Euro 7
breakdown.
Figure 12. High pressure versus low pressure for cooled EGR diesel vehicles
with European production.
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however, with the emissions reductions forecast for Euro 7, IHS Markit expects a rise
in electrically-heated catalysts and NOx storage catalysts, with NSC production peak-
ing above 2 million units in 2025 for Euro 6 and 7 compliant vehicles.
With the increased challenge of emissions reduction and space being a premium, Euro
7 introduction will also see the coated SCR on filter technology growing production to
just more than 4 million units for Euro 6 and 7 compliant vehicles.
The market for SCR systems will remain. For vehicles without 48V+ architecture,
potential remains for a further SCR system to be put into effect, meaning a smaller
close-coupled SCR canner fitted alongside an underfloor SCR. The intention being the
smaller, close-coupled device will have reduced light-off time and will cope with the
light-load, low-temperature exhaust gases, while the larger underfloor system will be
used for higher temperature exhaust gases such as on motorway driving.
Figure 12 shows that diesel vehicles will increasingly be fitted with a combination of
both HP and LP EGR. Once again, this will provide suppliers and OEMs with the chal-
lenge of ensuring the correct size cooler for performance, but this will be traded off
with the cost and packaging of the technology.
4 REST OF WORLD LEGISLATION
4.1 India
Bharat VI is due to be introduced in 2020. The Indian government has taken the deci-
sion to jump straight from Bharat IV to Bharat VI, aligning itself in the process more
closely with Euro 6b standards.
Despite this, other incentives, initiatives, and public perception may well end up being
the driving factor in the exhaust aftertreatment decisions in India.
Cost has always been a key driver, which is unlikely to change. Several OEMs are
already making the choice to move away from small diesel engines due to the added
cost of the aftertreatment to meet legislation.
Government incentives, such as low excise duties on selected vehicles less than 4
m in length, is one example that may also affect the small car diesel market.
With the addition of a large particulate filter causing packaging issues, it may
push some OEMs above the 4 m limit and cause them to rethink their powertrain
strategy.
The market in India is forecast to be dominated by gasoline engine vehicles. With
emissions standards from 2020 closely lining themselves with Euro 6b, IHS Markit
expects TWC volumes in the country to continue rising.
4.2 United States
In the United States, Tier 3 with its BIN categories is now very much established and is
forecast to remain for the foreseeable future into the next decade. There is common
agreement within the industry that the link between real driving and tested results in
the United States is far ahead of anywhere else.
Nevertheless, there is some discussion around changing particle emissions standards
across the country, with 1mg/mile under discussion, in both California and potentially
into federal emissions standards as well.
While no specific changes to legislation in North America are expected, IHS Markit
believes that technology trends in the region will remain consistent, with TWC being
the primary choice of gasoline aftertreatment.
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If the US does introduce more stringent legislation on particulate number and particu-
late mass, a much greater uptake in GPF technology will occur.
4.3 China
The gasoline aftertreatment market is expected to evolve in the coming years with
both CN6a and CN6b being introduced. As in Europe, TWC technology is required for
CN6a, with a GPF not being necessary. However, this is trumped by most OEMs pre-
empting that the close-following CN6b legislation will change this, and so most new
powertrains in China will feature a GPF.
The diesel market in China continues to decline, with the country heavily pushing full
electric vehicles. The combination of TWC+GPF will be the strategy of choice for OEMs
out to 2028.
4.4 Discussion
While the underpinning technologies exist, the different approaches in combinations
and sizing across the global markets are creating challenges for the industry. For sup-
pliers and OEMs, meeting global demands is an obstacle from a technical and cost per-
spective, and it is quickly becoming clear that a global emissions standard would be
beneficial; but the practicality of this is uncertain.
As legislation around the world becomes fuel neutral, and as powertrain technology
shifts towards electrification, the big question that remains is whether we need tech-
nology-neutral legislation in future to rebalance the equation for combustion engines
versus electric vehicles. While electrification is inevitable, whether it is the best solu-
tion in the near term must be considered because low-carbon fuels and the internal
combustion engine still have a part to play in the coming decades.
5 SUPPLY CHAIN CHALLENGES AND OPPORTUNITIES
Suppliers, both at a Tier 1 level and below, must make changes to company structure
as well as the technology they develop to address global changes in emissions
technology.
One of the key challenges, certainly for larger Tier 1 suppliers, is the variations in
global emissions regulations. From a research and development perspective, it means
suppliers need to develop different solutions, adding to cost and complexity. Further-
more, with regulations changing at a rapid pace, suppliers are seeing large manufac-
turing expenses to cope with technology uptake. This is definitely the case in China,
where a lot of OEMs are simply aiming for CN6b and bypassing CN6a.
Requirements for ever-increasing efficiency in filters and catalysts, as well as increas-
ing complexity on key engine technology such as GDi and HCCI, are placing high costs
on the supply chain. The challenge is how much of this cost can be absorbed by the
end customer versus how much will need to come from OEMs and the supply chain.
Fitting all the required technology into the vehicle is becoming more difficult regarding
exhaust aftertreatment. An increasing push from OEMs to have more close-coupled
emissions devices has forced suppliers to get creative with their designs. One example
of this is the ring catalyst turbocharger developed by Continental and presented at the
40th Vienna Motor Symposium.
Another challenge for the automotive industry is potential trade disruption. Ongoing
disputes between China and the US, the US and the European Union, plus uncertainty
around what Brexit will entail, is causing many Tier 1 suppliers to rethink
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manufacturing and sourcing locations. The knock-on effects of plant closures such as
Bridgend for Ford and Swindon for Honda will be felt throughout the supply chain in
the coming years.
Ultimately, the biggest threat to the industry is the shift away from diesel, which is
posing a challenge in meeting fleet CO2 emissions. A push towards electric vehicles is
occurring at a large cost to suppliers. With the tipping point for public acceptance
appearing in the distance, suppliers are having to come up with ways to maintain
profit while also investing in the future.
However, there are opportunities for not only well-established suppliers but also smal-
ler Tier 1 and 2 companies as electrification extends the life of existing, well-developed
technologies. Components such as electrically-heated catalysts, e-compressors, and
e-water pumps are examples of suppliers using the electrification drive to extend the
life of existing technology and enter new product lines. From an e-cat perspective,
Continental Emitec, Faurecia, and ElringKlinger have all revealed designs to enter this
market.
We are already seeing the supply chain act to reduce costs and reassure investors.
There seems to be three strategies for Tier 1 suppliers to adopt: invest, merge, or spin
off divisions.
In the past few years, several Tier 1 suppliers have opened or expanded production
facilities in emerging markets. Mergers such as Calsonic Kansei and Magneti Marelli to
boost revenues and ensure competitiveness in key areas are becoming common
place. Finally, several large Tier 1 companies such as Delphi (Aptiv and Delphi Tech-
nologies) and Continental (Vitesco Technologies) have begun to spin off their existing
powertrain departments. This enables investment into new technologies and existing
powertrain technology to be separated.
6 CONCLUSION
Emissions standards are changing at a rapid pace globally and creating challenges to
OEMs and Tier 1 suppliers. Euro 7 legislation is expected to be introduced around
2024-25, following on from the introduction of new standards in Brazil, China, and
India in the early part of the next decade.
While still under discussion, IHS Markit expects the final NOx target to be in the region
of 35mg/km or under, with tighter conformity factors and the introduction of new
emissions providing the biggest challenges to OEMs and Tier 1 suppliers.
Cost and packaging are likely to be two of the biggest challenges for the vehicle manu-
facturer when Euro 7 is implemented, with 48V architecture providing opportunities
for existing technology to grow in usage, albeit at a cost. How these challenges are
overcome will create an additional burden on the automotive supply chain.
On top of emissions legislation, there are several challenges for the industry to over-
come; however, we are already seeing several Tier 1 suppliers begin to react and
implement strategic decisions. Innovation within the automotive supply chain will be
crucial in the coming years to ensure the automotive industry remains successful.
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NOMENCLATURE
Table 1. Abbreviation definitions for IHS Markit data.
Abbreviation Description
BEV Battery Electric Vehicle
cGPF Coated Gasoline Particulate Filter
DI Direct Injection
DOC Diesel Oxidation Catalyst
DPF Diesel Particulate Filter
EGR Exhaust Gas Recirculation
FCEV Fuel Cell Electric Vehicle
GDI Gasoline Direct Injection
GPF Gasoline Particulate Filter
HC Hydrocarbon
HCCI Homogenous Charge Compression Ignition
MFI Manifold Fuel Injection
NSC NOx Storage Catalyst
RDE Real Driving Emissions
SCR Selective Catalytic Reduction
sDPF SCR on Diesel Particulate Filter
TWC Three Way Catalyst
WLTP Worldwide Harmonised Light Vehicle Test Procedure
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ABSTRACT
Research on single drop impact, especially in the past two decades, has been motiv-
ated by a need for better predictive capability in many industries. The objective of this
work is to clarify the single droplet impingement behavior onto a liquid film with differ-
ent physical properties. Fluorescent agent is added to the liquid film, and the experi-
mental method of Laser induced fluorescence(LIF) is used to distinguish the liquid film
from the incident liquid droplet. Within the experimental ranges tested, the liquid film
can be divided into five types after the droplet impacts, and the instability mechanism
responsible for the crown and splash formation was analyzed. New results on crown-
splash thresholds are obtained on the basis of the Weber number of incident droplet
(We) and the Ohnesorge number of the liquid film (Oh*). Moreover, this article also
explores the maximum height of the liquid film crown after the impact of the droplet
and the crown diameter at the corresponding moment. They were analyzed by com-
bining We with Oh*, and experimental results allow to propose empirical correlations
which can be used for prediction of crown parameters.
Keywords: Liquid film, GDI engines, splash, crown height, crown diameter
1 INTRODUCTION
In the field of industry and natural world, droplets impinging on a liquid film is
a common phenomenon, such as raindrops falling, pesticide spraying [1], the spray in
the internal combustion engine hits the combustion chamber wall [2]. Studying the
phenomenon of droplet collision, exploring the critical boundary conditions of transi-
tions of different impact results, giving a comprehensive and accurate physical
description and scientific explanation, is of great value for understanding the multi-
phase fluid dynamics mechanism of droplet wall collision process.
Previous studies can be divided into different types according to the impact target:
(a) dry solid surface, (b) thin liquid film and (c) deep liquid pool [3]. Moreover, the
dynamics of colliding droplets are also different. Studies have shown that the droplet
impact on the dry wall surface compared with the liquid wall surface, although some
impact patterns are similar, but the mechanisms are fundamentally different [4].
Scholars have done a lot of experimental research on the impact of single droplets on
dry and wet surfaces. Worthington and Cole [5,6] conducted their groundbreaking
drop impact visualization experiment more than 100 years ago. They employed an
ordinary quarter-plate camera and very short duration electric flash to illuminate
and freeze the image. Since then, the phenomenon of droplet impingement has
attracted many researchers’ scientific attention. In 1954, Edgerton [7] used high-
speed photography and photographed the famous milk drop crown splash photo.
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Rioboo et al [8,9] found six different outcomes of a single droplet impacting a solid
wall: Deposition, Prompt splash, Corona splash, Receding breakup, Partial rebound
and Rebound. Stow and Stainer [10] measured the number and the size distribution
of secondary drops produced by the impacts of single water drops onto thin water
films. Rodriguez and Mesler [11] reported that the drop shape on impact had little
effect on the criterion of the formation of central jet. Rioboo et al. [12], Wang and
Chen [13] and Cossali et al. [14] conducted experiments on the drop impact on thin
liquid film to reveal the limit conditions for the formation of secondary droplets from
the edge of the liquid crown; A key dimensionless parameter is involved in these
studies K(= We Oh-0.4),which is critical to the outcome of the collision. In addition to
classifying the collision outcomes, many researchers have also studied important
geometrical parameters during crown evolution. The main geometrical parameters
of crown formation are crown diameter, height, angle and thickness. Cossali et al.
[14] qualitatively analyzed the effects of the Weber number of incident droplets and
liquid film thickness on the crown parameters. The results show that the effect of
Weber number on the crown height, diameter and splash droplet size is greater than
the liquid film thickness, while the liquid film crown thickness only changes with
time, independent of Weber number and liquid film thickness. Liang et al. [15] stud-
ied the dependence of crown size on drop Weber number and Reynolds number by
changing the impact velocity and drop physical properties, respectively. They show
that the crown diameter is independent with We and Re. The model by Roisman and
Tropea [16] shows that non-dimensional the crown height increases appreciably with
increasing liquid film thickness.
However, all of these previous analyses have focused on the drop impingement behav-
ior on dry surface or on the interaction behavior between a liquid film and droplets of
the same type of liquid. Few studies have collated a liquid film that has a large differ-
ence in physical properties from droplets, and little is known to distinguish the dynam-
ics of droplets and liquid films after collision. However, such a situation is common in
life. Considering the phenomena that occur in the cylinders of a gasoline direct injec-
tion engine, the impingement behavior of the fuel spray on the piston surface or com-
bustion chamber head. We inevitably need to realize that this is the interaction
between two kind of liquids, namely, the fuel spray and the oil film that forms on the
cylinder wall. Studies [17,18,19,20] have shown that when the fuel spray hits the oil
wall of the combustion chamber, the oil on the wall splashes into the combustion
chamber, causing preignition. This can cause super knock of internal combustion
engines.
In this study, we investigate the phenomenon that a single droplet impacts a liquid
film with obvious difference in physical properties. This experiment distinguishes the
incident droplet from the liquid film. The effects of different incident droplets Weber
number, liquid film physical properties and thickness on the dynamics of the liquid film
after collision were also investigated.
2 EXPERIMENTAL SETUP
In experiments to investigate droplet impingement on liquid film, it has been difficult
to distinguish between the incident droplet and the liquid film by ordinary visualization
of splash phenomena. In the present study, the method of laser-Induced fluorescence
(LIF) was applied to discriminate the droplet and the liquid film，and the distribution
of the liquid film after impacting was studied. Figure 1 shows the experimental setup.
The impingement phenomena of a single droplet were observed by using a high-speed
video camera (Photron, 5400fps, 1024×1024 pixels). An continuous laser (532 nm)
was used for the light source. The laser is equipped with a Powell prism and a N2852-
12 fiber, and a fan-shaped laser with a thickness of 15 mm can be produced directly
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above the liquid film. A syringe pump was used to produce droplets of uniform size,
and they were released from a syringe toward the wall covered with a thin liquid film.
By adjusting the lifting platform to change the free fall height of the fuel droplet to con-
trol the velocity of the incident droplet. In order to ensure the accuracy of the test, the
liquid film was replaced after each shooting, and at least three times were taken under
each working condition.
The composition of the incident droplets in this test is ethanol. It has a single
composition and is similar in physical and chemical properties to gasoline. 30%,
60%,70%and 80% mass fraction (30 WT%, 60 WT%,70%, 80 WT%) of glycerol
and water solution was used to simulate low, medium and high viscosity liquid
films. The density and surface tension of these three liquid films are also differ-
ent, but the difference in viscosity is most significant. Table 1 shows the physical
properties of the different proportions of glycerin solution at room temperature
and pressure (293K, 0.1MPa) and oil at 373K. Rhodamine-B, which is
a fluorescent dye added to the liquid films. Since the dye density was lower than
0.1 WT% in this experiment, the dye had no appreciable effect on the physical
properties of the liquid film. Experiments with and without dye were carried out
and the results showed no significant differences between the two conditions. The
center of the fluorescence wavelength was 580 nm Therefore, the crown and
splash droplets produced by collision are irradiated by laser to produce orange
fluorescence. After passing through the yellow longpass filter which cut the light
at a wavelength below 590 nm, a fluorescent image that indicated the motion of
the liquid film was captured by the highspeed camera.
Figure 1. Experimental setup.
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Table 2 shows the experimental conditions of this experiment. The dimensionless
liquid film thickness H* is defined as the ratio of liquid film thickness h to incident
droplet diameter d.
Table 2. Experimental conditions.
Single drople Ethanol
Droplet diameter (d) 2.2mm
Droplet velocity (V) 4.4, 4.1, 3.9, 3.7, 3.4, 3.1, 2.8,
2.4 m/s
Liquid film 30WT%, 60WT%,70WT%, 80%WT%
Dimensionless liquid film thick-
ness (H*)
0.1,0.3,0.5,0.7,1
Compared with ethanol, the physical properties of isooctane and gasoline are more
similar. We did a set of comparative experiments. The Weber number of the incident
droplets and the dimensionless thickness of the liquid film are guaranteed to be the
same, and the viscosity of the liquid film is guaranteed to be similar. Figure 2 is
a comparison of the experimental phenomena of isooctane droplets and ethanol drop-
lets impacting on the liquid film of glycerol solution (60WT%). Comparing the behavior
of the two kind of droplets, we found that the crown and splash are very similar in the
short term after the impact. However, when it was later developed, we saw that isooc-
tane was incompatible with the glycerol solution liquid film, resulting in significant
delamination. The ethanol droplets and the glycerol solution liquid film were mutually
soluble. We consider that the gasoline and oil in the actual engine are mutually soluble,
and the pre-isooctane droplets after the collision with the wall are similar to the collision
of the ethanol droplets. Therefore, we chose ethanol as the droplet component in the
test, simulated the fuel in the engine, and selected the glycerol solution as the liquid
film to simulate the oil film on the cylinder wall in the engine. The glycerol solution with
different mass fractions was used to simulate the engine oil at different working
temperatures.
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It will be noted that the droplet size was larger than the typical droplet size of the fuel
spray in a DI gasoline engine in order to eliminate the influence of environmental con-
ditions. The ratio of the droplet diameter to the liquid film thickness was on the same
order as that of typical DI gasoline engines.
Figure 2. Different fuel droplets impingement on the same oil film
(We=1075, H*=0.7).
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3 RESULTS AND DISCUSSION
3.1 Morphology classification of liquid film
The behavior of the liquid film after the fuel droplets hitting was observed by high-speed
images. Observations were conducted under various conditions. Based on an analysis of
the macroscopic observation results for the impingement behavior, After the droplets
impingement, the behavior of the liquid film can be divided into two categories according
to whether secondary droplets are generated: splash and no splash. When the liquid film
does not splash, it will only have a crown-like structure after being impacted. According
to whether the crown edge will produce bifurcations, it can be divided into: (a) Stable
Crown; (b) Bifurcation Crown; When splash phenomena occurs, two types of splashes
can be distinguished: the prompt splash and the delayed splash. For the prompt splash,
liquid atomization already takes place during the jetting phase with the ejection of drop-
lets from the crown edge while it is still advancing. The classic splash, called ‘‘delayed
splash’’, corresponds to the formation of droplets at the end of the corolla growth
[14,21,22]. Based on the two splash forms of liquid film, splash regimes were classified
into three typical types in this study: (c) Prompt Splash Only; (d) Prompt and Delayed
Splash; (e) Delayed Splash Only. Figure 3 shows representative images of each regime.
Images obtained at different times were selected to indicate the distinctive characteris-
tics of each regime clearly. The details of each type of impingement regime are described
below.
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Figure 3. The comparison of different liquid film crown/splashing regimes.
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3.2 Crown and splashing mechanism
It can be seen from the Figure 4 (a) and (b) that when the droplet impinges on the
liquid film vertically at the velocity V, the liquid film produces an ejecta near the contact
line between the droplet and the liquid film. An ejecta is a thin sheet of liquid, is thrown
out radially and vertically outward very shortly after initial impact. This is also the basis
for the formation of a crown structure. Yarin and Weiss [23] proposed theoretically in
1995 that the coronal splash was caused by the kinematic discontinuity of fluids in the
liquid film. Roisman and Tropea [16] then extended this theory of motion discontinuity.
The water velocity model, the water thickness model and the angle between the water
and liquid film formed under the action of motion discontinuity are presented.
Due to the impact of the droplets, the droplets drive the liquid film in the impact region
to move downward at the same time. When the fluid collides with the solid wall, the
flow direction changes and gradually deflects horizontally, forming a radial flow in the
liquid film. After the fluid flowing in the radial direction encounters the surrounding
liquid film, it pushes the liquid film to expand outward. Due to the impact of the radial
flowing fluid on the stationary liquid film, an upward fluid flow is formed inside the
film, so that the crown structure is continuously expanded.
Assuming the impact time t=0, the ejecta originates from the liquid film is at rest for
t≤ 0，and it cannot be accelerated instantaneously to reach non-zero velocity at t =
0, since this would contradict the fundamental physical law of energy conservation. As
analyzed above, forces must be involved to bring it to the moving state, and acceler-
ation should take place for t→ 0+. Under certain impact conditions,the time over which
the acceleration happens is very short, certainly less than 100 μs [24]. Therefore, we
need to pay attention to the instability mechanism to illustrate the occurrence of
crown bifurcation. We can see from the test results that the ejecta exhibits some dis-
tinct properties at the early stages which in turn dictate the dynamics of the later
ejecta evolution. First of all, the ejecta experiences a very large acceleration in an
approximately impulsive manner at the early stage of an impact the heavier fluid
(liquid film) is accelerated into the lighter one (air), thus is Richtmyer-Meshkov
instability. At this point, the coronal edge produces waves, forming bifurcations. When
the interface decelerates, the Rayleigh-Taylor instability magnifies the interface ripple
due to the curvature effect, but it will not cause a change in the number of waves. We
believe that RM instability occurs during the initial time of crown production, resulting
in bifurcation of the crown edge. Then, due to the theory of motion discontinuity, the
crown continues to develop and produces a splash. Under certain working conditions,
such as the impact energy of the droplet is very low, and the viscosity of the liquid film
is large, since the acceleration of the liquid film rushing into the air is small. There is
no instability, and the smooth crown edge does not fluctuate.
Figure 4. Schematic diagram of the initial moment of droplet impact.
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3.3 The crown/splashing limit
Previous studies have shown that the physical parameters of the incident droplet,
such as the surface tension, and the velocity have a great influence on weather or not
splashing occurs after the incident. Here we define the few classical parameters
related to this topic as usual. The Weber number is defined as the ratio of inertia force
to surfaces:
We ¼ ρ0V2d=σ0 ð1Þ
Where ρ0, V, d, σ0 are the incident droplet density, the velocity, the diameter, and the
surface tension, respectively.
The Reynolds number is defined as the ratio of inertia force to viscous force:
Re ¼ ρ0dV=μ0 ð2Þ
Where μ0 is the viscosity of the liquid.
The Ohnesorge number Oh is defined as:
Oh ¼ We0:5=Re ð3Þ
Many studies [12,13,25] have shown that the larger the We of the incident drop-
let, the greater the probability of splashing after the collision. Since both surface
tension and viscosity have a large influence on the splashing threshold,
a separate We or Re is not sufficient. Therefore, many researchers use the K-type
relationship to combine surface tension with viscous forces and use the param-
eters We in combination with Oh. It was introduced by Mundo et al [26], Yarin
and Weiss [23], and defined by:
K ¼ WeOh0:4 ð4Þ
Above a critical K value, splash is expected. Walzel et al. [27] experimented with
water glycerite mixture and concluded that splashing at K=2500. Okawa et al. [28]
experimented with water and concluded that splashing at K=2100. However, these
conclusions are obtained under different liquid film conditions, such as the specific
liquid film dimensionless thickness, H*. Researchers [22,29,30] have also studied the
effect of of H* on splashing after impact.
In this study, the droplets and the liquid film are not the same kind of liquid, so
the previous empirical formula splashing threshold cannot be directly adopted.
According to lots of pictures in this experiment and previous research experi-
ence, we found that the We of the incident droplets, the thickness and the phys-
ical parameters of the liquid film all have an influence on the outcome of the
liquid film after the collision. So we define the Ohnesorge number of the liquid
film:
Oh ¼ μ= ρσHð Þ0:5 ð5Þ
Where ρ, H, σ, μ are the liquid film density, thickness, surface tension and viscosity
respectively. The liquid film Oh* value involved in this experiment ranges from
0.00556 to 0.3533.
Figure 5 shows the comparison of different crown or splashing thresholds under
various H*, in the form of We versus Oh*. It can be summarized from the figure
that the larger the incident Weber number of the droplet, the more the liquid
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film tends to splash after the impact. In this study, the maximum Weber number
is We = 1521, at this We, the liquid film splashes in any condition (Within the
range of this study), the difference is the type of splash. The Oh* of the liquid
film also has a significant effect on the threshold of liquid film after impact. The
smaller Oh*, the more the liquid film tends to splash. The smaller Oh* indicates
lower viscosity of the liquid film. When the viscosity of the liquid film is large,
the internal shear force is enhanced, and the ability of the liquid film to maintain
the crown shape stability is stronger. Comparing the graphs (a) to (e) of Figure
4, it is found that as the thickness of the liquid film increases, the We-Oh*
region where the liquid film splashes shrinks, and the splash region is concen-
trated with a large number of We and a small Oh*. This means that in the range
of 0.1 to 1 of H*, the increase in the thickness of the liquid film suppresses the
splash of the liquid film. When the film thickness is small, the type of splash in
most splashes is Prompt and Delayed Splash. As the thickness of the liquid film
increases, the proportion of Prompt Splash Only increases. Delayed Splash Only
generally occurs under conditions where both Oh* and H* values are large.
We can conclude that the Weber number of the incident droplets, the viscosity of
the liquid film, and the thickness of the liquid film all have an effect on the splash
of the liquid film. From the point of view of mutual solubility, when the droplet
diameter is constant, the droplet Weber number increases, which means that the
incident velocity is increased, which accelerates the fusion speed of the droplet
and the liquid film. Secondly, the smaller the thickness of the liquid film, the
faster the droplet will reach the wall after it hits the liquid film, which also makes
the droplet and the liquid film fuse with each other faster, because the total
amount of liquid film is less, so it is diluted by the droplet. So that when the oil
film thickness is small, the splash is more intense. When the thickness of the
liquid film becomes large (H*>0.5), the amount of the liquid film is large, and the
degree of dilution by the droplet is small, so that the influence of the thickness is
weakened. The smaller the viscosity of the liquid film, the easier the liquid film
and the droplets fuse. Based on this analysis, we believe that the droplets that
were splashed in the prompt are generated by the ejecta formed by the liquid
film being hit by the droplets, so the composition of the prompt splash is the
liquid film. The delayed splash is produced at the crown edge, which we consider
to be a mixture of droplets and liquid film.
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Figure 5. Liquid film regime classification under various liquid film
thicknesses.
Figure 6 shows all the cases studied combined on one graph. Based on the
above conclusions, the experimental data were statistically analyzed and curve-
fitting, and the relationship between the impact droplet critical Weber number
and the liquid film Oh* for liquid film regime transition from non-splash to
splash in this experiment was obtained. Define Wecr as the critical Weber
number of splashing，and define the curve of Wecr in the We, Oh* map as
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C-S limit. As shown in Figure 5, the C-S limit curve can be expressed as the fol-
lowing equation:
Wecr ¼ 1182:92 637:22e15:52Oh ð6Þ
Applying the fitted formula, it is possible to predict whether the liquid film splashes
when the incident liquid droplet impacts a different liquid film.
Figure 6. We-Oh* map of liquid film regimes under all experimental
conditions.
3.4 The crown evolution
As shown in Figure 7, we define the maximum height value at which the crown reaches
its maximum: Hc, and the diameter of the coronal upper end at the corresponding
moment is crown diameter Dc. The dimensionless crown height Hc* and the dimen-
sionless crown diameter Dc* are defined as:
HC
 ¼ Hc=d ð7Þ
DC
 ¼ Dc=d ð8Þ
Figure 7. Parameters of the crown.
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3.4.1 Crown height
Figure 8 shows the relationship of Hc* with the droplet We in each of the liquid films
Oh* corresponding to 0.1≤H*≤ 1. From the figure, we find that Hc* increases linearly
with the increase of We when the liquid film Oh* is constant, which is consistent with
the conclusions in previous studies [31]. This is because the larger the incident droplet
We, the greater the inertial force and kinetic energy of the incident droplet, the more
energy that is transmitted to the liquid film during impact, resulting in a higher crown.
When the Weber number of the incident droplets and the dimensionless thickness of
the liquid film are kept constant, Hc* decreases as the liquid film Oh* increases. The
ability of the liquid film to resist deformation increases with the increase of Oh*, so the
increase of the liquid film Oh* leads to a decrease in the Hc* value. Comparing Figures
6 (a) ~ (e), it is found that Hc* increases first and then decreases with increasing
liquid film thickness. When the liquid film is thin, the impact energy transmitted by the
droplets to the liquid film is small, and more energy is converted into crown radial
expansion energy instead of the axial growth energy, so that a relatively low crown is
produced. As the thickness of the liquid film increases, the ratio of the liquid film
absorbing the droplet energy increases, the axial growth energy increases, and the
crown height increases accordingly. When the thickness of the liquid film is increased
to a certain value, the thickness of the formed crown and the quality of the liquid film
contained therein increase. Limited by the conservation of energy, the crown rise
requires more energy to increase the potential energy, so that the crown height begins
to decline.
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Figure 8. Dimensionless liquid film crown maximum height versus the drop-
let We under various liquid film thicknesses.
Assume that the relationship between Hc* and the We number of incident droplets is:
HC
 ¼ k1Weþ b1 ð9Þ
According to the previous analysis, it was found that Hc* is related to the liquid film Oh*
in addition to the incident droplet We. Therefore, we explored the relationship between
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k1, b1 in formula (9) and liquid film Oh*. Figures 9 (a) and (b) are plots of k1 and b1 as
a function of Oh*, respectively. From image (a) we find that the value of k1 is nearly con-
stant with the change in the Oh* value of the liquid film. By analyzing the data, we con-
clude that k1 = 0.00113. The value of b1 in image (b) tends to decrease with increasing
Oh*. The relationship between b1 and liquid film Oh* is obtained by fitting, as follows:
b1 ¼ 0:2 ln Oh  7:019 104
  0:48 ð10Þ
Based on this result, Hc* is expressed by the following equation:
HC
 ¼ 0:00113We 0:2 ln Oh  7:019 104  0:48 ð11Þ
3.4.2 Crown diameter
Figure 10 (a)~(e) illustrates the relationship of Dc* with the droplet We in each of the
liquid films Oh* corresponding to 0.1≤H*≤1. Similar to the height of the crown, Dc*
Figure 9. Slope and Intercept in Hc*-We relation versus Oh* of liquid film.
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also increases linearly with the increase of the incident droplet We. At the same liquid
film thickness and the same incident droplet We, Dc* decreases as the Oh* of the
liquid film increases. By comparing the figures (a) ~ (e) we found that Dc* is not sensi-
tive to the thickness of the liquid film.
Figure 10. Dimensionless liquid film crown diameter versus the droplet We
under various liquid film thicknesses.
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We express the relationship between Dc* and the We number of incident droplets is:
DC
 ¼ k2Weþ b2 ð12Þ
In order to explore the relationship between liquid film properties and k2, b2, we
plot the relationship between k2, b2 and liquid film Oh* in Figure 11 (a), (b),
respectively. From figure (a) we can conclude that k2 is not sensitive to Oh* and
remains almost constant at each Oh* value. By fitting the data, as shown:
k2 =0.00155. Figure (b) shows that the value of b2 decreases with increasing Oh*.
Through data analysis and fitting, the following approximation equations for b2 can
be obtained:
b2 ¼ 0:531 ln Oh þ 0:215ð Þ þ 2 ð13Þ
The following equation was then obtained by approximating the result:
DC
 ¼ 0:00155Weþ0:531 ln Oh þ 0:215ð Þ þ 2 ð14Þ
Figure 11. Slope and Intercept in Dc*-We relation versus Oh* of liquid film.
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4 CONCLUSION
The LIF method was used in this experiment to explore the development of liquid film
after a single droplet impacted the liquid film with different physical properties. The
effects of the droplet Weber number, the physical parameters of the liquid film such as
viscosity, and the thickness of the liquid film on the dynamic of the liquid film after
impact were systematically analyzed. The morphology of the liquid film after impact
was classified, and the formation mechanism of various regimes was explained.
According to the test results, the crown/splashing limit and the empirical formula of
the dimensionless crown parameter value are obtained. It is possible to predict the
dilution and the motion of the oil after the fuel in the engine hits the oil film on the
cylinder wall. It provides experimental data and theoretical basis for optimizing the
fuel spray impingement model. The analysis of the data revealed the following:
(1) The morphology of liquid film after being hit can be divided into: (a) Stable Crown;
(b) Bifurcation Crown; (c) Prompt Splash Only; (d) Prompt and Delayed Splash;
(e) Delayed Splash Only.
(2) RM instability occurs during the initial time of crown production, resulting in bifur-
cation of the crown edge. Due to the theory of motion discontinuity, the crown
continues to develop and produces secondary droplets.
(3) The increase of the Weber number of incident droplets promotes dilution of the
liquid film, while the increase in viscosity and thickness of the liquid film inhibits
dilution of the liquid film. The component in the prompt splash is from liquid film,
and the component in the delayed splash is a mixture of the liquid film and the
droplet.
(4) A correlation for the crown/splashing limit (under the condition: 0.1≤H*≤1) was
proposed in the form: Wecr ¼ 1182:92 637:22e15:52Oh
(5) The crown height and diameter of the liquid film are related to the Weber number
of the droplets and the physical properties of the liquid film.
Hc* and Dc* can be predicted using the following empirical formula:
HC ¼ 0:00113We 0:2 ln Oh  7:019 104
  0:48；
DC
 ¼ 0:00155We 0:531 ln Oh þ 0:215ð Þ þ 2
Hc* and Dc* increases linearly with the increase of We, while decrease as the
liquid film Oh* increases, when H* is constant. when the liquid film Oh* is con-
stant. Hc* increases first and then decreases with increasing liquid film thickness,
while Dc* is not sensitive to the thickness of the liquid film.
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ABSTRACT
A Road to Rig (R2R) whole vehicle development, calibration and verification approach
known as Real Driving Emissions Plus (RDE+) is being developed at HORIBA MIRA
using road, chassis dynamometer, Engine-in-the-Loop (EiL) and virtual toolsets. This
will enable real world scenarios to be deployed further upstream of the vehicle and
engine programme with the aim of reducing development timescales and costs that
will inevitably increase due to RDE regulations.
Reported in this paper are the methodologies developed thus far to achieve Real Driv-
ing Emissions (RDE) replication (driving style, altitude and temperature) using chassis
and engine dynamometers, EiL co-simulation and use of RDE vehicle test validation.
1 INTRODUCTION
In late 2017, the Worldwide Harmonised Light Vehicles Test Procedure (WLTP) and
Cycle (WLTC) were implemented throughout Europe. The WLTP addresses many of the
inadequacies of the previous laboratory cycles, but the laboratory-based environment
in which the WLTP is undertaken still carries many of the limitations associated with
vehicles being tested in a controlled environment.
In a real-world driving scenario, changes to ambient temperature and pressure,
driving style and road characteristics (which are not reflected within the WLTP)
can result in substantially different real-world fuel consumption and emissions. To
address this issue, a supplementary on road test procedure called Real Driving
Emissions (RDE) utilising a Portable Emissions Measuring System (PEMS) is man-
datory. At this time, RDE testing is only used to ensure criteria emissions compli-
ance (NOx and PN) for type approval; CO2 emissions are not currently used for
any type of approval system.
By implementing RDE, the operating window of the engine is significantly expanded
compared with the New European Drive Cycle (NEDC) and WLTC (Figure 1). Not only
does this ensure that the engine and aftertreatment technologies selected by vehicle
manufacturers must be capable of meeting emissions legislation across a much wider
proportion of the vehicle operational map, it naturally results in increased engine and
vehicle calibration activities.
In addition to the requirement for increased calibration effort, the implementation
of RDE will require advances in engine technology by virtue of the engine operat-
ing in areas of the engine speed and load map that currently requires some level
of component protection (low speed, high torque and full power).
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For a manufacturer to demonstrate compliance for all worst case RDE conditions,
many more prototype vehicles, powertrains and tests are required compared to the
pre-2019 situation. This is cost-prohibitive and leads to increased development time-
scales; a knock-on effect of this is a narrowing of vehicle and engine configurations
that are available to consumers. To avoid increased time and cost to achieve RDE com-
pliance, a Road to Rig (R2R) methodology known as RDE Plus (RDE+) is being devel-
oped. This methodology will enable the frontloading of vehicle and powertrain
development and calibration programmes using on-road, rig (chassis dynamometer)
and combined Engine-in-the-Loop (EiL) technology.
The R2R programme discussed in the current document is similar in design to that out-
lined in [1,2]. Whilst the authors accept that front-loading of vehicle and engine devel-
opment is not a technological breakthrough, the design and development of the
toolsets and testing procedures (some of which are outlined in the current report), are
novel. This will enable an Original Equipment Manufacturer (OEM) to rapidly and effi-
ciently explore all permutations of the RDE extended boundary conditions using both
physical and virtual testing. Due to pending patent applications, it is not possible to
disclose all aspects of the RDE Plus programme within the paper, but the authors aim
to give a true and accurate overview of the whole approach.
Figure 1. NEDC, WLTC and gentle and aggressive RDE cycle residence.
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Discussed in this document is an introduction to the development vehicles, RDE test
locations, instrumentation and the test processes developed for the road. Following this
is a section dedicated to the chassis dynamometer testing that includes a description of
the Advanced Emissions Test Centre (AETC) facility for chassis dynamometer testing,
the replication of road load on a chassis dynamometer and tools development. Finally,
an outline of the EiL configuration and initial EiL results are presented.
2 METHODOLOGY
2.1 Road testing methodology, vehicle, routes and procedure overview
The road-testing methodology and results for the RDE+ programme have been
described in detail in [3]. For brevity, the road testing has been summarised in the
bullet points and tables below with the initial results shown in the following section.
• Three vehicles (gasoline, diesel and diesel-hybrid) (Table 1), tested over five dif-
ferent ambient conditions over four locations throughout Europe (Table 2) cover-
ing the RDE extended boundary conditions of ambient temperature, altitude and
driver “aggressivity”.
• Vehicle and engine performance and emissions measured using bespoke instru-
mentation and HORIBA OBS-ONE PEMS units.
• Coastdown tests performed with each vehicle to calculate finite coastdown terms
for use when each vehicle is tested on the chassis dynamometer.
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Astech Electonics Rotary Telemetry System (RE3D)
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2.1.1 Emissions results overview
Across all four different locations and five phases, a total of 124 RDE tests were
conducted (including some repeats) with 9 out of 10 tests achieving all RDE
regulation dynamic trip criteria in addition to successfully logging all emissions
data.
To highlight the challenging conditions for complete RDE compliance across all
combinations of ambient temperature, altitude and driving style, shown in Figure
2 (gasoline vehicle), Figure 3 (diesel vehicle) and Figure 4 (diesel-hybrid vehicle)
are distance specific NOx and PN emissions for all RDE compliant tests at the
locations listed in Table 2. Squares and circles denote gentle and aggressive
drives respectively. All RDE emissions data from each vehicle is normalised to
that of the corresponding WLTC emissions data (expressed mathematically as the
ratio of RDE to WLTC emissions minus one) – represented by the diamond. In the
case of multiple tests at the same condition, a mean value of all the results was
taken. All emissions data shown includes a cold start as required in line with the
RDE regulations.
In all cases, the distance specific CO2 values give a good indication of work
done, capturing the effects of both Cumulative Positive Elevation (CPE) and driv-
ing style; higher CO2 is indicative of more “aggressive” driving compared with
a “gentle” drive on an equivalent route. However, this trend does not always
hold for NOx and PN where the results are sometimes contrary to expectations.
In the case of the gasoline vehicle, NOx is typically higher for gentle drives com-
pared to aggressive drives on the same route (the opposite trend is apparent for
PN in most cases as is to be expected) yet this trend reverses for both diesel
vehicles. One theory for the lower NOx emissions with more aggressive driving
for the gasoline vehicle is that the TWC is operating at higher temperature and
thus achieving maximum NOx reduction efficiency compared with gentle driving
which may result in the TWC “lighting-out” and falling outside the NOx reduction
temperature window. For the two diesel vehicles, gentle drives result in the
engine operating with very high Air Fuel Ratios (AFR) which result in low NOx








































































































































production whereas the aggressive drives result in close to stoichiometric oper-
ation where peak NOx formation occurs (approximately Lambda 1.1).
Since the vehicles on-test were not WLTP and RDE compliant, it is not within the scope
of this study to evaluate the specific emissions trends of different powertrain technolo-
gies, but only to highlight the potential for their significant variance when RDE testing
within the moderate and extended boundary conditions.
Figure 2. Gasoline vehicle normalised NOx and PN for all RDE results.
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Figure 3. Diesel vehicle normalised NOx and PN for all RDE routes.
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Figure 4. Diesel-hybrid normalised NOx and PN for all RDE routes.
2.2 Chassis dynamometer testing
2.2.1 Chassis dynamometer specification and capability
The end goal of performing RDE activities virtually and via an EiL system is likely to be
extremely beneficial for OEMs developing new powertrain architectures to meet future
emissions regulations. Moreover, the ability to perform RDE on chassis testbeds will
also prove similarly useful. For example, understanding how development work on
engine testbeds transfers to a full vehicle powertrain, aiding in benchmarking activ-
ities for third party suppliers (lubricants, fuels, aftermarket parts etc) and supporting
regulatory bodies.
Chassis dynamometer testing for the RDE+ project has been conducted in the AETC
located at HORIBA MIRA in Nuneaton, UK. This facility, commissioned in 2017, incorp-
orates the latest emissions test equipment and was designed specifically for WLTP cer-
tification and RDE replication/development. As such, it embodies several features that
enhance its capability in this regard.
Shown in Figure 5 is the general layout of the facility and listed in Table 3 are the
major components and respective specifications. The dynamometer is a HORIBA
Vulcan EVO all-wheel drive electric machine which includes a high capacity cooling
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fan. Fan speed is synchronized to the dynamometer to provide cooling for the vehicle.
Test scheduling is regulated by the HORIBA STARS VETS test automation system with
HORIBA SPARC being used to control the dynamometer’s electric machinery.
Figure 5. HORIBA MIRA AETC layout.
Table 3. HORIBA MIRA AETC equipment and specifications.
Analyser Room
HORIBA Supplied:
DLTand DLS dilution tunnel and sampler
CVS-ONE constant volume sampler
MEXA ONE D2 EGR raw exhaust gas sampler
MEXA ONE C1 SL OV dilute exhaust gas (bag) analyser
MEXA 2000 SPCS solid particle counter
MEXA ONE QL NX Quantum cascade laser system
GMC ONE particulate measurement
PFS ONE robotised particulate filter weighing system
OBS ONE PEMS kit (gaseous and particle)
Test Cell
FWD, RWD, AWD




HORIBA MEDAS 5012V + temperature and humidity
1200kg/hr maximum air flow
0 – 5000m altitude simulation






2.2.2 Initial methodology – human test driver
To begin the R2R RDE+ development methodology, the chassis dynamometer testing
was focused on the gasoline vehicle owing to its much simpler aftertreatment system
(all data shown here-on-in is for this vehicle). The chassis dynamometer RDE cycle
shown in this section was conducted using a human driver.
The approach to replicating road tests on the chassis dynamometer was to work back-
wards from known measured road data (strain gauges on the vehicle drive shafts). From
this measured road load, the calculated road load using the measured coast down terms
(f0, f1 and f2) and coast down inertia is subtracted. This leaves a residual load value.
This residual load is equated to the road gradient or slope (see Equations 1-4) – and
incorporates all the additional forces caused by aspects such as wind, lateral loading and
changes in road surface.
Where:
RFAct ¼ TRSG þ TLSGð ÞRwheel ð1Þ
RFRes ¼ RFAct  f0 þ f1:VRDEð Þ þ f2:V2RDE
 þ ICD:VRDEð Þ 	 ð2Þ




SEff ¼ 100  tan θ ð4Þ
RFAct Actual road force [N]
RFRes Residual road force [N]
TRSG/TLSG Torque from right/ left strain gauges [Nm]
Rwheel Wheel radius [m]
f0, f1, f2 Coastdown terms [-]
VRDE Vehicle velocity on RDE [km/hr]
ICD Coastdown inertia [kg]
mTM RDE test mass [kg]
θ Effective road slope [degrees]
SEff Effective road slope [%]
This road gradient value (SEff) is programmed into STARS VETS with the vehicle speed
trace and gear selection. The additional roller load using these gradient values is then
computed by the HORIBA SPARC system. In this way it is possible to playback the
exact road load experienced by the vehicle on the chassis dynamometer.
A 90 minute RDE cycle was completed by a single driver following a speed trace and
gear selection indicator on a STARS VETS driver aid system. Additionally, the driver
aid displayed the effective road slope synchronized to the vehicle speed trace. This
modification enabled the driver to pre-empt somewhat, the loading to be applied to
the rollers and achieve a more accurate following of the speed trace.
Approaching the problem from this direction allowed rapid assessment of the capabil-
ity of the test equipment and its ability to faithfully recreate real-world scenarios. Test
results showed great promise with accurate replication of vehicle speed, the
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cumulative work done, and a cumulative CO2 result within 2.1% of the equivalent full
RDE road test. However, whilst there was a strong correlation for cumulative CO2
across the full RDE cycle, CO, NOx and PN emissions did not show the same level
of second by second correlation; although cumulative emissions totals were in good
agreement as shown in Table 4. Note that figures relating to the data shown in Table 4
have been published in [3]; they are archived in the current paper for completeness
alongside the fluid temperatures measured for the road and chassis dynamometer
tests which were in excellent agreement.
Discrepancies in second by second emissions were caused partly by the pre-test
vehicle preparation but more predominantly by the accelerator pedal tip-in/tip-out
behavior of the driver. The latter problem is related to the chassis dynamometer test
driver having to drive in a reactionary style. This led to an under or over-pressing of
the accelerator pedal and subsequent corrections resulting in a significantly different
pedal dynamic (accelerator pedal position and accelerator pedal position rate of
change), where the on-road accelerator pedal tip-in and tip-out was far more aggres-
sive than the chassis dynamometer tests (Figure 6). This had the knock-on effect of
producing very different second-by-second emission values – an artifact that could be
resolved by accurately replicating the accelerator pedal dynamics witnessed on the
road tests.
Figure 6. Road vs. chassis dynamometer drive comparison - accelerator
pedal position and accelerator pedal position rate of change, Nuneaton, UK.
2.2.3 Progression to robot driver
A decision was taken to perform RDE replication drives with a robot driver. Reasons
include test repeatability, removal of driver to driver variability (tip-in/tip-out behav-
iour for example) and the ability to playback actual pedal manipulations if desired. At
the time of writing the robot driver has only performed drives as the human driver
Table 4. Summary cumulative emissions results for road and chassis drive
with human driver, Nuneaton, UK.
Work [MJ] CO [g] CO2 [g] NOx [g] PN [#]
Road 54.3 43.1 14830 23.0 2.13E+14
Chassis Human 55.7 44.3 15139 21.3 1.90E+14
Delta [%] 2.6 2.8 2.1 -7.4 -10.8
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would; performing closed loop control on a target speed with the chassis dynamom-
eter providing road load simulation. During the next project phase a change of chassis
dynamometer control mode will enable playback of recorded pedal inputs via open
loop control, with chassis dynamometer control performing the speed control.
The robot driver used throughout the project thus far was the Stähle SAP 2000. For
replication drives the robot controlled all 3 pedals, the gear selection and the vehicle
ignition/starter. A summary of the development processes required for the complete
integration of the robot driver with the chassis dynamometer and vehicle is detailed
below.
• RDE Importer Tool: A HORIBA software tool for converting OBS-ONE PEMS data
into a chassis test schedule including vehicle speed, gear change points, road
grade and ambient conditions.
• Drive Style Controls: Stähle control software allows for the creation of different
driver styles. The styles alter PID values and control the amount of trace smooth-
ing applied. It was necessary to utilise several drive styles during a test to achieve
acceptable pedal applications.
• Clutch Operation: The robot controller allows for customisation of clutch speeds
on a gear pair basis with separate speeds for upshift or downshift operations.
These were populated with averaged clutch actuation measurements taken from
RDE drive data.
• Throttle-by-Wire: For best control a direct electrical connection from the testbed
to the accelerator pedal. A large improvement was seen by switching the acceler-
ator pedal actuator to a direct electronic input (throttle by wire).
• External Gradient Control of Chassis Dynamometer: HORIBA SPARC is instructed
by the robot controller with gradient setpoints to alleviate synchronisation issues
between robot and chassis dyno test scheduler.
Presented in Figure 7 is a comparison of the vehicle speed measured on the road com-
pared to that measured when the vehicle was driven on the chassis dynamometer by
the human driver and robot driver – this is data for the Nuneaton, UK RDE route.
Cumulative work done and CO2 is presented in Figure 8. In all aspects, there is an
excellent correlation for road and chassis dynamometers drives driven by the human
and robot drivers.
Figure 7. Road vs. chassis dynamometer drive comparison – human driver
and robot driver correlations, Nuneaton, UK.
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Presented in Figure 9 are further cumulative emissions results for the robot driven chassis
dynamometer drive – a summary table of all cumulative emissions is shown in Table 5.
There are noticeable differences in CO and PN compared with the road drive and the
human driven chassis drive – although NOx appears to be equivalent for both the human
and robot drives. All emissions for these cycles and throughout the road and chassis
dynamometer sections were recorded with HORIBA OBS-ONE PEMS units. Unfortunately,
the unit utilised for the road and human chassis dynamometer drives was not used
during the robot driver testing; hence the indifferent CO and PN results are likely to be
attributed to unit to unit variation1. However, whilst CO and PN results indicate that use of
a robot driver delivers poorer replication, significantly improved repeatability and endur-
ance are also important aspects to consider when developing the road to chassis RDE+
methodology. Hence the reason for utilising the robot driver during further testing out-
lined in the following section and the remainder of the RDE+ programme.
Figure 8. Road vs. chassis dynamometer drive comparison - human and robot
drivers cumulative work done and cumulative CO2 emissions, Nuneaton, UK.
Figure 9. Road vs. chassis dynamometer drive comparison - human and
robot drivers cumulative CO, NOx and PN emissions, Nuneaton, UK.
1. All PEMS kits were calibrated and adhered to the regulatory standards throughout
all testing reported. Nevertheless, it is well understood that there is PEMS unit to
unit variation, particularly with regards to PN.
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Table 5. Summary cumulative emissions results for road, chassis drive










Road 54.3 43.1 14830 23.0 2.13E+14
Chassis Human 55.7 44.3 15139 21.3 1.90E+14
Chassis Robot 57.7 54.3 15246 21.5 1.80E+14
Road to Human
Delta [%]
2.6 2.8 2.1 -7.4 -10.8
Road to Robot
Delta [%]
6.3 26.0 2.8 -6.5 -14.3
As discussed in a previous section, a shortfall of the human driver is the vastly differ-
ent accelerator pedal dynamic produced by pre-emptive and reactionary driving.
Unfortunately, it was not been possible to fully eliminate this behaviour using the
robot driver as it has shown instances of more aggressive pedal application or even
wide-open throttle inputs in reaction to falling behind the trace. Importantly though,
these instances are reduced over the human driver and drive repeatability has been
seen to be excellent as shown in Figure 10 (compared with equivalent data for the
human driver presented in Figure 6).
Figure 10. Improved accelerator pedal application by robot driver,
Nuneaton, UK.
2.2.4 Addition of altitude emulation
Replication of a second RDE route taken from Innsbruck, Austria at elevations up
to 800m required the use of altitude emulation via a Multi-Function Efficient
Dynamic Altitude Simulator (MEDAS) system. It is not within the scope of the cur-
rent paper to discuss the integration or application of MEDAS to the vehicle in
question as both remain work in progress. However, replication from a drive and
emissions perspective is detailed below. The robot driver was used to perform the
driving and emissions were recorded with an OBS-ONE PEMS unit modified for
use with the MEDAS system.
Shown in Figure 11 and Figure 12 are comparisons between the road drive and
chassis drive vehicle speed and cumulative work done and cumulative CO2
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respectively; as shown, there is an excellent correlation for road and chassis
dynamometer drives. As a result of the “gentle” nature of the drive (va_pos[95]
as a percentage of the limit < 50%), it was easier to programme the robot driver
to follow the route more accurately. This resulted in an excellent correlation in
other emissions (with the exception of CO emissions) as presented in Figure 13
and summarised in Table 6. At the time of writing, further investigation of the
poor correlation in CO is being undertaken.
Figure 11. Road vs. chassis dynamometer drive comparison – vehicle speed
match and cumulative positive work done (derived from CAN RPM and CAN
torque values due to strain gauge failure), Innsbruck, Austria.
Figure 12. Road vs. chassis dynamometer drive comparison - cumulative
work done and cumulative CO2 emissions, Innsbruck, Austria.
Figure 13. Road vs. chassis dynamometer drive comparison - cumulative CO,
NOx and PN emissions, Innsbruck, Austria.
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Table 6. Summary cumulative emissions results for road and chassis drive
with robot driver, Innsbruck, Austria.
Work [MJ] CO [g] CO2 [g] NOx [g] PN [#]
Road 43.8 14.4 12408 23.0 1.54E+14
Chassis Human 44.4 18.8 12503 24.8 1.57E+14
Delta [%] 1.4 30.6 0.8 7.8 1.9
The environmental simulation using MEDAS is presented in Figure 14. Note that
MEDAS has “looser” operating windows in the configuration used (coupled with
humidity and temperature modules) because the control system is tasked with
balancing the three inter-linked set points of pressure, temperature and
humidity.
Figure 14. MEDAS performance for Innsbruck, Austria drive; pressure, tem-
perature and humidity at engine intake.
2.3 Engine-in-the-loop configuration
2.3.1 Overview
Placing increased emphasis on virtual calibration will result in shorter developmental
timescales (up to 1 year in duration) and fewer vehicle prototypes (20-25% fewer)
whilst being more cost effective compared with traditional steady state and pseudo-
transient engine and vehicle development programmes [4]. However, it has not been
until the development of high-fidelity simulation models capable of replicating trans-
missions, road characteristics and real-time traffic situations (amongst others), that
engine and vehicle developers could optimise engine configurations and calibrations in
a virtual environment before validating these using fewer engine and vehicle
derivatives.
To condense vehicle and engine development processes and move away from the cost
prohibitive, labour intensive and time sensitive historic multi-engine/vehicle calibra-
tion approach, an EiL test methodology is being developed. This will allow frontloading
of vehicle and engine hardware and calibration activities (particularly in relation to
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RDE compliance) with a view to creating a test and development methodology that
can be used for characterisation of the complete powertrain and vehicle. In addition,
this approach will also be used for providing evidence of complete RDE compliance
across all RDE boundary conditions reducing the need to send vehicles across the
world to undergo typical climatic testing.
To develop the initial EiL methodology (without integration of the virtual environment)
whilst allowing further chassis dynamometer work to be undertaken with the gasoline
RDE+ vehicle (discussed in the previous section), a donor vehicle of the exact same
specification was used. Prior to removing the engine and gearbox in readiness for
installation into the engine testcell, this vehicle was tested across a WLTC on the chas-
sis dynamometer in the AETC alongside the gasoline RDE+ vehicle. This was under-
taken to ensure equivalent engine and emissions performance between the donor and
RDE+ gasoline vehicles in the event the original RDE+ gasoline vehicle would be
unavailable to complete the road to chassis to EiL correlation exercise outlined earlier
in this paper.
2.3.2 Initial results
Following a successful correlation of engine performance and emissions between
the donor and RDE+ gasoline vehicles, the engine, gearbox and cooling pack
(radiator and charge air cooler) were removed from the donor vehicle and
installed in the engine test-cell in the Propulsion Test and Development Centre
(PTDC) at HORIBA MIRA. To re-connect the engine to the vehicle, the wiring har-
ness was extended and the gearbox, accelerator pedal position and wheel speed
sensors were coerced in order to fool the Engine Control Unit (ECU) that they
remained as part of the vehicle or in the case of the wheel speed sensors, the
vehicle was moving. By manipulating these signals, it was possible to operate the
engine across the entire engine speed and torque range.
As highlighted earlier in this section, the EiL strategy at present is geared towards
achieving a road, chassis dynamometer and EiL correlation with respect to engine per-
formance and emissions across several RDE cycles. At the time of writing however, it
was not possible to operate the EiL across a RDE cycle and hence report a correlation
with the equivalent chassis dynamometer and road data presented earlier in this
report. Nevertheless, shown in Figure 15 to Figure 19 is WLTC data recorded from the
donor vehicle operated on the chassis dynamometer and the same engine operated
over the same cycle on the engine testbed. To “drive” the WLTC on the engine testbed,
a playback file of engine speed and accelerator pedal position (recorded from the
vehicle when driven across a WLTC on the chassis dynamometer) was passed to the
engine testbed controller at 10Hz. The feedback engine speed and accelerator pedal
position trace for this cycle are shown in Figure 15 and Figure 16 respectively along-
side the equivalent data recorded for the vehicle driven on the chassis dynamometer.
As is shown, there is an excellent correlation for EiL and chassis dynamometer
activities.
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Figure 15. Chassis dynamometer and EiL engine speed.
Figure 16. Chassis dynamometer and EiL accelerator pedal position.
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Presented in Figure 17 are pre and post TWC temperature measurements alongside
exhaust mass flow rate. A good correlation in pre-TWC temperature was achieved with
the exception of the temperatures at approximately 400-600 seconds (40°C cooler for
EiL). For post-TWC temperatures there was an offset of up to 100°C up to 1200
seconds after which the EiL and chassis dynamometers temperatures are in good
agreement. The disparity in post-TWC temperature was likely to have been caused by
inadequate replication the airflow across the engine as would normally have been
encountered with the vehicle driven on the chassis dynamometer (this will be
addressed at a later date using a cold-box solution). Unfortunately, oil and coolant
temperatures were not logged during the chassis dynamometer drive. However, it is
expected that the oil and coolant were at operating temperature (90°C) throughout
the cycle due to performance of a pre-conditioning WLTC driven before the correlation
WLTP.
Figure 17. Chassis dynamometer and EiL pre and post TWC
temperatures and exhaust mass flow.
Pre-TWC emissions mass flows for CO, CO2, O2, NOx are shown in Figure 18 (meas-
ured with a MEXA One gas bench). There is generally a good match in engine-out CO2
and NOx emissions throughout the cycle yet there are excursions on the chassis dyna-
mometer trace (at 1100 seconds for example) that do not correlate with the EiL data.
Pre-TWC CO, O2 and THC emissions are less well matched; the large spikes in these
emissions during the EiL cycle indicating potential fuel rich misfire throughout
a significant proportion of the cycle.
Fuel rich misfire could also be the reason for the significantly lower post-TWC NOx
output during the EiL cycle as compared to the chassis dynamometer cycle (Figure
19). In this case, the excess fuel left over from misfire was utilised for complete NOx
reduction over the TWC. Furthermore, the higher post-TWC O2 for the EiL cycle further
points to rich misfire conditions in-cylinder. Note however, that CO and THC emissions
are broadly similar except for a few instances where EiL emissions are greater than
the chassis dynamometer; this being mainly attributed to the high pre-TWC oxygen
content (required for CO and THC oxidation) and the likelihood of the large space vel-
ocity operating window of the TWC.
Considering the emissions results discussed, the EiL methodology requires finessing
to align EiL emissions with those recorded when operating the vehicle on the chassis
dynamometer. One aspect thought to improve the correlation is to stream the engine
speed and accelerator pedal position playback file to the engine dynamometer at
a slower rate; thereby reducing the control transience thus potentially reducing the
chance of misfire as a result of the micro-transient type engine-performance expected
with fast rates of accelerator pedal position change. In addition, replication of engine
and aftertreatment thermal conditioning will be improved by enclosing these systems
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using a thermal encapsulation cold box. This should result in improved replication of
the under-bonnet engine and aftertreatment temperatures as experienced in the
vehicle with a closer alignment of TWC temperatures expected.
Figure 18. Chassis dynamometer and EiL pre-TWC emissions mass flow.
Figure 19. Chassis dynamometer and EiL post-TWC emissions mass flow.
3 FUTURE WORK
3.1 Cycle generators
An important tool needed to go beyond simple replication of RDE tests in the lab
is the synthetic test generator. There are several approaches to such a tool,
each suited to a different use case. The test generator can draw from
a database of stored manoeuvres, re-assembling these short temporal sections
into a drivable route that retains some part of the real world. An alternative
approach is to generate an entirely synthetic route, choosing random speed and
load targets using techniques such as Markov chains. This offers increased flexi-
bility and allows a test to be generated for a vehicle that is not yet road ready.
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A third approach utilises the K-means machine learning algorithm. Clustering is
performed on a dataset that may include a single or multiple RDE tests. The
Markov chain method (an example of which is shown in Figure 20) can be
layered atop to generate a route by choosing between one of the many clusters
identified by the algorithm; a manoeuvre that is representative of that cluster
can then be generated. By setting the probability matrix to reflect cluster size, it
would be possible to generate a test that is very similar to the mean of the
training dataset. Modifying the probability matrix allows the test to be modified
in a similar way to the fully synthetic method, while also retaining the real-world
element.
Figure 20. Simple Markov chain implementation.
3.2 Electrification
While an increasing number of vehicles are being developed with an electrified
powertrain, many will still include an Internal Combustion Engine (ICE) compo-
nent for the foreseeable future. Development of the RDE+ methodology includes
provision for these electrified vehicles in a conventional engine test cell with
minimal additional equipment required. Because electrical cells exhibit complex
behaviours in response to variation in several parameters such as temperature
and state of charge, it is not a simple task to substitute a large vehicle battery
pack with a simple numerical model capable of running in real time. Instead
a battery emulator is used, which uses a combination of numerical simulation
and hardware to reproduce battery behaviour. The ICE component can then be
developed without the rest of the physical powertrain in place while maintaining
an integrated development process without the drawbacks of developing power-
train components in isolation. The test cell is controlled in the conventional way
but has “some” virtual test drive tool working in the loop. The virtual environ-
ment handles the bulk vehicle properties and the simulated electric motor. Bat-
tery emulation in the loop is applied to maintain the accuracy of the electrified
portion of the powertrain. The simulation generates the load demand for the
physical ICE component, whether this is a propulsion component or a range
extender.
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Figure 21. Powertrain emulations using virtual and physical testing.
3.3 Future markets
The RDE+ methodology is applicable to any road going vehicle and can be
adapted to both large Heavy-Duty Vehicles (HGV) and smaller two and three
wheeled applications. The limited weight and load space capacity on smaller
vehicles means that a more minimalistic approach to data collection must be
taken on road tests. With the use of a reduced number of sensors and smaller
acquisition hardware, such as HORIBA Small Emissions Measurement System
(SEMS) [5] the presented methodology allows a given road test to be repeated in
a controlled environment with a good level of confidence. While this methodology
is presented with a focus on engine and ICE-powered vehicles, the methodology
is also applicable to the development of electric vehicles and their control
strategies.
4 CONCLUSIONS
• The initial HORIBA MIRA RDE+ R2R (including Road-to-Chassis and Road-to-
Engine) RDE replication test methodology has been described.
• Extensive road testing has been undertaken across Europe at locations that are
within the RDE moderate and extended boundary conditions. Fully compliant RDE
routes were developed and driven at each location utilising three heavily instru-
mented test vehicles.
• A high specification chassis dynamometer was used to replicate on-road perform-
ance and emissions. Dynamometer coast-down parameters were set using deriv-
ations from the actual vehicles on test.
• Initial testing with the gasoline vehicle showed that it was possible to recre-
ate accurate road loads and achieve a good correlation of positive work done,
cumulative CO2 and fluid temperatures between the on-road and chassis
dynamometer drives for one of the Nuneaton, UK RDE test routes. Cumula-
tive regulated emissions of NOx and PN were also in good agreement.
• The application of a robot driver improved the instantaneous correlation of pedal
control from chassis-dyno to the road test. However, whilst the robot driver
achieved some level of correlation (albeit poorer correlation than the human
driver) the repeatability and durability of the robot driver are superior.
• The robot driver will be developed further during subsequent stages of the RDE+
programme.
• A high-altitude RDE cycle (Innsbruck, Austria) was successfully replicated on
the chassis-dyno using the HORIBA MEDAS altitude emulation system. Similar
correlation to that observed over the Nuneaton, UK cycle was achieved.
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• The MEDAS system emulated measured dynamic changes in altitude which
included barometric pressure, temperature and humidity. This emulation was
accurate enough to achieve a strong correlation of vehicle responses.
• The next phase of activity will connect vehicle simulation to the EiL rig and enable
full simulation of RDE test drives with “real” feedback on CO2 and regulated RDE
emissions.
• EiL testing will form the initial stages of an engine and vehicle development pro-
gramme. By integrating the virtual environment, high fidelity modelling and utilis-
ing highly dynamic test equipment, many aspects of engine and vehicle
performance can be characterised before prototype vehicles are required.
• For the EiL test and the “road-to-engine” replication a production vehicle was
used, and its engine installed on the engine testbed via an “umbilical” elec-
trical harness. Significant and on-going issues were experienced with such an
approach. Future activity will be supported by an OEM or Tier 1 supplier with
access to control system architecture and calibration files.
• The initial EiL testing was reported. Good control correlation has been achieved
from the engine testing to chassis-dyno over a WLTC.
• EiL correlation of RDE regulated emissions has been generally fair,
but suspected misfire events have affected instantaneous emissions correl-
ation. This situation is under investigation at the time of writing of this
paper. It is suspected that this is another feature of running the engine
unsupported by the OEM or Engine Management System (EMS) supplier.
• The EiL rig will be connected to a MEDAS system and enable the application
and development of new transient Design of Experiments (DoE) development
and calibration methods and tools. This approach will enable calibration over
all RDE conditions in a controlled, repeatable test environment.
• It is likely that complete compliance with current and emerging emissions legisla-
tion in the short to medium term will almost always utilise real vehicles.
• By adopting a R2R RDE+ programme as per HORIBA MIRA’s R2R RDE+ strategy,
many of the unknown scenarios that arise through real testing can be mitigated
much further upstream; thus reducing time, effort, money and pollution.
Definitions/Abbreviations
AETC Advanced Emissions Test Centre
AFR Air Fuel Ratio
CO Carbon Monoxide
CO2 Carbon Dioxide
CPE Cumulative Positive Elevation
DOC Diesel Oxidation Catalyst
DoE Design of Experiments
DPF Diesel Particulate Filter
ECU Engine Control Unit
EGR Exhaust Gas Recirculation
EiL Engine-in-the-Loop
EMS Engine Management System
GPS Global Positioning System
HGV Heavy Goods Vehicle
ICE Internal Combustion Engine
LNT Lean NOx Trap
MEDAS Multi-Function Efficient Dynamic Altitude Simulator
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NEDC New European Drive Cycle
NOx Oxides of Nitrogen
O2 Oxygen
OEM Original Equipment Manufacturer
PEMS Portable Emissions Measurement System
PN Particle Number
PTDC Propulsion Test and Development Centre
R2R Road to Rig
RDE Real Driving Emissions
RDE+ Real Driving Emissions Plus
RPA Relative Positive Acceleration
SEMS Small Emissions Measurement System
TWC Three Way Catalyst
va_pos[95] Relative positive acceleration 95th percentile
WLTC Worldwide Harmonised Light Vehicles Test Cycle
WLTP Worldwide Harmonised Light Vehicles Test
Archive
Figure A1. Chassis dynamometer drive vehicle speed vs. on-road drive
vehicle speed, Nuneaton, UK.
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Figure A2. Road vs. chassis dynamometer drive comparison – temperature
traces for ambient air, intake air, oil, coolant and pre and post TWC, Nun-
eaton, UK.
Figure A3. Road vs. chassis dynamometer drive comparison – cumulative
positive work done and cumulative CO2, Nuneaton, UK.
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Figure A4. Road vs. chassis dynamometer drive comparison – cumulative CO,
NOx and PN, Nuneaton, UK.
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ABSTRACT
The new emissions legislation for the heavy-duty (HD) diesel engine will require
cutting NOx emissions by 90% to 0.02 g/bhp.hr, which is heavily relied upon the
effective operation of the SCR in the aftertreatment systems (ATS). However, the
low exhaust gas temperature (EGT) at low-load operation usually impedes the
efficient exhaust emissions reduction by these aftertreatment systems, which
require a minimum EGT of approximately 200°C to initiate the emission control
operations.
In this research, studies have been carried out on the effectiveness and trade-off
of the advanced combustion control strategies, such as Miller cycle, internal
(iEGR) and external exhaust gas recirculation (eEGR), on the engine efficiency,
emissions, and EGT management at low-load operation. Experiments were per-
formed on a single-cylinder HD diesel engine equipped with a high-pressure loop
cooled eEGR and a variable valve actuation (VVA) system. The VVA system
enables the Miller cycle operation with variable later intake valve closing (LIVC)
and produces iEGR via a second intake valve opening (2IVO) event during the
exhaust stroke.
The results show that common techniques such as the retarded injection timing,
intake throttling, iEGR combined with high exhaust back pressure could increase
the EGT but at the expense of high fuel consumption and deteriorating the com-
bustion process. In comparison, the Miller cycle operation could increase EGT to
more than 200℃ with insignificant impact on the net indicated efficiency (NIE).
However, the resulting lower effective compression ratio (ECR) decreased the
combustion gas temperature, leading to higher hydrocarbon (HC) and carbon
monoxide (CO) emissions. The combined Miller cycle with iEGR helped to reduce
CO and HC emissions but this strategy demonstrated a limited NOx emissions
reduction, particularly when the injection timing was optimised to achieve the
maximum NIE. The introduction of 26%eEGR on the Miller cycle operating with
iEGR decreased NOx emissions by 50%, on average, but presented insignificant
impact on the NIE and EGT. When introducing a higher eEGR of 44%, the NOx
emissions were substantially decreased while increasing the EGT to more than
200℃ with a higher NIE. However, these were attained with an increase in soot
emissions. The additional results demonstrated that the optimised Miller cycle
operating with iEGR and eEGR of 44% achieved the highest EGT of 225℃ and the
lowest NOx emissions of 0.5 g/kWh but with a soot emissions of 0.026 g/kWh.
Alternatively, Miller cycle operating with eEGR of 44% and with no iEGR achieved
the highest NIE of 43.7% and the lowest total fluid (fuel and urea) consumption
of 0.83 kg/h as well as increasing the EGT to 216℃. Meanwhile, the soot and NOx
emissions were decreased to below 0.01 g/kWh and 0.79 g/kWh, respectively.
Thus, the Miller cycle operating with iEGR and eEGR have been identified as the
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most effective means of achieving simultaneous higher engine efficiency, lower
emissions, and desired EGT, substantially improving the effectiveness of ATS at
the low-load operation.
Keywords: heavy-duty diesel engine, Miller cycle, EGR, aftertreatment, total fluid
consumption, exhaust gas temperature
1 INTRODUCTION
Due to the superior traction properties with high torque output and low fuel con-
sumption, diesel engines have been the dominant powerplant for heavy-duty
(HD) vehicles and many other applications. The existence of locally fuel-rich and
high combustion temperature zones resulted from the non-premixed diffusion-
controlled combustion in the conventional diesel combustion, however, lead to the
emission of particulate matter (PM) and nitrogen oxides (NOx) [1,2]. As more
vehicles are produced and used with the increased economic development and
prosperity in both developed and developing countries, it is necessary to reduce
CO2 emission and pollutant emissions as reflected by the introduction of more
stringent emission regulations. In particular, the US EPA has recently finalized
their Phase 2 HD greenhouse gas (GHG) regulation, which requires about 5%
reductions in carbon dioxide (CO2) compared to Phase 1 [3]. Additionally, the
California Air Resource Board is continuing to move forward with cutting HD NOx
emissions up to 90% to 0.02 g/bhp-hr from new trucks by about 2024, which is
significantly lower than the current limit of 0.2 g/bhp-hr [4,5].
These legislative trends described above put forward higher requirements for
diesel engine development and require further research work in engine and after-
treatment technologies in order to simultaneously decrease NOx emissions and
improve net indicated efficiency (NIE). Moreover, aftertreatment systems such as
NOx selective catalytic reduction (SCR) system, diesel particulate filter (DPF), and
diesel oxidation catalyst (DOC) are strongly dependent on the exhaust gas tem-
perature (EGT). A minimum EGT of approximately 200°C is required for catalyst
light-off and to initiate the emissions control [6,7]. This is extremely challenging
at low-load conditions as the EGT is too low to provide sufficient emissions reduc-
tion [8]. Advanced combustion technologies such as the multiple fuel injection
strategy, higher fuel injection pressure, and higher boost pressure have been
employed to improve upon NIE, however, these technologies are typically accom-
panied with a lower EGT [9].
Miller cycle has recently been adopted for in-cylinder NOx reduction and exhaust
gas temperature management of diesel engines, though the Miller cycle was ori-
ginally patented for the boosted spark ignition gasoline engine by Ralph Miller in
1957 [10]. Compared to the other more conventional techniques such as the
retarded injection timing [11], post injection [12], and intake throttling [13],
Miller cycle is an effective technology for NOx emissions and EGT control, particu-
larly at the low engine load operation in the HD diesel engine [14–17]. This is due
to the fact that Miller cycle implemented via either early or late intake valve clos-
ing (IVC) timings reduces the effective compression ratio and intake charge,
resulting in a reduction in peak in-cylinder combustion temperature and air-fuel
ratio. Previous studies have demonstrated the capability of Miller cycle to reduce
the engine-out NOx emission, the level of NOx reduction achieved by Miller cycle
alone is limited and less than EGR, particularly at low engine loads [18]. In add-
ition, the resulting lower in-cylinder pressure and temperature at the start of
combustion lead to poor combustion stability and higher CO and unburned HC
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emissions. Alternatively, the iEGR realised via a 2nd IVO during the exhaust stroke
and/or exhaust valve re-opening (2EVO) during the intake stroke can retain hot
residuals from the previous cycle. The combined use of iEGR and Miller cycle
operation enabled exhaust thermal management with low levels of unburned HC
and CO emissions [19–21], but with insufficient NOx emissions reduction, as
reported in our previous works [22].
Cooled external EGR is a proven technology for the reduction in NOx formation in the
cylinder, because of their thermal, chemical, and dilution effects [23,24]. Previous
studies have investigated the combined use of Miller cycle and EGR and have demon-
strated that this strategy is effective in curbing engine-out NOx emissions [25,26].
Kim et al. [18] showed that the combined use of Miller cycle with EGR could reduce the
NOx emissions from 10 g/kWh to approximately 1 g/kWh at low load operation. Simi-
lar results were reported by Verschaeren et al. [27] on the use of Miller cycle and EGR
in a HD diesel engine.
To address the challenges encountered by current HD diesel engines at low-load
operation, research and development work is required to further optimise the
combustion process to achieve simultaneous reduction in fuel and urea consump-
tion. This paper will present the results obtained with different advanced combus-
tion control strategies and analyse their effectiveness to improve upon exhaust
gas temperatures and reduce emissions as well as to increase NIE and reduce
total fluid consumption at low-load operation. The experimental study was carried
out on a single cylinder HD diesel engine at an engine speed of 1150 rpm and
engine load of 2.2 bar net indicated mean effective pressure (IMEP). The conven-
tional strategies such as the retarded injection timing and intake throttling for
EGT management were investigated and compared to the Miller cycle and iEGR.
Moreover, the influence of Miller cycle operating with internal and external EGR on
the engine combustion, performance, and emissions was investigated. Finally, an
overall engine efficiency and exhaust emissions analysis of various combustion
control strategies was analysed and the optimised engine combustion control
strategies were identified.
2 EXPERIMENTAL SETUP
2.1 Engine specifications and experimental facilities
Figure 2 shows the schematic of the experimental setup in this work, which com-
prises of a single cylinder engine, the engine test bench, a boosting system, as
well as measurement devices and a data acquisition system. In order to absorb
the work inputted from the engine, a Froude-Hofmann AG150 Eddy current dyna-
mometer with a rated power of 150 kW and maximum torque of 500 Nm was
deployed.
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The testing engine is typically developed for a modern truck. The key specifications of
the engine are listed in Table 1. Amid the composition of the engine, the design of the
cylinder head with 4-valve and a stepped-lip piston bowl were based on the Yuchai
YC6K six-cylinder engine, while the bottom end/short block was AVL-designed with
two counter-rotating balance shafts.
Figure 1. Layout of the engine experimental setup.
Table 1. Specifications of the test engine.
Displaced Volume 2026 cm3
Stroke 155 mm
Bore 129 mm




Number of Valves 4
Piston Type Stepped-lip bowl
Diesel Injection System Bosch common rail









The compressed air was supplied by an AVL 515 sliding vanes supercharger with
closed loop control. Two surge tanks were installed to damp out the strong pres-
sure fluctuations in intake and exhaust manifolds, respectively. The intake mani-
fold pressure was finely controlled by a throttle valve located upstream of the
intake surge tank. The intake mass flow rate was measured by a thermal mass
flow meter. An electronically controlled butterfly valve located downstream of the
exhaust surge tank was used to independently control the exhaust back pressure.
High-pressure loop cooled external EGR was introduced to the engine intake
manifold located between the intake surge tank and throttle by using a pulse
width modulation-controlled EGR valve and the pressure differential between the
intake and exhaust manifolds. Water cooled heat exchangers were used to control
the temperatures of the boosted intake air and external EGR as well as engine
coolant and lubrication oil. The coolant and oil temperatures were kept within 356
± 2 K. The oil pressure was maintained within 4.0 ± 0.1 bar throughout the
experiments.
During the experiments, the diesel fuel was injected into the engine by a high-
pressure solenoid injector through a high pressure pump and a common rail with
a maximum fuel pressure of 2200 bar. A dedicated electronic control unit (ECU) was
used to control fuel injection parameters such as injection pressure, start of injection
(SOI), and the number of injections per cycle. The fuel consumption was determined
by measuring the total fuel supplied to and from the high pressure pump and diesel
injector via two Coriolis flow meters. The specifications of the measurement equip-
ment can be found in Appendix A.
2.2 Variable valve actuation system
The engine was equipped with a lost-motion VVA system, which incorporated
a hydraulic collapsing tappet on the intake valve side of the rocker arm. This system
allowed for the Miller cycle operation via LIVC. The intake valve opening (IVO) and IVC
timings of the baseline case were set at 367 and -174 crank angle degrees (CAD) after
top dead centre (ATDC), respectively. All valve events were considered at 1 mm valve
lift and the maximum intake valve lift event was set at 14 mm.
In addition, this system enables a 2IVO event during the exhaust stroke for the pur-
pose of trapping iEGR in order to increase the residual gas fraction. The earliest open-
ing timing and the latest closing timing of the 2IVO strategy were set at 130 CAD
ATDC and 230 CAD ATDC, respectively. The maximum valve lift of this configuration
was 2 mm. Figure 2 shows the intake and exhaust valve profiles for the baseline
engine operation as well as the LIVC and 2IVO strategies. The effective compression
ratio, ECR, was calculated as
ECR ¼ Vivc eff
Vtdc
ð1Þ
where Vtdc is the cylinder volume at top dead centre (TDC) position, and Vivc eff is the
effective cylinder volume where the in-cylinder compressed air pressure is extrapo-
lated to be identical to the intake manifold pressure [28].
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2.3 Exhaust emissions measurement
A Horiba MEXA-7170 DEGR emission analyser was used to measure the exhaust
gases (NOx, HC, CO, and CO2). In this analyser system, gases including CO and
CO2 were measured through a non-dispersive infrared absorption (NDIR) analyser,
HC was measured by a flame ionization detector (FID), and NOx was measured
by a chemiluminescence detector (CLD). To allow for high pressure sampling and
avoid condensation, a high pressure sampling module and a heated line were
used between the exhaust sampling point and the emission analyser. The smoke
number was measured downstream of the exhaust back pressure valve using an
AVL 415SE Smoke Meter. The measurement was taken in filter smoke number
(FSN) basis and thereafter was converted to mg/m3 [29]. All the exhaust gas
components were converted to net indicated specific gas emissions (in g/kWh)
according to [30]. In this study, the eEGR rate was defined as the ratio of the
measured CO2 concentration in the intake surge tank ( CO2%ð Þintake) to the CO2 con-
centration in the exhaust manifold ( CO2%ð Þexhaust) as
eEGR rate ¼ CO2%ð Þintake
CO2%ð Þexhaust
100% ð2Þ
2.4 Data acquisition and analysis
The instantaneous in-cylinder pressure was measured by a Kistler 6125C piezo-
electric pressure transducer with a sampling revolution of 0.25 CAD. The captured
data from the high speed and low speed National Instruments data acquisition (DAQ)
cards as well as the resulting engine parameters were display in real-time by an in-
house developed transient combustion analysis software.
The crank angle based in-cylinder pressure traces were recorded through an AVL FI
Piezo charge amplifier and was averaged over 200 consecutive engine cycles and used
to calculate the IMEP and apparent heat release rate (HRR). According to [1], the
apparent HRR was calculated as
HRR ¼ γ








Figure 2. Fixed exhaust and variable intake valve lift profiles.
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where γ is defined as the ratio of specific heats and assumed constant at 1.33 through-
out the engine cycle [31]; V and p are the in-cylinder volume and pressure, respect-
ively; θ is the crank angle degree.
In this study, the CA10, CA50 (combustion phasing) and CA90 were defined as the
crank angle when the fuel mass fraction burned (MFB) reached 10%, 50%, and 90%,
respectively. Combustion duration was represented by the period of time between the
crank angles of CA10 and CA90. Ignition delay was defined as the period of time
between the SOI and the start of combustion (SOC), denoted as 0.3% MFB point of
the average cycle. The in-cylinder combustion stability was monitored by the coeffi-
cient of variation of the IMEP (COV_IMEP) over the sampled cycles.
3 METHODOLOGY
3.1 Estimation of the total fluid consumption
An increase in engine-out NOx emissions can lead to a higher consumption of aqueous
urea solution in the aftertreatment system of an SCR equipped HD diesel engine. This can
adversely affect the total engine fluid consumption and thus the engine operational cost.
Therefore, the total fluid consumption is estimated in this study in order to take into
account both the measured diesel flow rate (ṁdiesel) and the estimated urea consumption
in the SCR system (ṁurea). As the relative prices between diesel fuel and urea are differ-
ent in different countries and regions, the price and property of urea is simulated to be
the same as diesel fuel in this study [32]. According to Charlton et al. [32] and Johnson
[33], the required aqueous urea solution to meet the Euro VI NOx limit of 0.4 g/kWh can
be estimated as 1% of the diesel equivalent fuel flow per g/kWh of NOx reduction, i.e.
_murea ¼ 0:01  NOxEngineout  NOxEuroVI
   _mdiesel ð4Þ
The total fluid consumption is then calculated by adding the measured diesel flow rate
to the estimated urea flow rate as
_mtotal ¼ _murea þ _mdiesel ð5Þ
3.2 Test conditions
In this study, the experimental work was carried out at the engine speed of 1150 rpm
and light engine load of 2.2 bar IMEP, which represents a typical engine operating con-
dition of a HD drive cycle characterised with low exhaust gas temperature below
200℃. Table 2 summarises the engine test conditions for the different engine combus-
tion control strategies investigated.
The start of injection (SOI) of the baseline engine operation was swept between -11.5
and 2.5 CAD ATDC to achieve the maximum fuel efficiency and EGT of 200℃. In the
intake throttling mode, the intake pressure was gradually decreased while maintaining
the exhaust pressure constant. During the engine operation with iEGR via 2IVO, the
exhaust back pressure was varied to increase the residual gas fraction while the intake
pressure was held constant at 1.15 bar. Miller cycle operation was achieved via late
intake valve closure (LIVC) and the IVC timing was swept to estimate the effectiveness of
Miller cycle on the EGT management. For the Miller cycle operating with iEGR and eEGR,
the SOI was optimised to achieve the maximum fuel efficiency. When the EGR rate of
44% was introduced, the Miller cycle was operated under naturally aspirated conditions
with an intake pressure of 0.98 bar. This setting was necessary in order to isolate the
influence on the turbocharger operation and to analyse the feasibility of these strategies
in a production multi-cylinder engine. Stable engine operation was determined by con-
trolling the COV_IMEP below 3%.
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4 RESULTS AND DISCUSSIONS
4.1 Estimation of the effectiveness of various combustion control
strategies
In this section, conventional techniques such as the retarded injection timing, intake
throttling as well as the VVA based strategies including Miller cycle and iEGR are ana-
lysed and compared, in terms of their effectiveness on exhaust gas temperature man-
agement and the impacts on the fuel conversion efficiency and exhaust emissions.
Figure 3 shows an overview of the increase in EGT versus the percentage variation in
fuel consumption of the different combustion control strategies when compared to the
baseline case operating with the maximum fuel efficiency. It demonstrated that by
delaying the combustion phasing through retarded injection timing, the EGT was
increased at the expense of fuel efficiency penalty, leading to the highest fuel con-
sumption when the EGT was increased to reach 200℃. For the intake throttling and
iEGR strategies, the EGT could be increased to more than 200℃, but with lower NIE.
This was a result of the increased pumping loop areas attributed to the lower intake
manifold pressure in the intake throttling strategy and higher exhaust back pressure
in the iEGR strategy, as demonstrated in our previous work [22].
In comparison, Miller cycle via LIVC strategy operating with and without iEGR were more
effective in increasing EGT with lower fuel efficiency penalty. However, the application of
Miller cycle significantly increased the unburned HC and CO emissions, as shown in
Figure 4. This is because of the lower effective compression ratio and a reduction in the
combustion temperature. Although the introduction of iEGR to the Miller cycle operation
could substantially reduce both CO and unburned HC emissions, the capability of curbing
NOx emissions was insufficient. Therefore, a cooled external EGR was introduced in an
attempt to achieve lower level of engine-out NOx emission while improving upon the fuel
efficiency and EGTmanagement in the next section of study.



























Swept 1.15 1.20 -178 off 0
Intake
throttling
-5.8 Swept 1.20 -178 off 0
iEGR -5.8 1.15 Swept -178 on 0
Miller cycle Swept 1.15 1.20 Swept off 0
Miller cycle
+iEGR








Swept 0.98 1.08 -100 on 44
Miller cycle
+44%eEGR
Swept 0.98 1.08 -100 off 44
201
4.2 Analysis of the in-cylinder pressure and heat release rate
According to the discussion and analysis in the above section, Miller cycle with iEGR
strategy has been demonstrated as an enabling technology for efficient increase in the
Figure 3. Comparison of the effectiveness of various strategies for EGT
management.
Figure 4. Effect of Miller cycle operating with and without iEGR on emissions.
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EGT while maintaining reasonable fuel consumption penalty when compared to
others. To further reduce the levels of engine-out NOx emissions, the eEGR was intro-
duced to the Miller cycle operating with iEGR.
Figure 5 shows the in-cylinder pressure and HRR profiles for the baseline and the
cases of Miller cycle operating with iEGR and eEGR. The comparison was per-
formed with the maximum NIE achieved via optimising the injection timing
(SOI). The optimised SOI of the Miller cycle combined with iEGR strategy was
later than that of the baseline case. This strategy led to the most retarded heat
release but the highest peak HRR attributed to the higher degree of pre-mixed
combustion. The addition of eEGR advanced the optimised SOI and thus the
start of combustion, especially when the eEGR of 44% was employed. It can be
also seen that the iEGR advanced the SOC of the Miller cycle with eEGR of 44%
at a constant SOI. This was due to the hot residual gas introduced via iEGR,
which increased the gas temperature during the compression stroke. In compari-
son to the baseline operation, Miller cycle operating with iEGR and eEGR signifi-
cantly decreased the in-cylinder pressure, particularly in the cases with the
higher eEGR of 44%. The peak HRR was apparently higher than the baseline
engine operation due to the increased percentage of pre-mixed combustion.
Figure 5. In-cylinder pressure, HRR, and diesel injection signal for the opti-
mum baseline and Miller cycle operating with iEGR and eEGR cases.
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4.3 Combustion characteristics
Figure 6 depicts the diesel injection timing and the resulting combustion characteris-
tics as a function of the variation in EGT for the different combustion control
strategies.
Compared to the optimum baseline case, the retarded SOI strategy achieved the min-
imum EGT requirement of 200℃ at a very late SOI. This led to a substantially later
combustion phase and an unstable combustion process represented by an increase in
the COV_IMEP to more than 3%. The combined use of Miller cycle and iEGR allowed
for a relatively earlier SOI to achieve the minimum required EGT, but the combustion
phasing and CA90 were delayed when compared to those of the optimum baseline
case. The lower ECR resulted from the LIVC and the higher total heat capacity due to
the use of iEGR lengthened the ignition delay as the EGTwas increased. This increased
the degree of pre-mixed combustion and thus led to a faster combustion rate, result-
ing in a shorter combustion duration.
The introduction of a moderate eEGR of 26% on the Miller cycle operation with iEGR
produced insignificant impact on the combustion characteristics. When the eEGR was
increased to 44%, the EGT was raised to more than 200℃ with the optimised SOI. In
addition, the resulting CA50 and CA90 were held similar to those of the optimum base-
line operation. These were because the use of a relatively higher eEGR of 44% pro-
duced higher impact on the combustion process attributed to the stronger dilution,
heat capacity, and chemical effects. Consequently, the ignition delay was increased by
4 CAD, on average, compared to the baseline case with the optimised SOI. It can be
also seen that the ignition delay was longer and the combustion duration was shorter
when Miller cycle operating with eEGR of 44% and with no iEGR. Overall, all Miller
cycle cases were performed with COV_IMEP of below 3%.
Figure 6. Injection timing and combustion characteristics of the baseline and
Miller cycle operating with iEGR and eEGR.
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4.4 Engine performance
Figure 7 shows the engine performance parameters for the baseline and Miller cycle oper-
ating with iEGR and eEGR. The intake pressure was held constant at 1.20 bar except for
those cases performed with a higher eEGR of 44%, where the engine was operated under
the naturally aspirated conditions. As a result, the intake air mass flow rate was dropped
from 90 kg/h in the baseline operation to approximately 30 kg/h in those cases of Miller
cycle operating with high eEGR. The variation in lambda presented a similar trend to the
intake air mass flow rate, decreasing from 5.1 to 1.9, on average. The Miller cycle operat-
ing with high eEGR produced relatively higher pumping mean effective pressure (PMEP),
as a higher pressure differential of 10 kPa between intake and exhaust manifolds was
employed compared to the 4 kPa used in the other operating modes.
The retarded SOI strategy apparently decreased the combustion efficiency as the EGT
was increased. The combustion efficiency was reduced from 99.6% in the optimum base-
line case to 95.8% when the SOI was delayed to achieve the minimum required EGT of
200℃. This resulted in a lower NIE of 35.7% than the 42.1% in the optimum baseline
case. The Miller cycle with iEGR strategy maintained the high combustion efficiency and
achieved slightly higher NIE when achieving the minimum required EGT. This was attrib-
uted to the higher degree of pre-mixed combustion and shorter combustion duration,
which improved the combustion process and minimised the heat loses. The introduction
of a moderate eEGR of 26% produced insignificant impact on the combustion efficiency
and NIE when the EGT was increased to 200℃. When a higher eEGR of 44% was intro-
duced, however, the NIE was improved while achieving a higher EGTof more than 200℃,
despite a higher PMEP and a slightly lower combustion efficiency than the optimum base-
line case. This was also attributed to a higher degree of pre-mixed combustion and
a shorter combustion duration. Figure 7 also shows that the Miller cycle operating with
eEGR of 44% and with no iEGR achieved higher NIE than those cases operated with iEGR.
This was because the trapped hot residual gas via 2IVO advanced the SOC and thus
shortened the ignition delay, decreasing the degree of pre-mixed combustion and length-
ening the combustion duration, as demonstrated in Figure 6.
Figure 7. Engine performance parameters of the baseline and Miller cycle
operating with iEGR and eEGR.
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4.5 Engine-out emissions
Figure 8 depicts the engine-out emissions characteristics as a function of the variation
in EGT for the different combustion control strategies. The retarded SOI decreased the
NOx and soot emissions but produced substantially higher unburned HC and CO emis-
sions due to the very late combustion process and much lower combustion tempera-
ture. The Miller cycle operating with iEGR achieved lower levels of soot, unburned HC,
and CO emissions, but with a limited capability of NOx emissions reduction. The intro-
duction of 26% eEGR decreased the NOx emissions by 50% from 6 g/kWh in the Miller
cycle operation with iEGR to 3 g/kWh while maintaining the low levels of soot,
unburned HC, and CO emissions. These were attained when the EGTwas increased to
200℃. Nevertheless, the combination with the use of a higher eEGR of 44% signifi-
cantly minimised the NOx emissions to about 0.5 g/kWh, which is very close to
the Euro VI NOx limit of 0.4 g/kWh. However, this was at the expense of an increase in
soot emissions. Alternatively, the Miller cycle operating with eEGR of 44% and with no
iEGR decreased the soot emissions to below the Euro VI soot limit of 0.01 g/kWh at
the expense of a slightly higher unburned HC and CO emissions.
4.6 Overall engine efficiency and emissions analysis
In this section, the overall engine efficiency and engine-out emissions of different
engine combustion control strategies were analysed by taking into account the con-
sumption of aqueous urea solution in the SCR system. The effectiveness of Miller cycle
operating with iEGR and eEGR was estimated and compared to the optimum baseline
case.
Figure 9 provides an overall assessment of the potential of the Miller cycle operating
with iEGR and eEGR in terms of exhaust emissions, engine performance, and total
fluid consumption of a diesel engine operating at low engine load. The results of differ-
ent combustion control strategies were compared when the SOI was optimised to
achieve the maximum NIE. The optimum baseline case was characterised with low
EGT of 157℃ and NIE of 42.1% as well as high levels of NOx and soot emissions, and
thus the highest level in total fluid consumption of 0.87 kg/h. It can be seen that the
required urea consumption in the SCR systems closely linked to the level of the
engine-out NOx emissions. The reduction in the engine-out NOx emissions by using
advanced Miller cycle-based combustion control strategies substantially minimised
the requirement on the urea consumption.
Figure 8. Engine-out exhaust emissions of the baseline and Miller cycle oper-
ating with iEGR and eEGR.
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Compared to the baseline engine operation, the optimised Miller cycle combined with
iEGR slightly increased the NIE and decreased the NOx emissions. Meanwhile, the soot
emissions were substantially decreased. However, the EGT was lower than the min-
imum requirement of 200℃, although an increase in the EGT. The introduction of
a moderate eEGR of 26% achieved higher NIE and lower NOx emissions, contributing
to a noticeable reduction in the total fluid consumption due to lower fuel and urea con-
sumptions. However, this strategy with optimised SOI produced insignificant impact
on the EGT, which was still lower than the minimum requirement. Preferably, the add-
ition of a higher eEGR of 44% achieved higher EGT of 225℃ and NIE of 43.1% while
significantly reducing the NOx emissions to 0.5 g/kWh. However, these were accom-
panied with an increase in soot, unburned HC, and CO emissions. Alternatively, the
Miller cycle with eEGR of 44% and with no iEGR achieved the highest NIE of 43.7%
and the lowest total fluid consumption of 0.83 kg/h while increasing the EGT to 216℃.
In the meantime, the soot emissions were decreased to below 0.01g/kWh, but with an
increase in unburned HC and CO emissions. The slightly higher CO and unburned HC
concentrations could contribute to further increase in the EGT when they are oxidized
in the DOC, which operates between 200 and 450℃ [8,34].
Figure 9. Comparison of the overall engine efficiency and engine-out emis-
sions for various strategies under the condition of achieving maximum NIE.
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5 CONCLUSIONS
In this study, the effect of Miller cycle operating with iEGR and eEGR on engine com-
bustion process, performance, and exhaust emissions was investigated. Experiments
were performed on a HD diesel engine operating at a typical light engine load of 2.2
bar IMEP with low exhaust gas temperature of below 200℃. The aim of the research
was to explore alternative combustion control strategies as means to overcome the
challenges encountered by current HD diesel engines operating at low engine loads,
such as insufficient high EGT for efficient exhaust conversion, low fuel conversion effi-
ciency, and high engine-out emissions. Both Miller cycle and iEGR operations were
realised by means of a VVA system. Cooled external EGR and diesel fuel injection
strategy were achieved via a high pressure loop EGR and a common rail fuel injection
system, respectively. The primary findings can be summarised as follows:
1. Strategies such as retarded SOI, intake throttling, and iEGR were able to
increase the EGT to reach the minimum requirement of 200℃, but these strat-
egies decreased the net indicated efficiency (NIE) due to the significantly late
combustion process and higher pumping losses accordingly.
2. The Miller cycle operation enabled a higher EGT with little impact on the NIE,
but the lower in-cylinder combustion gas temperature resulted in higher levels
of unburned HC and CO emissions. The Miller cycle with iEGR was able to
improve the combustion process and thus lower HC and CO emissions, but its
capability to minimise NOx emissions was very limited, especially when the
SOI was optimised to achieve the maximum NIE.
3. The introduction of a moderate eEGR of 26% on the Miller cycle with iEGR
operation produced insignificant impact on the engine combustion, perform-
ance, and exhaust emissions (except for NOx emissions). When increased the
eEGR to 44%, however, the EGTwas substantially increased with a higher NIE
and significantly lower NOx emissions. These were attained with an increase in
soot, unburned HC, and CO emissions.
4. When comparing at the optimised SOI of various combustion control strat-
egies, the Miller cycle operating with iEGR and eEGR achieved higher NIE and
lower engine-out NOx emissions, which contributed to a reduction in total fluid
consumption (fuel and urea). Meanwhile, the EGT was noticeably increased
and soot emissions were significantly reduced when compared to the baseline
engine operation.
5. Among these strategies investigated, Miller cycle operating with eEGR of 44%
and iEGR achieved the highest EGT of 225℃ and the lowest NOx emissions of
0.5 g/kWh. Alternatively, Miller cycle operating with eEGR of 44% and with no
iEGR achieved the highest NIE of 43.7% and the lowest total fluid consumption
of 0.83 kg/h while increasing the EGT to 216℃ and reducing soot emissions to
below 0.01 g/kWh. However, these strategies produced higher levels of
unburned HC and CO emissions than other engine operation modes.
6. Overall, strategies such as Miller cycle operating with eEGR and iEGR were
identified as effective means for EGT management and emissions control as
well as efficiency improvement at low-load operation, substantially minimise
the total fluid consumption and potentially complying with the future fuel effi-
ciency and ultra-low NOx emissions regulations.
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Appendix A. Test cell measurement devices
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Concawe has previously undertaken and published the results of two studies aimed at
understanding the relationship between octane and the performance and efficiency of
mainstream Euro 4 to Euro 6 vehicles. Whilst the performance and efficiency of these
vehicles showed some small relationship to octane, it was important to note that most
of these vehicles were not calibrated to take full advantage of fuels with a Research
Octane Number (RON) in excess of 95.
To assess the full potential for higher octane fuels to lower vehicle CO2 output and fuel
consumption when measured over current legislative drive-cycles, a test-bed and vehicle
study was carried out using a highly downsized (30 bar BMEP), high compression ratio
(12.3:1) engine with a series of 4 fuels with RON numbers ranging from 95 to 102.
Prior to measurement, the engine was calibrated specifically on each fuel over the full
engine map, this ensured that the engine would experience the maximum benefit
from changes in fuel properties. Based on these test-bed data, a GT-Drive model pre-
dicted the CO2 emission and fuel consumption over the New European Drive Cycle
(NEDC), the Worldwide harmonised Light-duty Test Cycle (WLTC) and multiple Real
Driving Emissions (RDE) cycles of differing severity.
The engine was subsequently fitted to a D-segment vehicle and NEDC, WLTC and RDE
cycles were performed in order to validate modelled efficiency improvements and
giving up-to 3.9% relative to the baseline 95 RON fuel.
1 INTRODUCTION
Gasoline combustion has traditionally been measured using Research Octane Number
(RON) and Motor Octane Number (MON) which describe antiknock performance under
different conditions. All European gasoline cars must be capable of running on the 95
RON petrol grade, however some vehicles are calibrated to be able to take advantage of
higher octane fuels available in the market, typically by advancing spark timing or
increasing boost pressure which allows more power and perhaps also better fuel con-
sumption. In the future vehicles may be made available which have increased or variable
compression ratio which can fully take advantage of higher octane but these are not com-
mercially available at present.
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Historically, increasing both RON and MON have been considered beneficial, however
a large body of more recent literature suggests that while increasing RON still gives
benefits in modern production cars, MON is less important and in fact lowering MON at
the same RON level could improve vehicle performance.
It is now generally recognised that minimising energy consumption and CO2 emissions in
transportation needs consideration of both fuel production and vehicle efficiency, combin-
ing these factors into a ‘well-to-wheels’ approach. For the future, higher octane fuels
could be used by engine designers to improve fuel efficiency using higher compression
ratios, boost pressures, and other techniques. This needs to be balanced against the add-
itional energy needed in the refinery to produce higher octane. For this reason, the opti-
mum octane number for future fuels will come under discussion and the correct balance
between RON and MON is clearly part of this process. However, such consideration of
future vehicle possibilities cannot be addressed by testing vehicles in the market. Con-
cawe carried out a study the first phase of which was reported during 2016 and the sub-
ject of several papers [1], [2] and a Concawe report published in 2016 [3]. The first
phase of this study was to investigate the effect of RON and MON on the power and accel-
eration performance of two Euro 4 gasoline vehicles under full throttle acceleration condi-
tions. Fifteen fuels covering RON levels 95 to 103 and sensitivities (RON minus MON) up
to 15 were blended and tested. Both pure hydrocarbon and blends containing ethanol or
ETBE were included so that any specific effects of oxygenates could be identified. Three
additional fuels, covering RON as low as 86, were blended using primary reference fuels.
The results confirm the findings of previous studies on older vehicles that MON is not a
good predictor of vehicle acceleration performance and in fact high MON levels increase
acceleration time under full throttle conditions. Both vehicles were tolerant of fuels in the
95-98 RON range, but reductions in performance were seen on lower octane fuels. It was
found that fuel octane had no effect on the efficiency of the vehicle on the NEDC cycle,
suggesting that either knock does not occur under these lighter load conditions or that
adaptations to knock are not severe enough to impact on engine efficiency. Under more
extreme full throttle acceleration conditions efficiency deteriorated on the lowest octane
fuels tested as expected as the engine adapts to knock. It was also observed that effi-
ciency increased up to higher octane levels than were expected for both vehicles.
A follow-on study to this screened a wider range of more modern Euro 5 and Euro 6
vehicles [4], [5]. Two vehicles were selected for further evaluation on the full fuel set of
22 fuels, again measuring acceleration performance at full load on a modified version of
the test cycle used for the previous study. Both vehicles showed a strong appetite for
octane in the range 86 < RON <95, with one vehicle also showing some further benefit
beyond 95. This vehicle was tested for efficiency and regulated emissions on the WLTP
and the US06 legislative test cycles. This vehicle was tested over the two legislative
drive cycles on three fuels, to understand how the benefits, attributed to octane, at full-
load would translate to vehicle efficiency over a representative drive cycle. Directionally
improvements were seen beyond the octane to which the octane would be expected to
respond particularly for the WLTP test cycle which appeared to show benefits up to
beyond 99 octane. For the US06 some benefit was also seen up to 98 octane.
A criticism of these previous studies was that as marketplace vehicle are typically cali-
brated for 95 RON or occasionally 98 RON fuels, that benefits of fuels with higher RON
values would not be expected to show any further benefit in terms of power or effi-
ciency (although as described above at least one vehicle under one test cycle
appeared to show an improvement). In the current study, to test the maximum effi-
ciency benefit afforded by an increase in octane, a downsized engine was tested on a
series of 4 test fuels after being calibrated specifically on each fuel.
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2 TECHNICAL BACKGROUND
Octane number is a measure of a fuel’s resistance to auto-ignition. Gasoline spark-
ignited engines need a high octane fuel to avoid knock in contrast to diesel engines
which rely on auto-ignition and so require a low octane (or high cetane number) fuel.
The octane number of a fuel is measured in a special test engine known as a CFR
engine that is a single cylinder test engine with variable compression ratio dating from
1928 and although the test has been progressively improved over the years, the basic
engine configuration and test conditions remain the same. Tests in the early 1930s
demonstrated that the knocking behaviour of fuels in vehicles of that era did not cor-
relate with the measured Research Octane Number, therefore a new, more severe,
Motor Octane Number was developed. Both methods are still in use today:
• Research Octane Number (RON) is measured at a speed of 600rpm with a
specified intake air temperature of 52°C and is traditionally associated with
mild to moderate driving conditions [6].
• Motor Octane Number (MON) was introduced to simulate more severe higher
load conditions and uses a higher engine speed of 900rpm and a governed
charge temperature of 149°C. The MON of a fuel is typically about 10 num-
bers lower than its RON because of the more severe test conditions, although
the difference between RON and MON varies with fuel composition [7].
A fuel’s octane number is determined by comparing its performance in the engine with a
blend of pure compounds: iso-octane, defined to be 100 octane and n-heptane, defined
to have zero octane number. Although the engine test conditions, especially the engine
speed, seem far from typical of today’s engines, octane number has proved a valuable
measure of fuel quality up to the present and the octane requirement of even the most
advanced vehicles can be described as a function of RON and MON. Fuel specifications
usually set minimum requirements for both RON and MON. In most parts of the world,
RON is the primary measure of gasoline octane at the point of sale. In the USA, Canada
and some other countries, a different system is used where the octane measure dis-
played at the point of sale is the Anti-Knock Index, defined as (RON+MON)/2.
How an individual road vehicle responds to octane number depends on the details of
its engine design and calibration. The ‘octane requirement’ of a vehicle has tradition-
ally been determined by testing under acceleration or steady speed full load condi-
tions, either on the road or on a chassis dynamometer. By running on a series of
specially blended test fuels of progressively changing octane number, the lowest
octane number that will run in the vehicle without knock can be determined. In the
past, large numbers of vehicles were tested in co-operative industry programmes in
Europe and the USA to build up a picture of the road vehicle fleet, so that the octane
number of fuels sold could be matched to the needs of the vehicle fleet. More recently,
the octane numbers are determined purely by the fuel specification and vehicles are
developed to operate on them. However, a growing body of vehicle test data shows
that the traditional expectation that RON correlates with mild operating conditions and
MON with more severe driving no longer holds particularly in boosted downsized
engines which may be representative of future vehicles [8], [9], [10].
3 PROGRAMME OVERVIEW
In the current study testing took place in two distinct stages. Firstly the engine was
fitted to a test-bed, where it was calibrated and its efficiency and emission measured
over a range of test points. These data were then used as inputs in a vehicle drive-
cycle simulation, multiple cycles of increasing severity were calculated.
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In the second segment of testing, the engine was fitted into a d/e segment vehicle,
this vehicle was subsequently tested over the same drive cycles validating the simula-
tion model.
4 ENGINE TEST-BED CALIBRATION STUDY
4.1 Engine selection
A 3-cylinder, turbocharged, direct-injection engine was chosen to undertake this
study. This engine had been used in a previous studies [11], [12], [13] had shown
itself to be sensitive to RON and since it used a fully flexible engine control unit (ECU)
it was possible to calibrate it for best performance on each fuel.
A compression ratio of 12.2:1 was considered to be appropriate for a future looking
engine with >30bar BMEP. The engine was fitted with a solenoid actuated, multi-hole
direct injector and cam phasers on by intake and exhaust. The other key engine speci-
fications are shown in table 1.
4.2 Test Fuels
Four fuels were selected for use in this programme, these fuels were blended to meet
RON and MON targets whilst other physical properties were kept consistent wherever
possible. These fuels were consistent with EN228, the European specification for forecourt
gasoline.
The target RON ranged from 95, typical for regular grade gasoline in Europe, through
98, 100 to 102 the highest RON fuel currently available at an EU forecourt. Details of
the test fuels are show in table 2.





Compression Ratio - 12.2:1
Maximum BMEP bar 30
Peak Power (speed) kW 120 (5000-6000 rpm)
Peak Torque (speed) Nm 286 (1600-3500 rpm)
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4.3 Engine Calibration and Testing
To ensure best performance was achieve on each fuel, the engine was fully calibrated
over a range of steady state speed and load points. Parameters optimised at each
mapping point included spark-timing, cam-phasing, boost-level and lambda.
Table 2. Key parameters of the 4 tests fuels.
Properties 95RON 98RON 100RON 102RON
Specific gravity 0.752 0.751 0.7509 0.7515
RON 95.4 98.3 99.9 102
MON 86.2 88.3 88.9 90.7
Olefins, vol% 2.3 4.4 3.3 6.7
Aromatics, vol% 33.1 33.1 33.1 34.2
Benzene, vol% 0.91 0.92 0.92 0.86
Oxygen, wt% 2.09 2.07 2.06 2.09
RVP, kPa 55.7 57.3 56.7 52,5
Evap. @70°C, vol% 29.5 27.1 26.4 26.4
Evap. @100°C, vol% 53.6 49.8 47.5 47.4
Evap. @150°C, vol% 94.4 94.3 93.9 94.1
LHV, GJ/T 42.2 42.3 42.05 -
Figure 1. Chart of power and torque output for all fuels.
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A requirement for this study was to ensure that similar vehicle performance was
achievable on each of the test fuels. Figure 1 shows the power and torque curves for
the engine with each fuel, the only noticeable deviation can be seen during low speed,
high load operation, where the 95 RON fuel became knock-limited and thus was
unable to achieve the same operation points.
At higher load and speed conditions, the particular care was required to ensure that
the exhaust gas temperature did not exceed the material constraints of any of the
exhaust system components.
Wherever possible the performance of each fuel was measured at the same speed and
load point, as shown in the right chart of Figure 2. It is only when a significant differ-
ence in knock-susceptibility was experienced, that it became inappropriate to measure
data at identical test conditions.
Measurements included key engine temperatures and pressures, together with heat-
release analysis on all cylinders. Regulated emissions measurements were also
recorded. Using this data, speed-load maps were created for each fuel type, which
could then be used within a 1-D model to predict vehicle fuel consumption over a var-
iety of drive cycles.
Figure 2. Speed vs Load map of a) calibration and b) logging points for all
fuels.
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5 RESULTS AND DISCUSSION
5.1 Brake Specific Fuel Consumption (BSFC)
The contour plots in Figure 3 demonstrated the benefit in fuel efficiency afforded by
RON, as the load increases and the engine becomes more susceptible to knock, by
maintaining optimum spark timing for more of the operating range, the higher RON
fuels enable efficient operation over a larger portion of the range, this improvement in
thermal efficiency is particularly noticeable in the size of the central area of best effi-
ciency. On viewing the upper right portion of each chart, it is apparent that RON plays
a key role in improving efficiency at high engine speeds and loads, this improvement
in combustion efficiency will be discussed later.
Figure 3. Brake Specific Fuel Consumption maps for each fuel tested.
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5.2 Exhaust Gas Temperature
As depicted in Figure 4, in order to protect the exhaust system components, the
exhaust gas temperature profile of the engine operation on each fuel was con-
trolled to be largely similar, deviating primarily at the higher load and speed points
where lower RON fuels lead to higher exhaust gas temperatures being emitted
over a larger segment of the operation range. Under these conditions, to compen-
sate for the increase in temperature due to retarded ignition employed to avoid
knocking combustion, overfuelling is employed, this point is further illustrated in
Figure 5 below, where the magnitude of overfuelling required for each fuel can be
clearly seen.
Figure 4. Exhaust gas temperature maps for each fuel.
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5.3 Vehicle Modelling
A vehicle simulation was performed using GT-Drive software, this dynamic model (for-
ward facing) model was an updated version of the model used in a previous study by
Bisordi et al [11].
Based on a library of multi-physics elements the software enables vehicles and drive-
lines to be built and tested over drive-cycles for fuel consumption and pollutant
emissions.
A “virtual driver” was constructed and used to generate the required system inputs
such as throttle, brake, clutch and gear selection signals, to follow the time speed pro-
files of the various drive cycles investigated. This “virtual driver” looks one time-step
ahead and calculates the torque necessary to achieve the required vehicle acceleration
in order to match the requested future vehicle speed.
The calculated torque request is passed on to the engine or brake objects. In case of a
torque request for the engine object, greater the fuel cut threshold, the model will
look up the instantaneous fuel flow from a 3-dimensional look-up table in a quasi-
static manor.
To account for transient and cold start fuelling characteristics of the real engine a
number of correction tables and equations are implemented into the model.
The above method relies on the time-step to be small enough to be quasi static,
usually in the order of 0.25s results in sufficiently accurate instantaneous fuel flow
rates.
Figure 5. Depiction of exhaust lambda for each fuel.
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As the engine is turbo charged the transient time to full torque at any given engine
speed is not instantaneous therefore turbo transient behaviour is also modelled via
equations and look up tables based on test data. In highly dynamic drive cycles where
the engine is operated transiently most of the time the above corrections have to be
incorporated into the model to ensure a sufficient correlation to test data.
The inputs required for model creation combine parameters related to vehicle specifi-
cations used for driving resistance representation and powertrain data for efficiency,
torque and energy flow whilst delivering the power demanded.
Vehicle specifications were either obtained via manufacturer’s information or from
direct measurements and were finely adjusted so road loads such as aerodynamic
drag and wheel rolling resistance could be accurately represented.
In order to capture the actual losses for the vehicle under evaluation, a vehicle coast
down test following 70/220/EEC guidelines was performed and the measured driving
resistance curve employed later in the correlated model for the technology and fuel
assessment over the drive-cycles selected.
For engine representation the GT-Drive model uses a map of measured fuel flow rate
against engine speed and load. This map is obtained from dynamometer measurements
taken during steady-state operation, under fully warm engine conditions. Full load and
motored curves are also measured and implemented as function of accelerator position.
The transient effects such as increased fuelling during warm-up can be accurately
estimated due to the repetitive nature of the NEDC. A fuel multiplier trendline is
fitted to a modified Arrhenius equation in which elapsed cycle time is the main vari-
able. This method was applied to all measurements performed on the selected fuels
tested in the baseline vehicle. No appreciable differences were found between the
fuel types investigated. Therefore, a single warm-up correction model for all fuel
types is used. The same warm-up correlation is also used for both the WLTC and RDE
cycle simulations.
The fuel-weighted speed-load residency plots in Figure 6 demonstrate the benefit that
can be achieved through the use of higher octane fuels. The yellow line plotted on
each chart described the knock limit of the engine, the size and number of blue circles
plotted above that line giving an indication of the relative severity of each cycle, from
an engine knock perspective, and therefore the potential benefit for higher RON fuels.
These benefits translate to the drive-cycle fuel efficiency for each fuel and cycle com-
bination presented in Table 3 below.
Figure 6. Fuel weighted residency maps for each drive cycle, 95RON knock-
limit displayed.
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Fuel economy benefits associated with an increase of RON from 95 to 102 of between
1.75% and 3.72% were simulated, with the lowest benefit being seen over the NEDC
drive cycle, and the greatest over the chosen RDE cycle. For the NEDC cycle the engine
operates at BMEP levels below the knock limit threshold for most of the cycle and there-
for the effect of higher RON fuels is relatively small. The WLTP cycle is operated at
slightly higher loads although the greater part of the cycle is still below the 95 RON
knock limit. In addition, both the RDE cycle and the Artemis cycle operate at signifi-
cantly higher loads compared to the NEDC or the WLTC cycles and, therefore, showed
fuel economy improvement when higher RON fuels were used due to less overfuelling
needed than for lower RON fuels. For the NEDC, WLTC and Artemis cycles, the results
were also modelled with and without stop-start. The results with stop-start are shown
with the benefit from using stop-start ranging from 1% for the Artemis to around 4.7%
for the NEDC due to the high idle content of the latter cycle. The RDE results are shown
for a shift strategy run in ECO shift mode. In addition, a SPORT shift mode was also run
and for the chosen cycle there was a penalty of around 3% for all fuels.
6 VEHICLE TESTING
Following the completion of the engine test-bed testing and modelling phase, the engine
was fitted within the chassis of a d/e segment car for chassis dynamometer testing. This
vehicle was originally equipped with a 2.0 litre, turbocharged direct-injection engine of
similar performance to the test-engine. The vehicle was tested using NEDC, WLTC and
RDE simulated test cycles on the chassis dynamometer. The RDE test cycle chosen was
the same as that used for the modelling exercise for direct comparison and was chosen
as it represented an average cycle in terms of those available for all the fuels tested.
Figure 7 shows the results for CO2 and fuel economy for the measured test cycles. Each
of the results was the average of each of three repeats and the bars show the range of
data round the average points. Both the WLTC and the RDE showed trends downward as
RON increased with no overlap between the results from the 102RON fuel and the other
fuels. The NEDC results were less clear which was consistent with the modelling and in
line with the residency maps including the amount of time spend in low load versus high
load conditions. The modelled fuel economy results are superimposed on the charts in
Figure 8, and it can be seen that the NEDC for the modelled result at 95RON appears to
follow the same trend as the others. In general the difference between the modelled and
measured results was around 1.5% and below which was considered to be very good
with the lowest difference in the RDE results and the biggest difference with the WLTC
which was more similar to the NEDC. For all the cycle simulations particular attention was
paid to such items as idle speed, road load, catalyst heating, alternating lambda and fuel-
ling during gearshifts. In sensitivity analyses, the latter three items, in particular, were


















Cycle L/100km % improvement vs. 95 RON
NEDC 7.078 7.062 7.019 6.954 - 0.22 0.83 1.75
WLTC 7.663 7.640 7.552 7.486 - 0.29 1.44 2.3
RDE 8.129 8.022 7.927 7.827 - 1.32 2.48 3.72
Artemis 8.34 8.245 8.168 8.075 - 1.14 2.06 3.17
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most significant in improving the comparison between the modelled and measured
results. It is expected that differences between these parameters would account for the
differences between the measured andmodelled results for the difference cycles.
Figure 7. Vehicle results for all fuels and drive cycles.




When optimised to take advantage of higher RON fuels an engine can demonstrate
significant improvements in efficiency and CO2 emissions, particularly when operating
under high load conditions.
During lower engine speed operation, the majority of this benefit in efficiency associated
with higher RON fuels can be directly attributed to the thermodynamic improvement of
earlier ignition timing. At higher engine speed, the ability to maintain advanced ignition
timing also reduces the necessity to use over-fuelling as a means to protect exhaust
system components from excessive gas temperature, thus providing a significant fur-
ther benefit for higher RON fuels, this is more noticeable during real driving conditions.
To understand the societal impact of the future use of higher RON fuels in terms of
well-to-wheels CO2, the impact that the production of higher RON fuels has upon
refinery efficiency must be understood. This topic has been studied by Concawe and
will be the subject of a future publication.
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ABSTRACT
The automotive industries are facing challenges to meet stringent CO2 and air-quality
regulations. One of the factors affecting emissions performance is the fuel’s chemical
composition. The presence of oxygen in a fuel offers the potential to lower soot emis-
sions, however, these oxygenates must be compatible with existing hardware and
fuels. To this end, the combustion of a long carbon-chain oxygenate, 1-octanol, was
studied. It was injected at high pressures into a constant volume chamber, and a high-
speed, two-colour pyrometry system was used to evaluate the spatial and temporal
variations of soot and temperature. A significant reduction of soot was obtained whilst
the flame temperature remained similar to that for diesel.
1 INTRODUCTION
Internal combustion engines (ICEs), in particular diesel engines, are widely used in
many industrial sectors such as in agriculture, rail, marine and automotive because of
their high power output, thermal efficiency, reliability, and low maintenance costs.
Significant developments have been made to improve the emissions of noxious com-
pounds such as NOx and soot [1]. Nonetheless, regulations are getting tighter, and
whilst light-duty vehicles will see increasing levels of electrification ranging from mild
hybrids to battery electric vehicles (BEVs), for the heavy-duty fleet, it is difficult to
envisage a complete switch in the near future because of weight and range con-
straints. It seems clear that ICEs will remain important in the near future, so solutions
that address both legislation and demand must be sought. One such approach is to
improve the in-cylinder combustion processes, as this would offer several socio-eco-
nomic advantages: by making use of the current engine infrastructure, implementa-
tion costs can be reduced and; reducing in-cylinder emissions would reduce the cost
and load on aftertreament systems, potentially allowing old vehicles to still operate on
the roads.
In recent years, the interest for oxygenated fuels has increased due to their
potential use as a drop-in fuel to help reduce emissions in diesel engine, in par-
ticular soot. In this context, a drop-in fuel is an alternative fuel to diesel that can
be directly used in ICEs without major modifications to the engine. Drop-ins are
normally blended with diesel at different percentages. Some oxygenates can be
produced from renewable sources and even biomass, and others can be synthetic-
ally produced via microbial engineering [2-4]. One such group of oxygenates are
alcohols, which are characterised by their hydroxyl functional group (-OH). The
combustion of low carbon chain alcohols such as ethanol and methanol has been
widely studied and characterised, and their properties are well known [5-7]. More
recently, work has been done on higher carbon chain alcohols such as pentanol,
hexanol, and octanol [8-10]. Higher carbon chain alcohols tend to have a higher
energy content; furthermore, longer carbon chains reduce compound polarity,
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meaning that they are more likely to form stable blends with diesel. In an indus-
trial context, this means that higher alcohols have the potential to be compatible
with current engine hardware and would not necessitate the addition of surfact-
ants to mix with diesel- offering a cost-effective solution. In other studies, octanol
has been implemented directly in engines and has shown promising results in
terms of emission performance [10, 11]. However, most studies have been done
in engines, and thus optical data on its in-cylinder combustion process and soot
formation are still lacking. Spatial information of how the temperature and soot
distribution in spray flames change when fuelled with octanol could help to char-
acterise its potential as a drop-in fuel for diesel engines.
This work aims to determine the suitability of octanol for engines and its effective-
ness in reducing in-cylinder soot formation when compared to diesel. In order to
address this, 1-octanol was injected neat (in its pure form without blending with
other components) into a high-pressure, high-temperature constant volume cham-
ber. This allowed for the decoupling of complex cylinder motions from the combus-
tion event and for precise control of the ambient conditions. Its combustion was
studied by using the two-colour pyrometry method coupled with high-speed
imaging. This was done under conditions simulating an exhaust gas recirculation
(EGR) environment that is typically used to control NOx emissions- albeit normally
having a trade-off on increased soot emissions. If under these conditions a fuel can




Diesel of EN590 compatibility was used as a reference fuel, with a known cetane
number (CN) of 53, density of 850kg/m3 and a lower calorific value (LCV) of ~43MJ/
kg. The oxygenate studied, 1-octanol, is a linear alcohol with a carbon chain of 8 and
with a hydroxyl group at one of the chain ends, as shown in Figure 1. It has a chemical
formula of C8H18O with a CN of 39, density of 824kg/m
3 and an LCV of ~38MJ/kg [12,
13]. From toxicity reports [14], its only known health impacts lie in the irritant cat-
egory, which makes it a chemical with a relatively lower toxicity profile than diesel.
This is an important fuel property, as it would make its handling relatively safe for
end-users.
Figure 1. The chemical structure for 1-octanol.
2.2 The constant volume chamber
Both diesel and octanol were injected separately in their neat forms into a constant
volume chamber (CVC). In these experiments, the mass of octanol injected was
matched to that of diesel when injected at a duration of 1.5ms. One of the advantages
of using a CVC is that the ambient conditions can be carefully controlled. For these
tests, the conditions were set to an ambient temperature of ~1300K and to an ambi-
ent oxygen concentration of ~10%. This was obtained by chemically preheating the
chamber with a premixed homogeneous mixture of acetylene and air, ignited by a
spark plug. The combustion of the mixture would then reach high temperatures and
pressures, closely monitored by a fast-response pressure transducer. Upon the decay
of both temperature and pressure, the test fuel was injected at the desired conditions
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mentioned previously. A multi-hole common rail diesel injector was used, but only one
of the sprays was imaged to maximise the camera’s resolution. The injection pressure
was set at 700bar to allow for a compromise between imaging area and camera
speed, set at 18,000 frames per second (fps); seven combustion events were acquired
for each fuel.
The schematic of the experimental set-up that was used in this work is shown in
Figure 2. The window at the bottom allows for optical access for the high-speed diag-
nostics and the one at the side allows for additional illumination if needed for spray
visualisation. For the two-colour pyrometry method (which will be described in more
detail in the following subsection) the flame emission was imaged at two different
wavelengths by using two narrow band-pass filters centred at 543.5nm and 670nm,
having a full-width half max (FWHM) of 10nm. This was achieved by aligning a 50/50
beam splitter with a mirror directly under it, which enabled two images of the same
flame to be acquired using one camera after passing through either a green or a red
filter. The data was then post-processed to extract the flame from the background and
to solve for soot and temperature values.
Figure 2. Experimental set-up showing the CVC and the high-speed two-
colour pyrometry system. 1. Exhaust valve; 2. Gas inlet; 3. Multi-hole
injector; 4. Sample flame; 5. Optical access; 6. 50/50 beam splitter; 7.
Mirror; 8. Red narrow band-pass filter; 9. Green narrow band-pass filter; 10.
High-speed camera.
2.3 Two-colour pyrometry
The two-colour (2C) method has been used extensively in the literature to characterise
the soot and temperature distributions in flames [15-18]. The basic concept relies on the
soot radiance (Isoot) being a multiple of the blackbody radiance (IBB) and the emissivity of
the body investigated (ɛ), which takes a value of <1 for a non-blackbody emitter, equa-
tion 1. The radiation emitted by the soot particles is dependent on both the wavelength
(λ) and the temperature (T). By using Planck’s laws one can further express IBB in terms
of λ, Tand two constants, c1 and c2 known as Plank’s constants, equation 2.
ISoot ¼ εIBB ð1Þ
IBB ¼ ε c1
λ5 exp c2λT
  1 	 ð2Þ
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Finally, the emissivity can be obtained by using semi-empirical equations expressed in
terms of the soot absorption (KL factor) and λ [19]. One of the most widely used cor-
relations for ɛ is that presented in equation 3, where α is the dispersion coefficient and
takes a value of 1.39 in the visible wavelength range [19].




Calibration parameters are then required to relate the pixel’s arbitrary units registered
in the sensor of the camera to a physical parameter such as radiance. In this work,
this was done by using an integrating sphere and a tungsten halogen light source.
With these data, the above equations, were solved using an in-house developed
numerical solver to obtain the flame temperature and KL factor for every pixel location
in the flame. The sensitivity of this technique due to the choice of the detection wave-
length, selection of the dispersion coefficient and other setting-specific errors have
been discussed in [20, 21]. This technique provides semi-qualitative relative informa-
tion about soot and temperature between fuels.
3 RESULTS AND DISCUSSIONS
The results and discussions section has been divided into three subsections. Some
generic combustion characteristics based on soot luminosity will be discussed first in
§3.1. Following this, in §3.2, the spatial and temporal changes in temperature will be
presented. Finally, in §3.3, the spatial and temporal characterisation of the soot evolu-
tion will be discussed.
3.1 Fuel and combustion characteristics
Attempts were made in this work to report any deterioration caused to the fuelling
system when injecting with neat octanol. From purely qualitative observations, there
was no significant alteration of the system behaviour based on the consistent combus-
tion behaviour. As well, the injector remained operative as there were no injection fail-
ures. After each injection, the components were visually inspected for signs of
damage but none could be observed. Additional tests were also carried out,
Figure 3. Sample of qualitative soaking test carried out to identify potential
material incompatibilities with neat octanol. Sample 1, stainless steel;
Sample 2, steel; Sample 3, galvanised steel; Sample 5, PVC hose; Sample 6,
PTFE hose. Besides a slight swell of the PVC pipe, no material alterations
were observed.
where sample materials from the fuel system and CVC were soaked in neat octanol for
a period of three hours. Some of the materials tested were stainless steel, steel, gal-
vanised steel, PVC, Viton, silicone, and nitrile, as shown in Figure 3. The only effect
observed in any of the materials tested was a slight swelling of the PVC hose. This
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indicates that for longer storage periods, PVC components might not be compatible
with neat octanol. These tests show that octanol is potentially compatible with existing
injection systems, and more so as a drop-in fuel at low percentages, as the concentra-
tion of octanol would be relatively lower than that tested here. The three-hour period
was chosen to ensure that the fuel did not cause any break down of the high pressure
chamber set-up, however, longer time periods would be required to ascertain its full
compatibility characteristics. Even though the outcome is encouraging, these are only
preliminary qualitative observations and a quantitative evaluation is required to fully
characterise any material incompatibilities.
Regarding the combustion characteristics, two parameters were studied. First, the
soot lift-off length (sLOL), Figure 4, and second, the end of (visible) combustion
(EOC), Figure 5. The sLOL is the distance between the injector tip and the point at
which soot has stabilised. The data in each figure represent an ensemble average of
the seven injections for each fuel, with the error bars representing two standard devi-
ations (SDs). The values were time-averaged over the stable sLOL period, which
occurred from 985μs after the start of injection (aSOI) to 2217μs aSOI.
From Figure 4, it can be seen that for diesel, soot stabilizes on average ~20% closer to
the injector tip than octanol. This indicates that spatially, the onset of soot formation is
delayed for octanol to a more downstream location. It could be that either its lower
Figure 4. Soot lift-off length for both fuels averaged over the period where
the sLOL was stable. This was done for the seven injections performed for
each fuel and the error bars correspond to two SDs.
Figure 5. Point in time at which the last visible pocket of soot can be
observed, referred to in the main body of the text as the end of (visible) com-
bustion (EOC).
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reactivity or its oxygen concentration (or a combination of both) offsets the formation
of soot. In practical terms, this means that soot will have less space and time to grow
beyond this location before oxidation starts to control the soot development pro-
cesses. This could limit the development of larger soot particles, which would also
make them easier to oxidise in engines.
From Figure 5, it can be seen that soot is consumed slightly earlier for octanol than for
diesel. It is interesting to note that even though 1-octanol has a lower reactivity profile
than diesel, its oxidation is clearly faster, as the last pocket of soot disappeared
around 700μs earlier than for diesel. In an engine, this would mean that for the same
amount of injected mass of fuel, due to its faster oxidation, less soot will remain “un-
oxidised” when the exhaust valve opens. This can potentially reduce engine-out soot
emissions as well as enhance the life of diesel particulate filters where applicable.
Though the same mass of fuel was considered in this work, as seen in §2.1, the density
and energy between the fuels are also comparable and hence the outcome based on
the same energy content may not be far from that presented in these results.
3.2 Spatial and temporal characterisation of the flame temperature
The spatial and temporal changes in temperature for diesel are shown in Figure 6, and
those for octanol in Figure 7. For both graphs, each data point corresponds to the tem-
perature value averaged over the detected flame, and subsequently ensemble averaged
over the seven injections performed. The errors bars shown correspond to two standard
deviations. The images above each graph correspond to one of the seven injections per-
formed for each fuel, and are presented to illustrate the spatial temperature distribution
throughout the flame as combustion proceeds. Each image in the sequence corresponds
to one of the data points in the graphs, presented in chronological order.
Figure 6. Temperature results obtained for diesel a) Spatial distribution of
the temperature in the flame b) Temporal development of the temperature
for points selected throughout the injection event.
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Figure 7. Temperature results obtained for octanol a) Spatial distribution of
the temperature in the flame b) Temporal development of the temperature
for points selected throughout the injection event.
For both fuels, the temperature was slightly lower at the SOC relative to the main com-
bustion phase, and it then increased slightly and remained nearly constant until the
combustion approached an end. Both fuels followed the expected combustion behav-
iour, that is, an increase in temperature during the SOC as reactions developed and
then an almost constant temperature until the final reactants and products were con-
sumed during the EOC. When looking at the average temperature, it remained
between 1700K-1800K for both fuels. It could be that under the conditions studied,
the similar LCV of both fuels produced this similar average flame temperature.
Extrapolating these findings to an engine, this suggests that under the selected ambi-
ent conditions, octanol could produce a similar amount of thermal NOx as that of
diesel, provided the flame areas are similar. Nonetheless, this suggestion is based on
the findings of this work performed in a CVC and further works on engines are needed
to provide a quantitative assessment.
When looking at the spatial distribution of the flame temperature (Figures 6a and
7a), similar trends were identified for both fuels. At the SOC, there were flame
regions with high and low temperature values due to the localised fuel-rich
regions that had not had the time to mix and therefore burned at different tem-
peratures depending on their mixture ratios. As combustion proceeded, these
regions dissipated and the temperature distribution became more uniform except
for some lower temperature patches at the tip of the flame and at the flame
edges that were closer to the chamber wall. This was caused by heat transfer
from the hot flame gases to the cooler CVC wall. As combustion approached an
end, high temperature regions were observed at the tip of the flame, where more
air was available for oxidation reactions to develop and consume the remaining
pockets of fuel and soot.
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3.3 Spatial and temporal characterisation of soot
The spatial and temporal distributions of soot (Figure 8 and Figure 9) have been pre-
sented in a similar manner to those for the temperature in the previous sub-section
(Figure 6 and Figure 7). The KL factor represents the amount of soot as an averaged
line-of-sight value. It is commonly presented in 2C pyrometry literature without units,
and following this convention, it is presented as dimensionless in this work. The data
points in the graphs represent averaged values over the flame and are themselves an
ensemble average of the seven injections performed for each fuel. Each image also
corresponds to a single shot of one of the combustion events, corresponding chrono-
logically to the data points in the graphs.
As opposed to the similarities observed for the temperature in the previous subsection
(Figure 6 and Figure 7), the soot distribution for diesel and octanol showed differences
both spatially (Figure 8a and 9a) and temporally (Figure 8b and 9b). Octanol consist-
ently showed lower KL factor values than diesel and achieved a significant reduction in
peak soot of 67%. When looking at the temporal evolution of the curves for both fuels,
the soot formation rate for octanol was slower, as it took longer than diesel to reach its
peak KL factor value. Before the KL peak is reached, when the KL factor has a positive
rate of change, soot formation dominates over oxidation. On the other hand, after the
KL peak is reached and the KL factor has a negative rate of change, soot oxidation dom-
inates over formation. The oxidation rate of octanol appeared slightly faster than that of
diesel, partly because of its lower peak KL factor. However, from these observations, it
seems that the effect of octanol on soot suppression is the major drive behind its soot
reduction potential. Overall, this finding makes octanol an attractive drop-in fuel for
engine applications because of its lower soot production rate that makes it easier to oxi-
dise before the exhaust valve opens.
Figure 8. Soot (KL) results obtained for diesel a) Spatial distribution of the
soot in the flame b) Temporal development of the soot for points selected
throughout the injection event.
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When looking at the soot spatial distribution images, the same conclusions can be
drawn than those from the graphs: overall, octanol soots less. From the images, it can
be seen that diesel shows higher KL values throughout the times considered, whereas
octanol has lower KL values, which indicates a lower sooting tendency. Some interest-
ing information could also be extracted when looking at how the soot develops spa-
tially. That is, looking at where the high and low KL regions are in the flame and how
they develop with time. For diesel, soot accumulated at the centre of the flame and
towards the tip as combustion proceeded. For octanol, the higher sooting regions rela-
tive to its sooting propensity occurred -and remained- mostly at the tip. This suggests
that the physio-chemical mechanisms causing a reduction in overall soot for octanol
are also altering the way in which soot is distributed across the flame when compared
to diesel flames. Even though at this stage it is unclear whether the soot reduction
capabilities of octanol are due to the chemical effect of its hydroxyl group or due to
dilution [22, 23], it is clear that octanol shows the potential to reduce soot emissions
without a significant increase in flame temperature (i.e., without a significant effect on
the thermal NOx). More studies are currently being carried out by the authors to deter-
mine the extent of the effect of the hydroxyl moiety on soot reduction.
In line with the outcomes reported in this work, previous works on single-cylinder
engines have also shown promising results regarding the potential of fuelling with
octanol [10, 24, 25]. Under the conditions in their studies, they showed that octanol
had a longer premixing time than diesel, and that this partly contributed to its low
sooting levels. They have also shown a reduction in PM of up to a factor of five when
fuelling with octanol, which indicates that depending on the load operation, soot sup-
pression could be even higher than the one reported in this work.
Figure 9. Soot (KL) results obtained for octanol a) Spatial distribution of the
soot in the flame b) Temporal development of the soot for points selected
throughout the injection event.
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Of interest for the manufacturers is the performance of higher carbon chain alcohols in
multi-cylinder diesel engines. Whilst currently there is not much information available
on the behaviour of octanol in multi-cylinder engines, in [26] they have shown that
with alcohol additions of 30% to diesel and with the help of cetane improvers, a signifi-
cant reduction in soot emissions is possible whilst keeping similar heat release and
thermal efficiency profiles to those of diesel. Furthermore, in line with the preliminary
material compatibility tests presented in §3.1, other works have not reported any
major damages to their equipment when using octanol as a neat fuel or as a drop-in.
Whilst more research is required in CVCs, single, and multi-cylinder engines to under-
stand the fundamentals behind the reduced sooting propensity of octanol, it is clear
that from an industrial and application point of view, both its physical and combustion
characteristics make it an attractive compound for future consideration as a drop-in
fuel.
4 CONCLUSIONS
The combustion characteristics of octanol and diesel were studied by using high-speed
two-colour pyrometry, which allowed to elucidate the spatial and temporal data for
both soot and temperature at every flame location. The soaking test performed with
octanol revealed no operational or physical alterations of the injection and pumping
systems, but it was observed that octanol did cause a slight degree of swelling of the
PVC hose.
The spatial and temporal changes of the temperature and soot in the spray flame
were also analysed. Both fuels showed a similar average flame temperature
throughout the combustion event as well as similar temperature distributions
under the conditions studied. Nonetheless, large differences were observed
between the fuels for the sooting propensity, with octanol consistently showing
lower sooting values. Octanol also had a slower soot formation rate, which in an
engine would facilitate its prompt oxidation. It was also found that for octanol,
the soot only accumulated at the flame tip, whereas for diesel it was more evenly
distributed throughout the flame. From our work, it can be concluded that octanol
offers the potential to reduce engine-out soot emissions, which would also help
reduce the load on the particular filters.
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ABSTRACT
Conventional approach of 4-stroke engines to down-sizing using direct injection and
turbocharging has several limitations, such as maximum cylinder pressure, rapid heat
release rate and so on. 2-stroke engines can produce higher power densities compared
to a 4-stroke cycle counterpart because of faster combustion frequency. To expand
engine’s operation ranges, 2/4-stroke switchable multi-cylinder gasoline engine was
proposed by Ricardo. Considering advantages of 2/4-stroke engine, same concept was
used in a single-cylinder diesel engine in this paper aiming to obtain high output power.
This 2/4-stroke engine was built on a traditional 4-stroke diesel engine by using
a switchable camshaft system. Although high power could be achieved, only 63.9%
trapping ratio and 79% scavenging efficiency was put out on 2-stroke mode due to
inadequate exchange process. In this paper, a method to measure cycle-resolved scav-
enging efficiency based on CO2 concentration is proposed. Combining experiment with
CFD simulation to optimize scavenging process and engine performance. It is found
that under the limitation of head height, the optimization of port structure only has
0.8-2% increasing of scavenging efficiency and 2.6-3.6% increasing of trapping ratio.
And the effect of structure weaker with speed increasing. In the prototype engine,
intake and exhaust valves open at the same time, which lead exhaust gas backflow,
affects the scavenging process badly. By optimizing the 100 ° CA valve overlap can
guarantee the best trapping ratio and scavenging efficiency. Finally, trapping ratio of
73.3% and scavenging efficiency of 84.3% enable the engine to achieve 111kW power
when the air flow rate of 661kg/h, 14.3% lower than the air flow rate of the original
771kg/h. 14.3% lower than the air flow rate of the original 771kg/h.
Keywords: 2/4-stroke diesel engine, scavenging efficiency, trapping ratio, optimiza-
tion, CFD simulation
1 INTRODUCTION
With the increasingly requirements of higher thermal efficiency and engine power density,
many approaches have been carried out on diesel engines, such as down-sizing, super-
high injection pressure, thermal management and powertrain hybridization etc., How-
ever, conventional approach of 4-stroke engines to down-sizing using direct injection and
turbocharging has a number of limitations such as maximum cylinder pressure, rapid
heat release rate and so on [1]. 2-stroke engines can produce higher power densities
compared to a 4-stroke cycle counterpart because of faster combustion frequency，but
this advantage is often offset by drawbacks regarding gaseous emissions and engine
components durability. Themodern down-sized 4-stroke engine design can greatly bene-
fit from this attribute of the 2-stroke cycle [2,3]. To maximize engine’s operation over
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wider speed and load ranges, 2/4-stroke switchable multi-cylinder gasoline engine was
proposed by Ricardo [4]. It provides a new idea to increase the fuel economy potential of
downsizing still further. By combining 2 and 4-stroke operation in the same engine it
could harness the benefits of each of the operating cycles but avoid their problems. A GDI
engine with two stage boosting system and electro-hydraulic valvetrain that has the
potential to improve fuel consumption by up to 30% compared to a conventional gasoline
engine. Another merit of 2/4-stroke engine is the convenience of HCCI combustion con-
cept application, and a lot of research have been carried out in Burnel University [5-9].
However, there is no corresponding research on diesel engine at present, considering
advantages of 2/4-stroke GDI engine, to improve the torque and power of diesel
engine to meet the requirements, same concept was used in a single-cylinder diesel
engine in this paper aiming to obtain high output power. In this study, a fundamental
study of power increasing was carried out on a 2/4-storke diesel engine, which based
on a traditional 4-stroke poppet valve diesel engine, through using switchable cam-
shaft system changing valves timing to achieve 2-stroke mode.
Owing to the structure of original 4-stroke intake/exhaust port and large valve overlap
when 2-stroke mode, the prototype engine has relatively poor scavenging process
and low trapping ratio because of the air short-circuiting comparing with traditional
2-stroke engines. So, in this study intake/exhaust port structures and valves timing
were optimized for the best engine performance.
Unfortunately, it is difficult to get accurate scavenging efficiency of 2-stroke engine
directly by experiments. In 1970s, Jante proposed an experimental method to meas-
ure the short-circuiting by using the distribution of the gas velocity measured by the
pitot tubes first in 2-stroke engines [10], which can be used to deduce trapping and
scavenging efficiency. In 1999, Heywood proposed a new method to calculate scaven-
ging efficiency during firing 2-stroke engine operation by measuring CO2 concentra-
tions in cylinder [11], and how to get the accurate CO2 concentration is the obstacle of
this method until 2012, a CO2 fast-response non-dispersive infrared (NDIR) analyzer
from Cambustion Company was used by Brunel University in the exhaust port to calcu-
late cycle-resolved short-circuiting rate [12]. That gave a good solution for scavenging
efficiency measurement, which was used in this study.
Other method to give trapping and scavenging efficiency of a 2-stroke engine is simu-
lation. Both 1D and 3D software could give this answer [13-14]. Hence, a scavenging
experiment which based on the method of Heywood and computational fluid dynamics
simulation were used in this paper to measure realistic scavenging efficiency and opti-
mize fresh charge motion to provide best engine performance.
2 EXPERIMENTAL SETUP AND SIMULATION SETUP
2.1 Principle of the scavenging efficiency measurement
Scavenging efficiency ηsc is a measure of the extent the exhaust gas residuals have
been replaced in the cylinder with fresh charge, and is defined by Equation 1.
Scavenging efficiency ¼ Fresh air quality in the cylinder after scavenging
Total mass of gas in the cylinder after scavenging
ð1Þ
Trapping Ratio ¼Mass of delivered fresh air retained in cylinder
Total mass of fresh charge
ð2Þ
The mass of CO2 in the cylinder at the pre-combustion stage is the sum of CO2 in the
residual exhaust gas and fresh air, ignore the minimal difference in molar mass of air,








½co2b= CO2 concentration in the cylinder after combustion
½co2u= CO2 concentration in the cylinder before combustion
½co2a= CO2 concentration in the intake port
In order to measure instantaneous CO2 concentration, a sampling probe was
installed in cylinder from the cylinder pressure measuring hole. As shown in
Figure 1, a fast-response CO2 analyzer type NDIR500 from Cambustion Ltd was
used to measure the instantaneous CO2 concentration through the sampling
probe. The fast response time is approximately 5 ms, which means that the CO2
volume fraction measurement in a single cycle can be achieved. The NDIR ana-
lyzer had an accuracy to within 2% by calibrating with different concentrations of
CO2 gas.
Figure 1. 2/4-stroke single-cylinder engine.
2.2 Baseline design of 2/4 diesel engine
The prototype engine used in this work is a single-cylinder research engine. It
can be operated in either 2-stroke mode or 4-stroke mode by switch different
camshafts. An external boosted system was connected to the intake system
through a buffer tank that supplied constant compressed air. The intake air mass
flow rate was measured with a mass flow meter installed in the engine’s intake
system and intake/exhaust temperatures measurement by k-type thermocouple.
The Kistler piezoelectric pressure sensor was used to measure the in-cylinder
transient pressure, and the Kistler combustion analyzer was used for data acquisi-




In this study, 1D simulation by GT-Power was used to evaluate the engine perform-
ance and scavenging process mainly output power, trapping ratio and scavenging effi-
ciency, meanwhile obtain boundary conditions and initial conditions for later port
structure design in 3D simulation.
Because the engine still in development, only 2000 r/min of data have been tested so
far, and the goal of this engine is to obtain high power at 3000 r/min. In order to pre-
dict 3000 r/min operating condition, the predicting combustion mode “EngCylComDI-
Pulse” was used. Four combustion factors of this model: Entrainment Rate Multiplier,
Diffusion Combustion Rate Multiplier, Ignition Delay Multiplier and premix Combustion
Rate Multiplier were derived from experimental data at 2000 r/min. The computational
l was shown in Figure 2. And the DOE function in GT-power will design orthogonal
experiments for different variables according to the settings of user, and the cases
that meet the requirements can be selected according to the requirements.
Figure 2. GT-power model.




Connecting rod (mm) 183
Geometric compression ratio 13.5
Displacement (L) 1.04
Cylinder head 2 intake valves, 2 exhaust valves
Fuel Diesel
Intake/exhaust valve opening (°CA) 130/268
Intake/exhaust valve closing (°CA) 130/268
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In order to analyses the prototype engine’s defects in scavenging process intuitively
and estimate modified port structures, this study used CFD simulation. As shown in
Figure 3, the model including the fluid field of the intake/exhaust ports and the combus-
tion chamber. The average mesh size was 2 mm, and the regions surrounding the valve
seat and head were refined. The corresponding simulation conditions, including import-
ant parameters, initial and boundary conditions, are provided by GT-Power. The initial
conditions and boundary conditions were provided by 1D simulation shown in Table 2.
Figure 3. Mesh generation and boundary division in converge.








Fuel mass 124.4 mg 107 mg 84 mg
Exhaust valve
duration
139°CA ATDC 139°CA ATDC 139°CA ATDC
Exhaust valve lift 8.03 mm 8.03 mm 8.03 mm
Exhaust valve
opening
130° CA ATDC 130° CA ATDC 130° CA ATDC
Intake valve
duration
139°CA ATDC 139°CA ATDC 139°CA ATDC
Intake valve lift 8.08 mm 8.08 mm 8.08 mm
Intake valve
opening




1477 K 1329 K 1226 K
Cylinder pressure 11.56 bar 10.39 bar 9.67 bar
Intake temperature 340 K 335 K 332 K
Intake pressure 4.99 bar 4.91 bar 4.66 bar
Exhaust
temperature
631 K 657 K 661 K
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3 RESULT AND DISCUSSION
3.1 Scavenging efficiency experimental data process
As shown in Figure 4(a), 150 cycles’ CO2 transient concentration need be record
when engine is in steady operation at the 2000 r/min experimental condition. And
when calculation and analysis, to prevent engine’s cyclical fluctuation, the final
scavenging efficiency is the average value after removing 25 maximum and 25
minimum values.
The CO2 concentration reached minimum due to the entry of fresh charge, then
it remains stable after the intake and exhaust valves are closed before the com-
bustion begins, [CO2]u is the concentration of carbon dioxide at this time. Then,
the CO2 concentration increases instantaneously to maximum because of in-
cylinder combustion, [CO2]b is the concentration of carbon dioxide at this time.
Therefore, based on the measurements [CO2]b、[CO2]u, and taking [CO2]a as
0.04%, the single-cycle scavenging efficiency can be calculated according to the
Equation 4.
Figure 4. In-cylinder CO2 transient concentration and scavenging efficiency.
3.2 Evaluation of prototype engine
3.2.1 Model calibration
By comparing experimental data and simulation result in Table 3, it can be seen that the
relative error of power, torque, intake mass flow and fuel consumption under each load
are 1.74%, 1.62%, 1.75% and 1.3%, respectively. Therefore, the simulation model is
considered suitable to predict the actual performance parameters of the 2-stroke diesel
engine.
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As shown in Figure 5, 3D results show that the scavenging efficiency at 50kW，
44 kW and 34 kW operating condition are 81.2%, 74.16% and 72.45%. Mean-
while, the experimental data is 79.8%, 75.26% and 71.48%. The scavenging
efficiency was measured at different operating conditions at 2000 r/min. It can
be seen that, at the same speed, with the increase of the intake pressure form
4.66 bar to 4.99 bar. The air flow rate was increased, more and stronger airflow
improved the scavenging efficiency. And the error of simulation and experiment
are below 2%. It is in good agreement with the experiment results, so it is
believed that 3D simulation can predict the scavenging efficiency in the cylinder
correctly.
Figure 5. Calibration of converge model.
Table 3. Calibration of GT predict model.
Operating
condition
2000 r/min51 kW 2000 r/min44 kW 2000 r/min34 kW
Experiment Simulation Experiment Simulation Experiment Simulation
Power (kW) 50.8 51.7 44 45 34.1 34.5
Torque
(N·m)
242 246.5 210.2 214.6 162.7 164.2
Air flow rate
(kg/h)




158.6 156.6 149.1 150 140 144.6
BSFC
(g/kWh)
294.6 289.1 290.5 285.7 302 301.1
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3.2.2 Evaluation of prototype engine
According to the prediction, the maximum output power of prototype engine is
83.7 kW at 3000 r/min under the current intake flow rate ability as shown in
Table 4. Theoretically, the mass of intake air needs to be increased to 771 kg/h
so that the power could reaches 111 kW due to the low trapping rate and scav-
enging efficiency. But, in order to match supercharger, the air flow rate need
reduce to a reasonable range. Others information can also be obtained from the
Table 4 that higher air flow rate elevates the scavenging efficiency, that leads to
more fresh air thus less residual gas stay in the cylinder. However, which means
more short circuit of fresh air with less trapping ratio at the meanwhile. That
indicates that improving the capture ability of fresh air in cylinder is also one of
the important means to increase output of engine’s power, which requires the
optimization design of the gas exchange system. In order to meet maximize
power output and other constraints reequipments, the optimizing of high trap-
ping ratio and scavenging efficiency is necessary. This study will optimize the
structure of the engine from both the intake and exhaust, and the phase design
of inlet charge system and valve timing system.
As shown in Figure 6, through the analysis of the mass flow rate of the intake, we can
see that the reason that why the scavenging effect of the prototype engine is poor.
The intake and exhaust valves are opened at the same time, high cylinder pressure let
a part of exhaust gas backflow to the intake port, which wastes part of the intake pro-
cess and reduces the effective intake time. The actual charge in the cylinder did not
reach the expected effect.







Fuel mass (mg/cycle) 124.4 160 -
λ 2.1 2.1
SOI (°CA) -13 -13 -
IVO (°CA) 130 130 -
EVO (°CA) 130 130 -
Differential pressure (bar) 5 7
Power (kW) 83.7 111.1 110
Air flow rate (kg/h) 685.4 771.2 700
Max pressure (bar) 178.5 207.5 220
BSFC (g/kWh) 267.5 259.3 260
Trapping ratio (%) 65.7 63.9 -
Scavenging efficiency (%) 76.3 79 -
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Figure 6. Intake mass flow rate with varied valve timing.
3.3 Intake and exhaust port optimization
As present in Figure 7, (a), (b) and (c) are air speed and CO2 concentration field when
scavenging process. When adopting the current valve timing and the structure of intake
and exhaust ports, the prototype engine has the following problems in the scavenging
process:
(1)Short-circuiting rate：In Figure 7(a) region 1 and 5, more fresh air escape
from intake ports to exhaust ports, which make trapping ratio decrease at
scavenging beginning.
(2)Backflow of exhaust gas: due to the simultaneous opening timing of the intake
and exhaust valves, the differential pressure between the cylinder and the intake
ports is large, resulting in exhaust gas backflow and affecting the scavenging
process.
(3)Poor exhaust: there is turbulence in the exhaust ports at region 4, which
makes exhaust gas cannot be discharged smoothly
(4)Weak airflow movement in the cylinder: as Figure 7(c), a scavenging dead
zone with high CO2 concentration is formed in the cylinder at the end of
scavenging. Therefore, the intake flow in zone 2 and 3 should be strength-
ened to form a strong reverse roll flow so that fresh air can scavenge the
cylinder more fully.
Figure 7. In-cylinder flow field of prototype engine.
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3.3.1 Structure optimization
To solve the above problems, reasonable changes were made on the intake and
exhaust port structures. As shown in Figure 8, a total of 4 cases were designed and
calculated by 3D simulation:
(1) case1: Raise the intake ports in order to increase the flow in region 2 and 3
(2) case2: Narrow the intake ports
(3) case3: Enlarge valve seat rim chamfering
(4) case4: Change the bifurcation of intake and exhaust ports
Figure 8. 4 cases of new port structures.
As shown in Figure 9, the different case of scavenging system was simulated at 2000r/
min @50kW and 3000r/min @83.7kW working conditions. The results showed that
little modification which base on the 4-stroke intake and exhaust ports had only
a small impact on scavenging efficiency, and the influence of the intake/exhaust port
structure gradually weakened with the increase of engine speed.
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Figure 9. Scavenging efficiency of four ports.
As shown in Figure 10, modification of intake and exhaust structure has better effect
at lower speed to trapping ratio, and the difference of port structure gradually weak-
ened with the increase of engine speed. But different with scavenging efficiency, trap-
ping ratio increases as engine speed increases.
Figure 10. Scavenging efficiency of four ports.
As the best case, case1 is taken as an example to analyze the flow field in the cylinder.
As present in Figure 11, after the intake port is raised, the air velocity at the intake
port is significantly accelerated, and the guidance of the intake makes more airflow
move along the cylinder wall, so that the flow velocity is faster and reversed tumble is
stronger. The speed was slightly increased but not significantly changed compared to
the 3000 r/min condition.
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Figure 11. In-cylinder speed field.
As present in Figure 12, when the intake port is raised, higher tumble intensity pro-
duces better scavenging effect. Lead to less CO2 residue at the bottom of the cylinder,
reducing the existence of scavenging dead region. Compared with 3000r/min, low
engine speed has more sufficient scavenging time to scavenge exhaust gas. At high
speed and high air flow rate, the improvement of that changing intake and exhaust
ports structure is not so significant.
Figure 12. In-cylinder CO2 concentration field.
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3.4 VVT optimization
According to the above analysis, the influence of intake and exhaust ports on
scavenging efficiency and trapping ratio is weak under the limit of 4-stroke
intake and exhaust ports. And it is weaker under large load and high air flow
rate. Therefore, more effective optimization is attempted through the valve
phase.
3.4.1 The influence of the single variable on scavenging efficiency and
trapping ratio
In this study, 7 factors that may affect scavenging efficiency and trapping ratio:
intake valve opening (IVO), exhaust valve opening (EVO), intake valve duration
(ID), exhaust valve duration (ED), differential pressure, injection fuel mass and
start of injection (SOI) was simulated to study its sensitivity.
To provide sensitive and directional guidance for DOE optimization. a univariate
analysis was conducted. For example, as shown in Figure 13, with the delayed
opening of the intake valve, more fresh gas is retained in the cylinder under the
same air flow rate, and the backflow of exhaust gas is reduced because exhaust
valve opens earlier relatively. So, the trapping ratio and scavenging efficiency are
improved. The increase of fresh air improves the power of combustion and
reduces the fuel consumption.
Figure 13. The influence of IVO.
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As shown in Table 5, seven single variables that may affect the scavenging process of
two-stroke engine was studied to get sensitivity analysis. The upward arrows indicate
that this factor has a greater impact.
3.4.2 DOE (design of experiments) optimization
From above analysis, injection fuel mass, start of injection, differential pressure,
intake valve opening time, exhaust valve opening time and exhaust valve duration
will have more obvious effect on engine performance and scavenging process.
Though the DOE function, the combination optimization of the above parameters is
carried out.
As shown in Table 6, the case that meets all the limitation and has the highest power is
finally selected. The change of intake and exhaust is shown in the Figure 15. The
intake valves open 18°CA later and the exhaust valves starts 20°CA earlier than proto-
type engine. The injection fuel mass enable to increase to 160 mg/cycle, because
higher trapping ratio. The power of the diesel engine can achieve 111 kW only needs
661 kg/h air flow rate. At this operating condition, the trapping ratio from 63.9% at
prototype engine increase to 73.3%, and the scavenging sufficiency increases 79%
to 84.3%.
Figure 14. Change of intake and exhaust valves open timing.





pressure IVO EVO ID ED
Power ↑ ↓ ↑ ↑ ↓ ↓ ↓
BSFC ↑ ↓ ↑ ↑ ↑ ↓ ↓
Max
pressure
↓ ↑ ↑ ↑ ↑ ↓ ↓
TR ↓ ↓ ↑ ↑ ↑ ↓ ↑
SE ↓ ↓ ↑ ↑ ↑ ↓ ↑
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As shown in Figure 15, the optimized valve timing eliminates the original exhaust
gas backflow, more fresh charge enables to enter the cylinder smoothly, utilizing the
intake process effectively. Due to the improvement of trapping ratio and scavenging
efficiency, the engine can obtain more sufficient air at a lower intake pressure and air
flow rate.
Figure 15. Intake mass flow rate with varied valve timing.









Fuel mass (mg/cycle) 160 160 -
λ 2.1 2.1
SOI (°CA) -13 -13 -
IVO (°CA) 130 148 -




Power (kW) 111.1 111.6 110
Air flow rate (kg/h) 771.2 661.6 700
Max pressure (bar) 207.5 189.8 220
BSFC (g/kWh) 259.3 258.1 260





As present in Figure 16, the exhaust valves open earlier than prototype after the
optimization by DOE, and a large amount of exhaust gas discharged from the
exhaust ports first, so that the flow in intake ports can be smoother. All those reasons
make engine achieve a stronger scavenging process. As shown in Figure 17, the
exhaust backflow in engine intake ports is significantly reduced after DOE optimiza-
tion, and exhaust gas in cylinder is significantly reduced after intake and exhaust
valves are closed.
Figure 16. Speed field comparison of prototype engine and DOE optimization.
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Figure 17. Concentration field comparison of prototype engine and DOE
optimization.
4 CONCLUSIONS
In this study, 1D GT-power and 3D Converge simulations were adopted to evaluate
scavenging process of 2/4-stroke engine, in order to obtain more realistic scavenging
process, this study used an accurate method to measure scavenging efficiency of
2-stroke engine. 7 important effect factors were investigated in detail. Finally,
achieved 111kW at 3000r/min optimization when 661kg/h air flow rate, 14.3% lower
than the air flow rate of the original 771kg/h. The conclusions are summarized as
follows:
Thorough transient CO2 concentration of pre-combustion and post-combustion, cycle-
resolved scavenging efficiency can calculate in cylinder.
In order to prevent adverse effects on the 4-stroke mode and the limitation of engine
head, only minor structural changes have been made on intake/exhaust ports. the opti-
mization of port structure only has 0.8-2% increasing of scavenging efficiency and
2.6-3.6% increasing of trapping ratio. And the effect of structure weaker with speed
increasing.
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In the prototype engine, intake and exhaust valves open at the same time, which lead
exhaust gas backflow, affects the scavenging process badly. By optimizing the 100 °
CA valve overlap can guarantee the best trapping ratio and scavenging efficiency.
Finally, trapping ratio of 73.3% and scavenging efficiency of 84.3% enable the engine




CFD computational fluid dynamics
IVO intake valve open
IVC intake valve close
EVO exhaust valve open
EVC exhaust valve close
ID intake valve duration
ED exhaust valve duration
SOI start of injection
DOE design of experiments
IMEP indicated mean effective pressure
TDC top dead center
BDC bottom dead center
BSFC brake specific fuel consumption
ηsc scavenging efficiency
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ABSTRACT
A Wankel rotary engine produced by Advanced Innovative Engineering (AIE) UK
Ltd with a capacity of 225cc is investigated, employing a rotary expander as an
energy recovery system, aiming at maximizing the expansion of the gas and
improving the overall efficiency of this propulsive system. In this configuration,
the expander is placed alongside to the engine and receives exhaust gas from the
engine by means of a short and straight connecting pipe. Unlike the engine, the
expander has a Wankel-type 1:2 configuration. A thorough description of the
machine, including the main mechanical, kinematic and port-timing parameters
are reported, in addition to details of the test rig and experimental methodologies
adopted. Finally, this work presents the experimental results obtained from the
engine equipped with the expander and compares those results with the engine
baseline performance.
1 INTRODUCTION AND BACKGROUND
1.1 The Wankel engine as a range extender
The Wankel rotary engine has in recent years become the focus of engineers
once more as a potential range extender. Mazda, the only automotive vehicle
OEM (original equipment manufacturer) to persist with the Wankel rotary engine
up until 2012, announced the reintroduction of the Wankel engine as a range
extender as part of their ‘Sustainable Zoom-Zoom 2030ʹ development pro-
gram [1].
Wankel engines in theory offer several advantages over reciprocating piston
engines as range extenders even if they are notoriously known for their poor fuel
economy. They typically offer exceptional NVH characteristics and, as a direct
result of this and a combustion event every 360 degrees (for a 3-flank rotor) they
also demonstrate good specific power. Subsequently, due to their low mass owing
to a lack of reciprocating parts, it has been demonstrated that Wankel engines
are highly suitable as range extenders for hybrid vehicles application [2]. There
also have an additional advantage over reciprocating engines in their low inertia,
which makes engine switch-on and –off events potentially less intrusive in
a series hybrid.
1.2 Engineering challenges of Wankel engines
While the unusual geometry of the Wankel rotary is the root cause of its beneficial
characteristics of low NVH and high specific power, unfortunately it also presents some
unique challenges. More detailed explanation the geometry of the Wankel engine and
its operation can be found in [3-6].
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1.2.1 Compression ratio
In a rotary engine the compression ratio is dictated by the ratio between the generat-
ing radius R and the eccentricity e as referred in Figure 1, often referred to as the
K-factor. Engines with high K-factors are capable of very high compression ratios.
Conversely a low K-factor results in low compression and difficulties in sealing the
rotor effectively. In practice Wankel engines are often designed with higher K-factors
and in order to limit the compression ratio to levels suitable for the planned fuel,
a recess is often addedto the rotor face which plays a significant part in the combustion
process; this recess is also necessary to transfer charge in the combustion chamber
across the minor axis of the housing when the rotor passes minimum volume (for ease
of terminology this will be referred to as TDC in this paper, although clearly there is no
such kinematic condition in a Wankel engine).
1.2.2 Combustion characteristics and flame speeds
Wankel engine combustion chambers, by their nature have constantly varying geometry,
with the available shape moving with the rotor flank as it travels around the housing. As
a result the placement of the spark plug is critical to flame propagation. Figure provides
an example of flame front propagation with respect to rotor motion. As engine speed
increases in many cases the flame front is unable to keep up with the leading apex seal
and a pocket of unburnt charge often escapes when the expansion phase completes. In
addition the advancing ‘trailing’ apex seal creates an area of localised high pressure
which pushes back against the flame front creating a second area of unburned charge.
Figure 1. Schematic of the 3:2 and 2:1 trochoidal configurations showing the
radius R and shaft eccentricity e.
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To combat this Mazda employed two sequential spark plugs employing different timing
in the housings of their production engines in an attempt to improve combustion char-
acteristics, even going as far as introducing a third trailing spark plug in the R26B race
engine [7].
The geometry and volume of the rotor recess also plays a significant part in the com-
bustion process [6] and this coupled with the variable chamber shape and volume can
lead to high NOx and hydrocarbon emissions.
1.2.3 Managing port overlap
A further factor impacting hydrocarbon emissions is again down to the Wankel
geometry, specifically the location of the intake and exhaust ports. In a typical
Wankel engine running on gasoline a trapped compression ratio in the region of 8
or 10:1 is often targeted. As a result significant port overlap is often encountered
owing to the physical location of the intake and exhaust port to achieve the
desired compression ratio along with an acceptable expansion ratio. This overlap
is most significant when both the intake and exhaust port are located peripherally
on the housing (as in Figure), although this overlap can be mitigated through
relocating both ports to the side housing, as Mazda did with their RENESIS
engine [8].
By relocating the ports in this way Mazda were able to reduce their HC emissions by
around 30-50% in comparison to the previous generation Wankel engine which had
a side intake port and peripheral exhaust port [8].
Figure 2. Flame propagation within a Wankel rotary engine with an example of




As a consequence of the unusual combustion chamber shape, port overlap and relatively
low compression ratios, Wankel engines suffer from high hydrocarbon emissions which
can be made more significant as a result of maintaining sufficient lubrication at the apex
seals. As previously mentioned, this challenge became significant enough that since 2012
no automotive manufacturer has sold a vehicle fitted with a rotary engine [10]. Mitigating
HC emissions in the face of these challenges remains the crux of Wankel engine develop-
ment. Further work is ongoing within the research group on improving Wankel rotary
engine emissions with a current focus around optimising the air-fuel ratio control [11].
1.3 Exhaust gas energy recovery
A further by-product of the unusual Wankel geometry is the relatively low thermal effi-
ciency, in comparison to a reciprocating piston 4-stroke running on gasoline. Since
most of the energy is lost to exhaust gas energy and so there is significant potential
for the implementation of exhaust energy recovery systems.
Figure 3. Four phases of gas exchange within a Wankel engine, intake high-
lighted in blue, exhaust in red and overlap in orange, reproduced from [9].
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1.3.1 Turbomachinery
Also if alternative boosting systems using exhaust energy have been proposed by
other authors [12], most typical exhaust energy recovery systems revolve around the
implementation of some kind of turbomachinery, which utilise a turbine driven by the
exhaust gas to compress the intake air. It is well known from the technical literature
that the matching between the engine and a turbocharger is a delicate task in order to
assure the adequate engine performance and avoid the dangerous operating condition
such as the surge [13,14]. One of the best example of this application with a Wankel
engine was Mazda’s 20B engine that used a combination of an intake port located on
the side housing and a peripheral exhaust port supplemented with a sequential twin-
turbo system, as shown in Figure .
1.3.2 Sequential two-stage rotary engine
Rolls-Royce previously investigated operating a rotary engine on the diesel cycle
which required a compression ratio that typically the rotary engine struggled to sup-
port. Their approach was effectively to combine two rotary engines with differing
geometries; one smaller rotor handled high pressure compression and expansion,
while a larger rotor provided initial low pressure compression and secondary exhaust
expansion. It is worth highlighting that the two rotors were mechanically linked at
a 1:1 ratio to the same output shaft [6]. Because of its general configuration, apparent
in Figure, the engine was colloquially known as the “Cottage Loaf”. While it was cap-
able of delivering sufficient compression for effective diesel combustion, as reported
previously it faced some challenges as a result of its unusual combustion chamber
geometry.




The Rolls-Royce Cottage Loaf engine was unusual in that it utilised a pair of
3-flank rotors to improve the expansion and compression ratio, with the first
larger rotor supporting both the initial compression phase and the secondary
expansion phase. As such the engine was a double compression-expansion engine
(DCEE). Recently rotary engine specialists have investigated combining a 3-flank
rotor coupled with a second 2-flank rotor to greatly increase the expansion ratio
of the unit [16]. Advanced Innovative Engineering (AIE UK Ltd) are one such
rotary engine manufacturer who have licenced this technology and are currently
developing the technology for sale [17], the detail of which will be reported in
a later section.
1.4 Experimental activities overview
The focus of this investigation deals with the characterisation of the 225CS rotary
engine developed by AIE, and a comparison of performance when run with a rotary
expander. The experimental activities are divided into the following broad categories:
• Phase 1 - Full characterisation of the 225CS in standard trim
• Phase 2 - Full characterisation of the 225CS with the expander fitted
• Phase 3 - Optimisation of the engine control strategy to improve performance
and emissions
The key performance and characterisation metrics are detailed in Table 1.
Figure 5. Rolls-Royce ‘Cottage Loaf’ two-stage rotary engine, reproduced
from [6].
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Once fully characterised, the impact of oil type and consumption on the performance
metrics will be established. Finally research into Wankel engine combustion chamber
pressures will be extended to include the expander [18].
2 WANKEL ENGINE AND EXPANDER CONFIGURATION
2.1 Overview of the engine and expander configurations
The most attractive peculiarity of Wankel engines is undoubtedly the geometrical con-
figuration of both the housing and the rotor, in addition to the kinematics developed by
the rotor, the eccentric shaft and central mechanism. In this section two configurations
will be described. From a geometrical point of view, the curves that define both the
rotor and the housing belong to the trochoidal family. Specifically, the rotor derives
from a hypotrochoid while the housing from an epitrochoid. Nevertheless, as reported
in [5], the Belerman-Morley theorem ensures that trochoidal curves can be generated
in different ways, such as the Wankel engine housing itself which can be generated
both as an epitrochoid or a peritrochoid.
The general mathematical equations for the trochoidal curves are parametric and can
lead to different rotor-housing configurations. While the mathematical derivation and
complete classification is outside of the scope of this work and extensively reported in the
classic textbooks [3,5,6], an example of the aforementioned configurations is shown in
Figure .
Table 1. Key performance metrics.
Metric Nomenclature Units
Brake Specific fuel consumption BSFC g/kWh




Nitrogen Oxide NOX ppm
Oxygen O2 ppm
Carbon Dioxide CO2 ppm
Carbon monoxide CO ppm
Figure 6. Different configuration of the trochoidal housing and rotor, from [3].
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Some of the most important parameters for a trochoidal configuration are represented
by the
• generating radius R
• crankshaft eccentricity e
• m parameter that defines the trochoidal configuration (1:2, 2:3, etc.) [3,5,6]
• K factor defined as R/e
Specifically, choosing m=2,3,. . .,n will define the 1:2,2:3,. . .,(n-1)/n configurations.
One of the most important consequences of the K factor for a rotary engine and
expander is that it affects the compression ratio of the machine: the higher the
K factor the higher the compression ratio. Also, the real compression ratio is different
from the theoretical one since it is affected by the
• parallel displacement of the housing curve defined by the a parameter.
• parallel displacement of the rotor curve defined by the a’ parameter.
• presence of the rotor recesses.
Both the parallel displacements a and a’ are introduced in order to change the
line of contact between housing and rotor apices and create vital clearances
between the rotor and the housing [6] while the recesses are used on engines for
flame propagation and hence combustion improvement. A summary of these
parameters for the engine and expander presented in this work are reported in
the following Table 2.
The mathematical relations for the 2:3 configuration are well developed and
extensively reported in the aforementioned textbooks [5,6]: for these configur-
ations it is possible to compute all the main parameters such as the swept
volume and surfaces in relation to the eccentric shaft angle. The mathematical
relations for the generic (n-1)/n configuration have been developed by the
authors but they are outside of the scope of this paper and will be presented in
a future work. Nevertheless Figure presents the non-dimensional swept volumes
for the 1:2 and 2:3 configurations involved in this paper, which will be of pri-
mary importance in establishing the timing between the two machines and for
the comparison of the performance. Also, the swept volume for different
K factors will be reported in the figures for the aforementioned configurations. It
is apparent from the figures that the engine and expander cycles have different
durations, i.e. 1080° and 720° of the eccentric shafts respectively. In addition, it
must be mentioned that due to the two lobes of the housing the engine presents
two different geometrical TDCs at 0° and 540° while the expander has only one
TDC at 0° of the eccentric shaft. Finally, both the machines investigated in this
work present peripheral ports that are clearly visible in the Figure 8b. In the
same figure the rotors are represented with the actual phase, i.e. with the
expander rotor at TDC and the inlet port fully open while the engine rotor has
one of the apices at the leading edge of the exhaust port ready for the exhaust
phase. Further details about the rotor timing will be reported in a subsequent
section.
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Table 2. Geometrical parameters of the engine and expander.
Definition Abbreviation Engine Expander Units
Generating Radius R 69.5 73 mm
Eccentricity e 11.6 17 mm
Width of Rotor Housing B 51.941 63 mm
Rotor Offset a’ 1.5 0 mm
Housing Offset a 2 0.9 mm
No. of Rotors 1
Total Displacement 225 653 cc
Mass (excluding ancillaries) 10 10.5 kg
Geometric Compression Ratio 9.6:1 30.2 -
Figure 7. Non-dimensional swept volume for a Wankel engine (7a, top) and
Wankel expander (7b, bottom) for different K factor values.
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2.2 Overview of the AIE 225CS engine and the expander
The Advanced Innovative Engineering 225CS Wankel engine has been largely
described together with the most important parameters and current numerical models
used to predict its performance in previous works [4,17,18,19]. AIE UK also developed
a compact exhaust energy recovery system in the form of a rotary type expander to
be connected to the engine mentioned above. As shown in Figure 8, the engine and
the expander appear as a compact single machine and are mechanically connected by
a pulley and belt system with a speed ratio of 1:1. A subsequent section will explain in
more detail how the port and rotor timing works. From the section drawing reported in
Figure 8b it is possible to distinguish the two different configurations for the engine
and the expander: the engine has the classic 2-lobe housing and 3-flank rotor (hence
“2:3”), while the expander is of a 1:2 type. As previously stated, the expander rotor is
positioned at its TDC, therefore a flank is facing the minimum volume and the opposite
the maximum one: even visually it is possible to appreciate the large difference
between the two volumes which lead to high compression/expansion ratios, in agree-
ment with the theory presented in the previous section. Also in the same figure it is
apparent that as shown both rotors rotate in the counter-clockwise direction and the
Figure 8. Engine and expander assembly (8a, top) and section drawing of the
assembly (8b, bottom).
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fresh charge reaches the engine through the upper intake manifold. It is also clear
that the path of the exhaust gas goes through the engine exhaust port to the expander
inlet and finally to the expander exhaust and into the exhaust system.
Both the engine and the expander are water-cooled and can be connected to sep-
arate cooling circuits or in series, sharing the same external heat exchanger. In
this way the engine outlet cooling port is connected to the inlet port of the
expander. On the other hand, for safety reasons, each machine receives lubricat-
ing oil from two different circuits, including separate pumps and tanks. In both
the cases the oil is metered through the journal bearings and subsequently
reaches the rotor side seals, the side flanks and the apex seals in contact with
the housing.
The engine and the expander are both equipped with the patented SPARCS used to
reject the heat from the rotor to the cooling fluid through internal heat exchangers.
A general overview on how the SPARCS (Self-Pressurising-Air Rotor Cooling System)
works is reported in [4,17,18,19].
2.3 Timing of the engine and the expander
The mechanical and thermo-fluid dynamic connection and timing of the two
machines is realizable because both the machines have intake and exhaust
events with a periodicity of 360°. This can be explained mathematically relying
on the fact that, for each rotor flank, a thermodynamic cycle is completed in
a complete revolution of the rotor. Also, due to the kinematics of the internal
mechanism, each rotor revolution needs m revolutions of the eccentric shaft,
i.e. two and three revolutions for the expander and the engine respectively, as
shown in Figure 8. Each rotor having a number of flanks equal to m, it is appar-
ent that the ratio between the cycle angular displacement and the number of
flanks gives a periodicity of events that is equivalent to 360° for both machines.
The area and port timing for each configuration related to its own eccentric shaft dis-
placement are reported in Figure 9. In order to maximize the expansion phase, the
two rotors and the ports are phased so that at the incipient exhaust of the engine, the
gas will find the inlet port of the expander fully open with the expander rotor at TDC
and ready to over-expand the working fluid. Furthermore when the expander rotor is
at TDC the engine rotor is at 740° (apex at exhaust port leading edge) and hence
a phase of 740° exists between the two rotors relative to the expander TDC. More
interesting are the superimposed engine exhaust and expander inlet phases reported
in Figure 10, where the timing of the rotors is taken into account. As can be seen the
two phases have similar starting points and durations with the engine exhaust phase
almost entirely covering the expander intake phase, which lead to the maximum over-
expansion.
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For the sake of completeness, Figure 11 shows the volume variation of both the
machines in relation to the expander eccentric shaft displacement and taking into
account only one flank for each rotor and the actual timing between the rotors.
Figure 9. Intake and exhaust port timing for the engine and the expander.
Figure 10. Expander intake and engine exhaust phases.
271
As mentioned above, the computation of the total volume and the real values for com-
pression and expansion ratios must take into account the additional volumes intro-
duced by all the geometries that are not considered in an ideal model of the trochoidal
configuration, such as recesses, parallel displacement of the housing and the rotor,
additional ducts and volumes, etc. This is the case when the engine is connected to
the expander: the engine exhaust and expander inlet duct behaves like an additional
and instantaneously-introduced clearance volume. Therefore it must be included in
the total volume formed by the two machines expanding simultaneously the same
mass of exhaust gas. Table 3 reports all the values related to the clearance volumes
used in the computation of the total instantaneous volume shown in Figure 12.
Figure 11. Engine and expander swept volumes.
Table 3. Additional clearance volumes.
Description Volume [cc]
Engine rotor recesses 7.53
Engine exhaust duct 19.6
Expander inlet duct 9.78
Connection flange 3.56
Figure 12. Total volume of the engine, expander and additional clearance
volume.
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The Figure 12 reports the minimum and maximum values for the volume of the
two machines working together, which lead to a total effective expansion ratio of
27.4:1 and the opportunity to achieve an extended Miller cycle. Indeed, because
the basic cycle is a constant-volume one, and there is so much expansion, there
is an argument that the entire system is in fact operating on the Humphrey
cycle which has the first three phases (isentropic compression, constat-volume
heat addition and isentropic expansion) in common with the Otto cycle and dif-
fers from it only for the final constant-presure heat rejection thus increasing the
cycle work. It is also apparent from this that the expander will over-expand the
gas under ambient pressure if the pressure at the start of the exhaust phase is
not high enough, resulting in over-expansion and thus negative work at the
expander eccentric shaft when the expander exhaust port opens. Such a case
will be reported in the section related to the analysis of the performance, where
at low speed the BSFC of the compound machine is larger that the single
engine one.
Finally, some decisive advantages of Wankel-type geometries versus typical
4-stroke reciprocating engine machinery in this application become clear from the
above discussion: [1] the gas transfer ducts are much smaller and shorter to the
benefit of reduced heat loss; [2] there are reduced pressure losses within the
cycle due to the absence of poppet valves; and [3] there are lower friction losses
because of the Wankel design itself (disregarding any extra valve drive mechan-
isms). Consequently the parasitic losses which can negate any theoretical benefit
of the application of expander cylinders to reciprocating engines are significantly
mitigated. The practical benefit and experimental proof of this will be discussed
later on.
3 TEST RIG AND INSTRUMENTATION
Performance, efficiency and emissions testing of the baseline and expander version of
engine are both based on the same rig facility which uses an AC current dynamometer
as described in the earlier published work [18].
Several transducers are employed to measure different parameters such as tem-
peratures, pressures, flow rate, torque, speed etc. (Table 4). K-type thermo-
couples are installed to monitor coolant inlet and outlet, air inlet and exhaust
temperatures. Additionally, more K-type thermocouples are installed in the
expander to measure expander its SPARCS air in and out and coolant and exhaust
temperatures between the main engine and the expander unit. K-type thermo-
couples have been chosen for their large operating range with acceptable level of
accuracy.
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All the analogue and digital signals are collected by a CADET data acquisition system
from Sierra CP and then processed using their respective calibrations to deliver the
real-time measurement values. The system is capable of handling high speed data
sampling for transient signals as well as low speed sampling for quasi-steady signals.
The latter was used in this investigation due to the nature of the tests. Moreover, the
system is equipped with a CAN node able to collect data from the standard CAN bus.
This allows the user to compare the data collected by the ECU with the ones mentioned
above.
All the important operations of the engines like fuel injection timing and metering,
spark timing, closed-loop lambda control, oil and coolant flow metering etc. are con-
trolled by an ECU supplied by one of the other project partners within ADAPT, GEMS
UK. The ECU model EM80 collects the measurement data of all the basic engine
parameters – coolant and air inlet temperatures, inlet manifold pressure (MAP), rota-
tional speed etc. – and execute the implemented strategies to control the engine. Sev-
eral OEM transducers (Table 5) are adopted to monitor vital engine parameters and
the ECU uses different 2D or 3D look up tables to implement the strategies. The GEMS
ECU is configurable in real time when connected with its proprietary software GWv4
and the strategies can be manipulated to meet the performance and emission
requirements.
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Fuel Pressure GE Druck UNIK 5000
piezo resistive pres-
sure transducer
0 to 6 barG ±0.2%
Torque HBM T40B torque
flange




in the AC motor
0 to 8500 rpm ±0.01%
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The analysis of the engine’s exhaust emission was one of most important focus of
this study together with the overall performance evaluation of both the machines.
The measurement of the emission gases such as CO2, O2, CO, HC and NOx would
facilitate this research work to assess the current state of Wankel engine emission
performance and ways to improve them to meet current emission regulations.
A Horiba MEXA 7000 series gas analyser performed the measurement of above
mentioned gases as well as calculating the operational AFR using the carbon bal-
ance method.
4 EXPERIMENTAL RESULTS AND DISCUSSION
4.1 Performance, fuel economy and emission of baseline 225CS
The characterisation of performance, efficiency and emission of 225CS baseline
engine was undertaken for a speed range of 3000 to 6500 rpm with a full range of load
conditions. Test data were collected under quasi-steady state conditions for coolant
temperature of around 60°C. The fuel supply was adjusted to achieve a lambda value
of 1. A map of baseline engine fuel efficiency with its performance is illustrated by the
BSFC contour plot in Figure 13.
Table 5. OEM transducers used on the engines.
Parameter Transducer Type
Air inlet temperature KA NTC1 Thermistor
Coolant out temperature KA NTC1 Thermistor
Rotor air inlet temperature KA NTC1 Thermistor
Inlet manifold pressure KA ASLAB series pressure transducer 0-1.2 bara
SPARCS pressure KA ASL series pressure transducer 0-10 barg
Crank position KA SPC hall effect speed sensor
Lambda Bosch LSU wide band lambda sensor
Knock Bosch piezoelectric knock sensor
Throttle position KA SPC hall effect speed sensor
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The brake load for the 225CS baseline engine increased with increasing speed and
a maximum brake torque and power of 33.5 Nm and 22.8 kW respectively were
observed at an engine speed of 6500 rpm. The specific fuel consumption achieved by
the engine reduced with increasing engine load across the operating speed range as
can be seen from the plot. The BSFC for full-load conditions was in the range of 290-
300 g/kWh making this Wankel engine most efficient at high load and speed condi-
tions. Earlier aircraft rotary engines of 1980s reported a BSFC of around 240-255 g/
kWh [20] whereas modern rotary engine for automotive application could achieve 250
g/kWh [21].
Figure 13. BSFC map (in g/kWh) with relation to engine speed and brake
torque for baseline engine.
Figure 14. Map of unburnt hydrocarbon emissions with relation to engine
speed and brake torque for baseline engine.
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As already mentioned, one of the biggest downsides of the Wankel engine is the high
amount of unburnt hydrocarbon emission in the exhaust. The total hydrocarbon (THC]
emission was analysed using the MEXA gas analyser along with the other emission gases
CO2, O2, CO and NOx. In this experimental study, raw untreated exhaust emission from
each engine configuration were collected and analysed for direct comparison of their
emission performance. As reported in Figure 14, the THC emissions were in range of
11000-16000 ppm at full load for the speed range between 3750 and 5500 rpm. For
higher speeds, the emissions were slightly lower but only as far as 9000 ppm. These
values are also significantly higher than the values reported by Mazda in their RENESIS
engine; at 2000 rpm the RENESIS engine had HC emissions in the range of 800-1200
ppm [22], achieved partly through the adoption of side intake and exhaust ports.
As the engine was operating under closed loop lambda 1 control, the high amount of
unburnt HC also resulted in a significant amount of oxygen in the exhaust which was in
range of 1.6-2% under full load operations. Another important indicator of poor com-
bustion performance is exhaust CO and values as high as 1%was observed.
4.2 Assessment of expander engine
The performance of the 225CS engine equipped with the expander was assessed
against the baseline to identify the potential energy recovery through the expansion
of exhaust gases. Tests were undertaken for a speed range of 3000 to 5000 rpm under
a variety of load conditions. During the investigation the coolant temperature and fuel
strategy were kept similar to the baseline tests for ease of direct comparison.
A significant improvement in brake torque over the baseline was observed for the
expander engine as presented in Figure 15. A minimum 13% increase in brake torque
was identified for low speed operation to a maximum of 30% for higher speed of
4750 rpm. This benefit in performance was not only recorded for high load but also
across different load ranges.
The improvement in brake performance can be linked directly to the increased expan-
sion of the exhaust gas and consequent energy recovery in the expander unit.
A significant reduction in exhaust temperature was observed in conjunction with the
increase in brake torque. As an example case, for 5000 rpm under full load operation
the exhaust gas leaving the expander was around 500°C compared to a very high
temperature of 900°C for the baseline engine. The two-stage Cottage Loaf engine
Figure 15. Comparison of performance of baseline and expander engine at
wide open throttle conditions.
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developed by Rolls-Royce provided a concept of similar technology and they also
reported an increase in power output through two-stage expansion [23].
The true benefit of the expander unit can be identified by the assessment of fuel econ-
omy. The BSFC of the expander engine was compared with the baseline to analyse the
advantage of the inclusion of the expander unit as illustrated in the Figure 16. For the
speed range of 3750 to 5000 rpm, an approximate 8% improvement in minimum
BSFC was recorded under wide open throttle condition. The benefit was more pro-
nounced at higher speeds and a maximum 12% reduction from baseline BSFC was
observed at a speed of 4750 rpm.
However, lower speeds yielded a higher BSFC compared to the baseline. Here the gain
in brake torque was offset by comparatively higher fuel consumption resulting in
higher BSFC. The expander engine had around 12-16% higher air consumption in the
speed range investigated and consequently higher fuel intake was attained due to the
adjustment in fuel supply to achieve a lambda value of 1.
As stated in the previous subsection, the HC emissions are one of the biggest
concerns of Wankel engines and necessary mitigation steps are sought by engine
manufacturers to meet the emissions requirements [22]. The expander has
a great potential to perform as a thermal reactor due to the condition of the
exhaust gas leaving the main engine. Thermal reactors were long used in Wankel
rotary engines to reduce HC emissions as described by Yamamoto [6]. High tem-
peratures and high oxygen concentration in the exhaust provides the conditions
for additional oxidation reactions.
Figure 16. Comparison of fuel economy of baseline and expander engine at
wide open throttle conditions.
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The expander engine proved to be not only beneficial in improving the fuel economy
but also effective in reducing unburnt hydrocarbons in the exhaust. Secondary oxida-
tion reactions were identified in the expander unit as illustrated by the reduction in HC
emissions in Figure 17. A significant reduction in Total HC emission was observed for
the speed range of 3750 to 5000 rpm under wide open throttle conditions. The min-
imum Total HC content in the exhaust was around 6000 ppm for the above conditions
which was around 60% lower than that for baseline. Further improvement in Total HC,
around 4000 ppm, was recorded for a lower load of 33 Nm at 4250 rpm. The research
and development work by Mazda on their RENESIS engine [22] implemented
a secondary air supply system to facilitate the secondary combustion process.
However, higher THC emissions were observed for speeds lower than 3750 rpm as
can be seen in Figure 17. The reason could be identified as higher fuel consump-
tion without gaining proportionate brake torque during the exhaust expansion.
Figure 17. Comparison of hydrocarbon emissions of baseline and expander
engine at wide open throttle conditions.
Figure 18. Comparison of NOx emissions of baseline and expander engine at
wide open throttle conditions.
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The reduction in THC was matched by a reduction in oxygen concentration in the
exhaust where part of it was consumed during the expansion and secondary oxi-
dation process. The oxygen level diminished to a level of 0.5-1% which further
provides evidence of secondary combustion in the expander. The additional com-
bustion process also helped in reducing CO emission during high load and speed
operation. CO level in the range of 0.4 to 0.6% was observed during this investi-
gation. Another important emission product is NOx which was higher for the
improved integrated unit as shown in Figure 18. Higher air consumption along
with higher brake torque (and possible higher peak gas temperature) can be sug-
gested as reasons behind it.
5 CONCLUSIONS AND FURTHER WORK
A rotary expander for exhaust energy recovery has been analysed in this work.
The expander, designed and produced by Advanced Innovative Engineering UK
Ltd, has been tested together with a Wankel engine from the same company at
the University of Bath within the ADAPT-IPT project funded by the Advanced Pro-
pulsion Centre and Innovate UK. With the current analysis it has been demon-
strated that the rotary expander is able to improve the performance of the single
Wankel engine in terms of torque, power, efficiency and emissions. In detail, from
a direct comparison in the operating range from 3000 to 5000 rpm a maximum
torque increment of 30% has been observed together with a 12% reduction of
the BSFC at 4750 rpm. Unfortunately the emissions figures are still high but the
expander has been show to work as a thermal reactor and promote secondary
combustions that lead to THC reduction in addition to a lower concentration of
oxygen in the exhaust gases. Conversely, all these improvements come at the
price of the increased weight and complexity of the compound machine that
needs further ancillaries such as separate lubrication circuits and increased cool-
ing requirements. Better packaging could be obtained by using a single eccentric
shaft for both the machines and side ports, placing the expander parallel to the
engine in a way similar to a Wankel multi-rotor configuration with the aim of
reducing the weight and increasing the power-to-weight ratio. Further work will
include the 1D and 3D modelling of both the machines working together in order
to clarify all the phenomena related to combustion, and the mass and heat trans-
fer between the working chambers. Finally, an expander equipped with fast pres-
sure transducers will be tested over an extended operating range in order to
collect the pressure traces from the working chambers and validate the results
obtained from the numerical models.
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ABSTRACT
Mechanical friction in internal combustion engines is nowadays largely optimized
as a result of long years of research in this field. The ever increasing demand for
better performance and less emissions however still puts mechanical friction as
one of the areas in which further improvements can be done. This requirement
calls for more accurate one-dimensional simulation models, along with reliable
and robust experimental data to support such models. At University of Malta,
a Pressurized Motoring test rig was developed and reported in SAE paper 2018-
01-0121. Such method has proved to be relatively accurate in determining the
mechanical friction of an internal combustion engine. As compared to the conven-
tional Indicating technique, Morse test and Breakdown test, the Pressurized
Motoring method offers the robustness that the uncertainty in the FMEP, as
a result of error propagation is kept low. Furthermore, amendments to the trad-
itional Pressurized Motoring technique were also done and presented in SAE paper
2019-01-0930, where Argon was used in place of Air to raise the bulk in-cylinder
peak temperature to a value similar to what is found in a fired engine. In this pro-
posal for publication, the authors now discuss a simple one-dimensional simula-
tion model whose results are compared with those obtained and reported in SAE
paper 2019-24-0141. Such work is aimed to test traditional friction and heat
transfer models in one-dimensional software whilst identifying potential optimiza-
tions that can be done to the developed Pressurized Motoring test rig for its data
to be more appealing to the one-dimensional researcher.
1 INTRODUCTION
Mechanical friction and heat transfer measurements are known to be fundamen-
tal to engine research and development, especially in an era when the internal
combustion engine is facing stringent requirements to be met. At University of
Malta, a Pressurized Motoring setup was built and tested (1) in which the
exhausted gas of the motored engine is rerouted back to the intake side via
a shunt pipe. This setup proved to allow for robust friction data to be obtained,
due to mitigation of error propagation. Apart from the shunt pipe, which is rela-
tively simple to realize, such method also proved to require no extra apparatus
than what is usually available in a conventional engine test cell. The use of the
shunt pipe minimizes greatly the quantity of gas required to be supplied for
achieving peak in-cylinder pressures similar to that in fired engines, in fact
a conventional shop floor compressor was found to be more than adequate (1).
In a recent research (2), the engine was also operated on Argon, instead of Air,
in order to address one of the main limitations of any motoring testing method,
i.e. the low in-cylinder temperatures. The main aim of this complete research
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project was to provide the one-dimensional researcher with reliable experimental
data to compare against traditional friction and heat transfer models as used in
one-dimensional simulation software. This publication presents a simple one-
dimensional model of the pressurized motoring setup used in (1) (2) (3) which
was calibrated against the experimental results presented in (3).
1.1 Engine geometry
The specifications for the engine in the one-dimensional model were made to match
those of the engine used in (1) (2) (3) and presented in Table 1. The engine is an
under-square with the pistons having three rings. The piston bowl shape has
a relatively deep dish with a protruding sphere as shown in Figure 1. The pistons are
also jet-cooled. The cylinder head chamber is flat with two valves per cylinder. The log-
style intake manifold is shown in Figure 2 while the exhaust manifold is shown in Figure
3. The OEM exhaust manifold has an EGR port which in the pressurized motoring config-
uration was instead used for regulated gas supply. The intake manifold is made of cast
Aluminum, whereas the exhaust manifold is made of cast Iron. The intake port in the
cylinder head has a curved nature to impose swirl to the gas induced. The exhaust port
has only an approximate 90C short bend. All intake and exhaust ports are identical.
Figure 1. OEM Piston.
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Figure 3. OEM Exhaust Manifold.
Figure 2. OEM Intake Manifold.
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2 BUILDING THE ONE-DIMENSIONAL MODEL
In this research, Ricardo WAVE was used as the one-dimensional simulation software.
The one-dimensional model discussed was initially developed by Camilleri (4) some
years back when the engine was still used in the fired mode. During that time, the
engine was coupled to a water-brake dynamometer in the aim of developing
a programmable engine management for common rail diesel engines (5). The model
was now modified to suit the new setup configuration of the Pressurized Motoring. The
canvas for the one-dimensional model is shown in Figure 4.
Table 1. Engine Specifications.
Make and Model Peugeot 306 2.0HDi
Year of Manufacture 2000
Number of Strokes 4
Number of Cylinders 4
Valvetrain 8 Valve, OHC
Compression Ratio 18:1
Engine Displacement [cc] 1997
Bore [mm] 85
Stroke [mm] 88
Connecting Rod Length [mm] 145
Intake Valve Diameter [mm] 35.6
Exhaust Valve Diameter [mm] 33.8
Intake Valve Opens (1mm lift) 170 CAD BBDC intake
Intake Valve Closes (1mm lift) 20 CAD ATDC compression
Exhaust Valve Opens (1mm lift) 45 CAD BBDC expansion
Exhaust Valve Closes (1mm lift) 10 CAD BTDC exhaust
Intake Max. Valve Lift [mm] 9.6
Exhaust Max. Valve Lift [mm] 9.7
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In building the one-dimensional model, all relevant lengths and diameters for the ports,
manifolds and shunt pipe were entered as measured on the real designs. The ports
were assigned a discharge coefficient of unity. Their bend angle, as well as friction coef-
ficient were switched off, since their inefficiency was accounted for in the valve flow
coefficients, which in this study were experimentally obtained. Valve lift profiles were
also measured and made available by Camilleri (4). Experimental data for the manifold
temperatures was not available; however experimental coolant temperatures were
measured and used in the model. The wall temperature for the manifolds was set to
around 15C lower than that of the coolant for the particular setpoint considered.
The sub-models used in this one-dimensional model were primarily two; that for heat
transfer and that for mechanical friction. Ricardo WAVE presents three alternatives to
heat transfer estimation; Annand’s model (6), Woschni’s model (7) and Colburn’s model.
Apart from these, WAVE allows for the IRIS and a user-defined heat transfer model. In
this study, the model by Annand and Woschni were used separately as discussed later in
the paper.
The only friction model offered by Ricardo WAVE is that based on the Chen-Flynn cor-
relation (8). Such model consists of four terms representing the friction contribution
due to engine speed, engine load, windage and accessories. The results from this cor-
relation are discussed in the results section.
Additional sub-models like the conduction model and the thermocouple model were
also considered and used, but preferred to turn them off for the final version of the
model as their results were questionable.
Parameters like the thermodynamic loss angle are known to be sensitive to blow-by
flow (9), even though its effect is minimal compared to heat transfer. Since experi-
mental data for blow-by flow was available, a blow-by model was devised as
Figure 4. One-Dimensional Model Canvas.
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suggested by WAVE knowledge centre (8). The model consists of a third valve on each
cylinder of the orifice type. Each of these valves were connected to a large volume,
representing the crankcase and exhausted to atmosphere, represented by an ‘Ambi-
ent’ element. The diameter of the orifice valve was varied until the blow-by flow on
each setpoint matched that obtained from the experimental sessions (1).
2.1 Cylinder head flow testing
In support of developing the WAVE model, an experimental test session was per-
formed on an in-house developed flow-bench in the aim of determining the valves’ dis-
charge and flow coefficients. The cylinder head used in this testing session was of the
same make and model of the 2.0HDi engine used on the Pressurized Motoring Setup
and the one-dimensional model. All tests carried out on the flow-bench were done at
28” of water (i.e. 7kPa) below atmospheric conditions for pull through configuration
(port to cylinder), and above atmospheric conditions for blow through configuration
(cylinder to port). Temporary bellmouth using modeling clay were manually formed at
entrance as is common practice in flow bench testing.
When set up on the flow-bench, the cylinder head was in the condition as dismantled
from the running engine, i.e. not cleaned. It was discovered that since the particular
engine has an EGR system, the intake valves contained heavy soot deposits on their
back end as seen in Figure 5. The cylinder head was flow tested in this condition and the
flow coefficients were determined in this state. Later, the valves were thoroughly cleaned
and flow tested again. Figure 6 shows the mass flow comparison between two clean
intake valves and the same valves before cleaning. It is clearly visible that when clean,
the two valves have relatively similar flow behaviors, whereas before cleaning, the flow
was marginally lower for valve 3 and considerably lower for valve 2, dependent on the
amount and shape of the deposited soot. The exhaust valves were also checked for soot
deposition, but it was noted that the amount of soot present was not abnormal to that
usually found on exhaust valves. All exhaust valves were cleaned prior flow testing.
Figure 5. Soot present due to EGR on intake valve, cylinder two.
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The second aim of this flow testing session was to determine the restriction that both
the intake and exhaust manifolds had on the mass flow. Figure 7 shows that the intake
manifold was not a major restrictor at low lifts, but did restrict the flow at higher lift
values. The exhaust manifold on the other hand seems to have aided the flow through
the exhaust valve at lower lifts but restricted it at higher lifts.
The exhaust valves were tested with two flow configurations; ‘blow through’ (i.e. from
the cylinder to the port) and ‘pull through’ (i.e. from the port into the cylinder). The two
results were compared and shown in Figure 8. In usual flow bench practice the exhaust
valve is tested with a blow through setup to mimic better the actual flow direction in the
engine. To follow such practice, in the one-dimension simulation software, the flow coef-
ficient obtained from the blow through test data was used for the exhaust.
Figure 6. The Graph of Mass Flow Rate [g/s] against L/D, showing difference
between clean and sooted intake valves.
Figure 7. The graph of mass flow [g/s] against L/D showing effect of
manifolds.
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The 2.0HDi cylinder head ports are known to be relatively identical between cylinders.
On the other hand however, the OEM exhaust manifold of the 2.0HDi is known to be
unsymmetrical with respect to the manifold outlet. Due to this, it was deemed neces-
sary to flow test each port with the manifold attached to determine the flow character-
istic of each runner. Figure 9 shows that the second exhaust runner, which coincidently
is the shortest and straightest of the four seems to flow in excess of 7g/s more than
the least flowing runner, i.e. that of cylinder 3.
2.2 Verification of flow coefficients through 1D simulation
In obtaining the flow coefficients from the mass flow experimental data, three equa-
tions were used and reported below in 1, 2 and 3. Equation 1, derived from Bernoulli’s
equation assumes an incompressible flow. Both equation 2 from Heywood (10) and
equation 3 from Ricardo Knowledge Centre (8) assume a compressible flow. Equation
4 gives the discharge coefficient and is given by Ricardo Knowledge Centre (8). Both
the coefficient of flow and coefficient of discharge can be inputted in WAVE. During
runtime, the software will automatically detect whether the information given is Cf or
Cd, based on the first point inputted in the array.
Figure 9. The graph of mass flow rate [g/s] against L/D showing difference
between each exhaust runner.
Figure 8. The graph of mass flow [g/s] against L/D, showing difference
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To verify the flow coefficient calculation using equation 3, a steady-state model was built
in Ricardo WAVE, using an orifice valve with configurable flow coefficient as input (11).
This simulated the poppet valve in the experimental flow-bench setup having different
flow coefficients at different lifts. The bore-tube adaptor used and the cylinder head port
were also modeled, but switching off their friction and discharge coefficient models for
the reason mentioned in the previous section. In the one-dimensional steady-state simu-
lation, the flow coefficients obtained from experimental testing and using equation 3
were input as individual cases for different lift values and the mass flow was obtained in
return. From this relatively simple check it transpired that the mass flow obtained using
1D simulation was within 2% of that obtained experimentally, as shown in Figure 10.
This demonstrates that the flow coefficients calculated were correctly obtained.
Figure 10. The graph of mass flow [g/s] against L/D comparing the experi-
mental and simulated mass flow on intake valve.
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3 RESULTS
In calibrating the pressurized motored one-dimensional model, the experimental data
presented in (3) were used. The test matrix for such experimental data entailed engine
speeds of 1400rpm, 2000rpm, 2500rpm and 3000rpm with a peak in-cylinder pressure
of 84bar and gas compositions of gamma cp=cv
 
1.4, 1.5, 1.6 and 1.67, where 1.4 rep-
resents that of air and 1.67 represents that of pure argon. For the purpose of the one-
dimensional modeling conducted in this study, all setpoints related to air were con-
sidered successfully, however the simulation software used did not support Argon and
hence experimental data for gamma of 1.5, 1.6 and 1.67 could not be modeled.
To calibrate the one-dimensional model, the data as obtained from experiments were
input as constants for the different setpoints tested. Such information includes the engine
speed, manifold absolute pressure, shunt pipe intake and exhaust temperatures, valve
lifts, valve flow coefficients and the engine geometry. Results like Peak In-cylinder Pres-
sure, Gross IMEP, PMEP, Net IMEP and FMEP were then obtained and compared to the
experimental data presented in (3). With such strategy, similar results were obtained,
however the discrepancy was still deemed too large for any qualitative deduction to be
made.
One initial problem which was troublesome regarded the configuration with which the
manifold pressure was being imposed in the one-dimensional simulation. Initially, the
manifold pressurization was imposed by connecting an ambient element with forced
pressure and temperature equal to the measured MAP and shunt pipe temperature
respectively to the exhaust collector y-junction. Results showed that the manifold
pressure being imposed on the one-dimensional simulation was resulting in very large
deviations in the peak in-cylinder pressure. Such issue was traced down to the ambi-
ent condition which was imposing too strict of a boundary condition. To solve such
problem the ambient element was removed, and instead the manifold pressure was
imposed as an initial pressure condition to the shunt pipe (acting as an initial reser-
voir) with an additional extra pressure required to fill all ducts with the experimentally
obtained MAP, whilst allowing also some flow as blow-by. The initial extra pressure in
the shunt pipe was adjusted until the final condition in all manifolds matched that
obtained from the experimental MAP sensor to within 0.001bar. Later on in this work,
such process was automated by using a PID controller responsible of varying the area
of an orifice which connected an ambient element to the y-junction of the exhaust col-
lector. With such configuration, better control of the MAP was obtained, whilst still
retaining the system detached from the forced ambient element through the con-
trolled orifice.
To understand further the discrepancy between simulation and experimental results,
the trapped mass at IVC, obtained on each setpoint from the simulation was compared
to that calculated using the ideal gas law equation on the respective experimental
data. The trapped mass at IVC was matched to be within 10%. The in-cylinder pres-
sure curve against crank angle was then obtained from the one-dimensional model for
each setpoint and plotted against the relevant p θ curve from the corresponding
experimental data. To be able to compare the two traces, the experimental pressure
curve had to be pegged on the intake stroke to the trace obtained from the one-
dimensional software. When pegging was attempted, it was seen that an acceptable
match was evident between the wave nature of the simulation in-cylinder pressure
intake stroke, and that obtained experimentally. Also, the simulation exhaust stroke
in-cylinder pressure seemed to show well the recompression on the exhaust displace-
ment phase, visible also in the experimental data. The phasing and magnitude of this
recompression however were slightly different. To rectify the issue, an attempt was
made to assign 0.3mm of valve lash to each of the intake and exhaust valves. On this
amendment, the in-cylinder pressure curve on the intake and exhaust strokes
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obtained from the simulation matched even better in its wave nature to that obtained
from the experimental data. This was noted on all the setpoints tested and hence peg-
ging could be now done not just at one crank angle, but on the whole intake stroke.
Figure 11 shows the intake stroke comparison between that obtained from the simula-
tion and the experimental data for two of the setpoints. It should be noted that the
simulation model gives the possibility of pegging the experimental data to the in-
cylinder pressure generated. Randolph (12) in his publication mentions method 8 of
pegging to the ideal gas law equation, but stated that such method does not take into
consideration the heat and blow-by losses. However it can now be noted that such
issue is catered for when pegging to the simulation in-cylinder pressure.
After pegging the traces on the whole intake strokes, the full 720 simulation in-
cylinder pressure cycle was compared to that from the corresponding experimental
data. It was shown that some discrepancy on the peak in-cylinder pressure was evi-
dent. The heat transfer multiplier on closed valve for the heat transfer correlation
were tweaked in the hope of getting a match on the peak in-cylinder pressure, how-
ever it was seen that when the peak pressure was successfully matched, the in-
cylinder pressure during the compression stroke for the simulation fell below that of
the experimental pressure trace by a significant amount as seen in Figure 12a.
A similar observation was noted on the expansion stroke. Such discrepancy on the
compression and expansion strokes led to a 38% discrepancy in the gross IMEP on the
setpoint of 3000rpm; 84bar between the simulation and experimental cases. To rectify
this issue, the cylinder head, piston and liner temperatures were shifted to higher tem-
peratures than the coolant temperature obtained experimentally by different amounts
dependent on the engine speed setpoint, but not higher than the oil temperature of
80C, as imposed experimentally. The higher the engine speed, the higher the tem-
perature required due to a lesser time for heat to flow out of the system. Such
Figure 11. The graph of In-cylinder Pressure against Crank Angle on the
intake and exhaust strokes for two different setpoints.
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amendment seemed to give a better all-around match between the simulation and
experimental in-cylinder pressure traces as shown in Figure 12b. Consequently the
gross IMEP showed a better match as well. Figure 13 shows the overall comparison
between the simulation and experimental pressure traces on the same 3000rpm;
84bar. With such better comparison, the discrepancy in the Gross IMEP on the same
setpoint of 3000rpm; 84bar was around 9%.
Figure 12. The graph of in-cylinder pressure against crank angle: a) Discrep-
ancy on compression, b) No discrepancy on compression.
Figure 13. The graph of in-cylinder pressure against crank angle, showing
comparison between experiment and simulation data on compression and
expansion strokes.
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Figure 14 to Figure 17 compare the results obtained from the experiments as reported
in (3) to those obtained from the one-dimensional model using Annand’s and Wosch-
ni’s heat transfer model with intake scavenging (8). It can be seen that the IMEP gross
matches relatively well between the experimental and simulation results, with
a maximum deviation of around 7%. The BMEP also shows a very good match, how-
ever such quantity is not a true indicator of how well the simulation model compares
to the experimental data. This is because deviations in IMEP gross, PMEP and FMEP
having different signs might compensate for each other’s deficiencies leading to
a mistakenly interpreted good match on the BMEP.
Figure 14. The gross IMEP graph comparing simulation and experimental
results.
Figure 15. The BMEP graph comparing simulation and experimental results.
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The setpoint which seemed to show the largest deviation from that of the experimen-
tal data was the 1400rpm; 84bar. It was noted that this setpoint suffered from an
error of 10% on the trapped mass at IVC, which consequently resulted in a higher
peak in-cylinder pressure as seen in Figure 16.
Figure 17 shows the PMEP comparison between the simulated and experimentally
obtained values. It can be seen that a very good match was obtained on all setpoints,
with the 2500rpm and 3000rpm having the largest deviations. Such discrepancy on
these setpoints was noted to have originated from a relatively different pressure wave
on the exhaust stroke between the simulated and experimental data.
3.1 Friction mean effective pressure
As mentioned earlier, the FMEP model used in this one-dimensional study was that by
Chen and Flynn (8), given in equation 6. The Chen-Flynn coefficients were found
through a regression analysis and documented in Table 2. The FMEP comparison
between simulation and experimental data, given in Figure 18 shows an acceptable
match with a maximum deviation of 10% and a total average deviation of around
Figure 17. The PMEP graph comparing simulation and experimental results.
Figure 16. The peak in-cylinder pressure graph comparing simulation and
experimental results.
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4.5%. The coefficients in Table 2 were inputted in WAVE and used throughout this
simulation study.











As previously shown in Figure 4, a blow-by system was implemented in the one-
dimensional model represented by a third orifice in each of the cylinders, as suggested
by Ricardo WAVE knowledge centre (8). The orifice diameter was obtained by calibrat-
ing the model against the blow-by flow rate measured experimentally and published in
(1). To obtain good agreement in blow-by flow rate on all setpoints between the
experimental and simulation data, an orifice diameter of approximately 0.6mm was
assigned. It was also noted that the peak in-cylinder pressure obtained through the
simulation model had a large effect on the relatively small blow-by flow rate, meaning
that a small deviation of the peak in-cylinder pressure from the setpoint of 84bar had
a significant difference on the blow-by average value.
The blow-by flow rate was also computed on the experimental in-cylinder pressure
data using equations 7 and 8 from (9). Figure 19 shows the comparison between the
Figure 18. The FMEP graph comparing Chen-Flynn with experimental results.
Table 2. Chen-Flynn Correlation Coefficients.
ACF bar½  0.5965
BCF 0.00421





WAVE generated blow-by flow rate and that obtained from the experimental data,









































Figure 20 shows the transient blow-by flow rate for cylinder 1, the total blow-by flow
rate as computed by a summation on the four cylinders, and the average total both for
the summated and sensor-obtained total flow rate. It can be seen that the blow-by
flow rate of each cylinder reflects the in-cylinder pressure trace, meaning that the
blow-by flow-rate increases with the increasing in-cylinder pressure on compression
stroke. At around 358 crank angle, a small increase in blow-by flow rate is evident,
showing an increase in blow-by on the exhaust displacement phase. This is due to the
recompression effect. The average values from the summated total and that obtained
from the sensor were equal as shown in Figure 20.
Figure 19. The graph of blow-by flow rate of cylinder 1 comparing that
obtained from simulation and that obtained using eqns. 7 and 8 on experi-
mental data - 3000rpm; 84bar.
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In order to investigate the effect of blow-by on the simulation results, the model was
re-run but with the blow-by system removed. It was noted that on the 3000rpm,
84bar the peak in-cylinder pressure increased from 84.5bar to 85.5bar. The IMEP
gross magnitude decreased from 0.862bar to 0.777bar. Such variations are consistent
with theory, since blow-by acts to reduce the peak in-cylinder pressure through leak-
age, while increases the magnitude of the overall losses. With no blow-by, the location
of peak pressure is also expected to be closer to TDC. During this study it was noted
that Ricardo WAVE obtains the location of peak pressure by finding the point of dPdθ ¼ 0
on the polynomial fitted to the generated in-cylinder pressure curve. The crank angle
resolution of the generated p θ curve in the one-dimensional software was noted to
vary with engine speed and was never better than 0.6DegCA. This therefore implies
that the location of peak pressure as obtained from the one-dimensional software
might be in disagreement compared to that obtained experimentally (which had
a resolution of 0.1DegCA). At the 3000rpm; 84bar with the blow-by model activated,
the one-dimensional model predicted a loss angle of -0.43DegCA, whereas with the
blow-by model de-activated, the loss angle was estimated as -0.37DegCA. The experi-
mental results gave a loss angle of -0.3DegCA on the same setpoint.
3.3 Heat transfer
In this one-dimensional simulation, the heat transfer sub-models used were that by
Annand (6) and Woschni (7). The multiplier on closed valve which was found to give
a sensible compromise on the peak in-cylinder pressure was around 0.42 for Annand
and 1.2 for Woschni on all the setpoints considered in this work. It should be noted
that Annand’s model was initially developed for a fired engine, and hence using this
model for a pressurized motoring setup might be driving the model into unfavorable
conditions. As said earlier, to have obtained an in-cylinder pressure trace which com-
pares well to that obtained from experiments, a compromise had to be found between
the heat transfer model, the cylinder head, piston and liner temperatures, compres-
sion ratio and trapped mass. It should be said that the compression ratio stated by the
OEM for the engine tested is 18:1. This value was confirmed through a static compres-
sion ratio measurement using paraffin. It is however known that CR values do vary
from that given in the engine manual (9). In fact, even if just the difference in thermal
Figure 20. The crank-angle resolved blow-by flow rate graph obtained from
simulation for cylinder 1, total, and total average on the setpoint of
3000rpm; 84bar.
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expansion is taken into consideration, for an engine with an aluminum cylinder block
and steel connecting rod, when the connecting rod is at a temperature of 120C and
the block is at 90C, the static CR changes from 18:1 to 17.7:1. The engine used in
this study does not have an aluminum cylinder block (cast iron block), but nonetheless
the mechanical loading effect (due to in-cylinder pressure) on CR would still be pre-
sent. The value of CR which was found to give the best compromise in this simulation
study was that of 17.3:1.
Having used these variables, i.e. heat transfer, temperatures, CR and trapped mass to
obtain reasonable pressure-theta curves, it was noted that the temperatures that had
to be assigned to the cylinder head, piston and liner might have been different than
the real temperature values, had they been measured. This means that the deficiency
in the heat transfer models in predicting accurately the heat transfer in the pressurized
motored engine might have had to be compensated for by fictitious temperatures in
the cylinder head, piston and liner. To support such hypothesis, Figure 21 shows the
in-cylinder temperature given by the simulation software and the heat transfer on the
same cylinder as computed through Annand’s and Woschni’s model. According to
experimental and analytical works by authors such as Lawton (13), Wendland (14)
and Pinfold (15), the peak heat transfer in the cylinder should occur significantly earl-
ier than the peak in-cylinder temperature because of pressure work in the boundary
layer. Figure 21 however does not capture such effect, which therefore might consoli-
date the theory suggested earlier that the temperatures assigned to the cylinder
head, liner and piston might have been compensating for deficiencies in the heat
transfer models.
To further investigate such result, the Thermodynamics first law was considered
on the system for the time in which valves are closed, i.e. compression and
expansion strokes, as suggested by Heywood (16). Since no combustion is pre-
sent in the setup being considered, the system resolves into equation 9, which
further simplifies to equation 10, where mass flow due to blow-by is neglected. It
Figure 21. The graph of In-cylinder temperature and heat transfer rate
obtained through Annand’s and Woschni’s correlation.
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should be said that since this equation does not account for blow-by, but the in-
cylinder pressure on which such equation is used is reduced by the effect of blow-
by, the heat transfer result obtained from equation 10 will be artificially greater to
account for the effect of blow-by as heat lost. Equation 10 was used on the
ensemble average experimental in-cylinder pressure data and plotted in Figure 22
for the 3000rpm; 84bar. It can be noted that due to small serrations in the in-
cylinder pressure data, the term dPdt in equation 10 suffers from large magnitudes
of interference. Due to this, a moving average filtering scheme was implemented
both on the pressure trace and the heat transfer curve. It was also made sure
that with this filtering scheme the shift in the pressure trace was not significant.
This can be seen in Figure 23.
To obtain a better heat transfer result, equation 11 presented by Pipitone (9) was used
which assigns an additional term to equation 10 to include the effect of blow-by, hence
eliminating the error in the result of the heat transfer rate. The result from this equa-





































Figure 22. The graph of heat transfer rate against crank angle – 3000rpm;
84bar.
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Equations 10 and 11 shows that the ratio of specific heats is required in the calculation
of heat transfer. It is known that the ratio of specific heats vary significantly with tem-
perature, as shown in Figure 24 for the same setpoint of 3000rpm; 84bar. Equations
10 and 11 were used with a varying gamma according to Figure 24. The heat transfer
obtained in Figure 22 shows a good match to work published by the previously men-
tioned authors; Lawton (13), Wendland (14) and Pinfold (15), where the heat transfer
from the cylinder peaks at an angle of around 11DegCA before peak in-cylinder tem-
perature and drops down to below zero shortly after TDC, when the temperature is still
very close to its maximum value. On the other hand, such result is detached from that
of Figure 21 which was obtained through simulation by using Annand’s and Woschni’s
correlations, where the peak heat transfer occurs very close to TDC and no heat flow
reversal was shown just after TDC. To show better the comparison between the heat
transfer calculated from the first law and that obtained through Annand’s and Wosch-
ni’s correlations, Figure 25 was plotted.
Figure 24. The graph of specific heat capacity ratio variation against crank
angle.
Figure 23. Comparison graph between filtered and unfiltered experimental
in-cylinder pressure data – 3000rpm; 84bar.
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The heat transfer computation from equations 10 and 11, requires the in-cylinder
volume and its rate of change. In turn, to obtain the volume from the crank-slider
equation, the compression ratio is required. It had been said previously that usually
the true CR for an engine varies from that quoted by the OEM due to tolerances of
manufacturing, thermal expansions and cyclic loadings in the engine structure. The
sensitivity of the heat transfer determined from equations 10 and 11 due to CR used in
the crank-slider equation was investigated. Figure 26 was plotted for the 3000rpm; 84
bar with a CR of 17.3:1. Variations of 5% and 10% from 17.3:1 were intentionally
imposed on the same experimental in-cylinder pressure data to obtain the resulting
heat transfer rate, as given also in Figure 26. It can be seen that for 5% variation on
a CR of 17.3:1, an error of around 48% in the peak heat transfer rate resulted. Also,
biasing further the CR would result in the loss of the early peak heat transfer and nega-
tive heat transfer characteristic just after TDC.
Figure 26. The graph of heat transfer rate against crank angle showing dif-
ference in heat transfer due to CR uncertainty – 3000rpm; 84bar.
Figure 25. The graph of heat transfer rate against crank angle, comparing
different models to the calculated heat transfer – 3000rpm; 84bar.
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3.4 Trapped mass
On the experimental pressurized motoring setup, no measurement of gas mass flow was
conducted. After calibrating the one-dimensional simulation to the experimental in-
cylinder pressure data, the trapped mass was obtained as shown in Figure 27 for the
case of 3000rpm; 84bar, where the cycle starts with the compression stroke, and com-
pared to that calculated from experimental values. It should be said that in the calcula-
tion on experimental values, since the gas temperature can only be predicted during
closed valves period, the gas temperature during the intake and exhaust strokes was
taken to be equal to the measured shunt pipe temperature. During closed valves period,
the trapped mass was calculated using the initial trapped mass estimated at IVC, and
decreasing the mass flowing out as blow-by per crank angle. On the other hand, during
gas exchange periods, the entrapped mass had to be calculated using the ideal gas law
equation.
4 DISCUSSIONS AND CONCLUSIONS
As stated earlier in this publication, the main aim of this work was to use the experi-
mental data obtained in the previous work (3) to develop and calibrate a one-
dimensional model, with the hope of identifying any shortcomings in the experimental
data, or simulation strategies. The results obtained confirm that the one-dimensional
simulation software is able to model the pressurized motoring setup successfully when
operating with air as the pressurization gas. The quantity and quality of the experi-
mental data obtained in (1) (2) (3) seem to provide adequate information for the one-
dimensional analyst to calibrate a one-dimensional model.
As discussed in the previous section of heat transfer and namely Figure 25, the heat
transfer models still used in one-dimensional simulation were found to deviate from
the experimentally obtained heat transfer and are not able to capture the early peak in
heat transfer out of the cylinder and the negative heat transfer just after TDC. It was
shown that the characteristic where the heat transfer from the cylinder peaks at an
angle of around 11DegCA before peak in-cylinder temperature and drops down to
below zero shortly after TDC, (when the temperature is still very close to its maximum
value) is in agreement with work published previously (Lawton (13), Wendland (14)
and Pinfold (15)). However this characteristic is not in agreement with that obtained
through simulation by using Annand‘s and Woschni‘s correlations (where the peak heat
transfer occurs very close to TDC and no heat flow reversal was shown just after TDC).
Figure 27. The graph of trapped mass against crank angle for the 3000rpm;
84bar.
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The FMEP model given by Chen and Flynn (8) showed acceptable agreement with
experimental data.
The relatively good agreement between one-dimensional results and those obtained
experimentally also puts more confidence in the experimental data obtained from the
pressurized motoring setup.
The blow-by simulation proved to be relatively straight forward and gave successful
results, which agreed with that obtained experimentally. Such model resulted in
a slight increase in computational time, which for large DOEs might be significant.
From the simulation it was found that blow-by has a small contribution to the loss
angle and peak-pressure magnitude when compared to heat loss.
The simulation generated in-cylinder pressure can be used as an intelligent filter to
the experimental in-cylinder pressure, if well calibrated. It should however be noted
that due to the deficiency of the heat transfer models which are imposed on the in-
cylinder pressure generated from simulation, some deviations will surely be present.
The simulation in-cylinder pressure generated was also found to be a relatively good
pegging reference for the experimental in-cylinder pressure traces.
5 SUGGESTIONS FOR FURTHER WORK
Having calibrated a one-dimensional model with the experimental data obtained in pre-
vious work gave the authors the chance to experience the requirements from experi-
mental data from the point of view of the one-dimensional analyst. This showed that
the experimental data obtained was adequate; however one quantity which would
have been useful had it been measured was the trapped mass, or the mass air flow
into the engine. Such quantity was required when calibrating the intake stroke, but
since such experimental data was not available, a simple calculation using the ideal gas
law had to be done instead. Such result shows that if the mass flow into the cylinders
would be measured in future experiments; a better correlated model can be achieved.
As was discussed, none of the available heat transfer models were able to capture
adequately the heat transfer from the engine. Therefore a user-defined heat transfer
model, which is easily implemented, could have resulted in much better results from
the simulation software. If such difficulty is overcome, future work can include the
development of a user-defined model based on equation 11 which would be able to
give the crank-resolved heat transfer.
To obtain better confidence in the one-dimensional model, the cylinder head, piston and
liner temperatures can be compared to that achieved experimentally had such values
been available from experimental sessions. The pressurized motoring setup at University
of Malta is being modified at the moment to include two eroding type, transient surface
thermocouples which is hoped to address the heat transfer analysis experimentally.
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ABSTRACT
This paper presents an overview of Changan’s modular 3 and 4 cylinder gasoline New
Engine for the 2020s. The core design exhibits compact dimensions, low friction and
a high efficiency combustion system which is described with its specification and the
resultant attribute performance of the launch variant. The modular nature of the
engine permits low cost and rapid development of additional variants to meet market
requirements.
Following a successful handover of the first 1.4 litre base engine to Changan HQ in
Chongqing, the UK R&D centre has been focused on future derivatives of the engine.
The drivers for engine evolution are improved fuel consumption and emissions as well
as the ability to meet the needs of electrified powertrains.
The second half of the paper focuses on combustion system development of
the second-generation New Engine and the areas addressed include combustion
chamber and intake port design. Use of early and late inlet valve closing as
a means to increase compression ratio has been investigated along with a range
of boosting technologies. The engine design and hardware specified are chosen to
meet the requirements of the challenging Chinese vehicle market. Finally, the per-
formance of this second-generation engine are assessed for fuel economy and per-
formance at a range of conditions which include full load, part load and catalyst
heating conditions.
1 NEW MODULAR ENGINE
1.1 Introduction
Changan have responded to the needs of the market and legislation to design and
develop a new modular range of gasoline engines for the 2020s. This engine will
replace the majority of Changan’s existing engines across 5 existing engine families
covering the performance range 70 to 140kW. This will dramatically reduce the com-
plexity of engine types and vehicle installations whilst increasing production volumes
of core components, both of which reduce production and development costs. The
rationalisation of the engine line up enabled by the New Engine (NE) can be seen in
Figure 1.
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Key areas of focus for the engine family were fuel economy, tail pipe PN emis-
sions, efficient catalyst heating, competitive performance, good NVH characteris-
tics as well as compact and lightweight design. To realise these a “clean sheet of
paper” engine has been conceived to deliver a wide range of engine variants from
a common architecture using alternate technology modules.
All variants use a set of core technologies which support the desired engine attributes;
long stroke/small bore, 8mm crank offset, 4 valves per cylinder, integrated exhaust
manifold, aluminium block and head, roller finger follower (RFF) valvetrain, dual VVT,
chain driven double overhead camshafts etc.
Based on these potential engine variants, component re-use strategies were
developed using a complexity matrix to ensure high use of common components.
Commonality levels as high as 93% are achieved between variants of the same
technology with an alternate displacement but are still in excess of 60% between
3 and 4 cylinder variants. In addition, by standardising interfaces both within
the engine and for connections to the vehicle, the effort to design alternate mod-
ules is dramatically reduced. Figure 2 illustrates the complexity matrix for the
engine family with 10 conventional combustion variants; NA & TGDI with 5 dis-
placements, two 3 cylinder and three 4 cylinder derivates. It can be seen there
is high common use of sub-systems and components across the range of
variants.
Figure 1. Changan current & future engine families.
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A wide range of optional technology modules were considered during the engine con-
cept design to allow for all needed future variants in the range 1.0l 3cyl to 1.6l 4cyl as
illustrated in Figure 3. Some of these modules are for Miller combustion applications
and hybrid vehicle applications.
1.2 Engine structure
The main structure of cylinder block and cylinder head is all aluminium; high pressure
die cast in the case of the block and low pressure die cast for the cylinder head.
Figure 2. Engine family complexity matrix – conventional combustion
applications.
Figure 3. Optional technology modules.
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The cylinder block is a deep skirt design with the water pump mounted to the
inlet side and oil pump mounted under the crankshaft. Oil pump drive is by a wet
belt for variants without a balance-shaft and by gear for 3 cylinder variants with
an integrated oil pump/balance assembly. Camshaft drive is by a single chain
common to all variants. The windage tray on the 4 cylinder is also structural, stiff-
ening the bearing caps. The cylinder bores are honed with the use of a stress
plate helping to realise low bore distortion. The crankshaft is offset 8mm from the
cylinder bores, this amount being chosen as a balance between friction reduction
and block height.
The crankshaft is cast iron on all applications with 4 counter-weight design on the 4
cylinder variants. The 3 cylinder crankshafts have different balancing strategies
dependent on whether a balance-shaft is used or not. Connecting rods are forged
steel and pistons cast alloy. The piston rings are relatively thin at 1.2/1.0/2.0mm
and with a low tangential load for low friction and enabled by the good shape of the
bores.
The cylinder head has common major dimensions across all variants and the major-
ity of the valvetrain is common to all variants. The cylinder head layout is a classic 4
valve per cylinder, roller finger follower layout with the inlet cam rockers out-board
and the exhaust cam rockers in-board for packaging reasons. The included valve
angle is relatively narrow at 33° supporting a compact combustion chamber and
high compression ratios. All cylinder heads feature an integrated exhaust manifold
(IEM), in the case of the 3 cylinder with a 3-1 layout and in the case of the 4 cylinder
with a 4-2 layout. Each has been chosen for optimum gas dynamic matching with the
turbocharger and in the case of the 4 cylinder supports the use of a twin-scroll turbo-
charger use on some variants.
Figure 4. Cylinder Block and cranktrain; 3 and 4 cylinder.
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1.3 Cooling system
The cooling system is a hybrid longitudinal/cross-flow layout, the layouts are concep-
tually the same on 3 and 4 cylinder although the detail is varied due to the different
IEM structures. The system is split between cylinder block and cylinder head. Two flow
control modules (FCM) were developed for the family; a passive arrangement with
two thermostats (block & head) with different temperature characteristics and an
active arrangement with a rotary control valve powered by a DC motor under the con-
trol of the engine control module (ECM). The flow control modules fit to the rear of the
cylinder head and are common between 3 & 4 cylinder engines. The water pump
mounts to the cylinder block. Two modules have been developed, a mechanical belt
driven pump with 2 alternate flow rates and an electric pump. The use of the FCM’s is
beneficial for fast engine warm up, both for improved fuel economy and the reduction
of PN emissions. The selection of which FCM and water pump is based on the engine
and vehicle application. The combination of an IEM, low engine mass and FCM results
in improvement of 35% in engine warm up from 25 Deg C to 90 Deg C on the NEDC
cycle compared to Changan’s current engines.
1.4 Lubrication system
The lubrication system is fully integrated with the cylinder block and cylinder
head. A fully variable oil pump (FVOP) (vane type) draws oil from the sump and
is delivered to the multiple oil consumers of the engine via drilled galleries. An oil
cooler can be mounted to the inlet side of the block for applications where this is
Figure 6. Cooling system layout.
Figure 5. Cylinder head assembly; 3 and 4 cylinder.
317
required. The turbocharged variants of the engine feature a 2nd gallery on the
exhaust side of the block for the piston cooling jets (PCJ) which are switched on/
off by a solenoid valve. The use of FVOP, optimised for 0W20 oil and switched
PCJs also delivers a useful improvement in both fuel economy and PN emissions
due to the reduced work by the oil pump and the higher piston temperatures
when the PCJs are turned off [1]. Fuel economy is improved by 2~3% on the
NEDC cycle compared to current Changan engines with conventional oil pump,
pressure switched PCJs and 5W30 oil.
1.5 Crankcase ventilation
The crankcase ventilation system is highly integrated into the structure of the engine.
There are two separators, a part load one mounted to the cylinder block with the flow
regulated by a PCV integrated in the separator and a full load one mounted on the
exhaust side of the cam cover. At part load, fresh air flows through the engine from
the full load separator to reduce the propensity for sludge generation. During boosted
operation the flow reverses in the full load breather, which then vents to the air intake
upstream of the compressor and the flow in the part load breather reduces to close to
zero. The gas passages from part load separator to intake system are fully integrated
into the block, cylinder head and inlet manifold with no external pipework. This helps
to minimise the risk of icing or sludging.
Figure 7. Lubrication system layout.
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1.6 Air path
The air path of the engine consists of the inlet manifold, intercooler, transfer pipe and
turbocharger. The intercooler is an air-coolant-air type serviced with a dedicated elec-
tric coolant pump and low temperature radiator. The transfer pipe includes a resonator
for noise reduction. The resulting air path is relatively compact thanks to the inter-
cooler being engine mounted which enhances engine transient response. Various
technologies of turbocharger are used on different variants; mono scroll, twin scroll
and variable geometry turbine (VGT). All feature an electric wastegate actuator for
fuel economy and transient response enhancements.
1.7 Specification and attribute performance – 1.4l T-GDI variant
The major specifications of this launch engine variant, the 1.4l T-GDI engine, are illus-
trated in Figures 9 and 10. This will shortly be followed by a 1.5l Turbo GDI engine and
a 1.5l Miller Turbo GDI engine which is described later in this paper. The 1.4l engine
delivers an excellent balance of attributes.
Figure 8. Crankcase ventilation system layout.
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When compared to industry benchmarks, the engine has competitive power at 83 kW/
litre, equal best in class thermal efficiency at both 2000 RPM, 2 bar BMEP and at the
best efficiency point, equal best in class friction and lower radiated noise at maximum
power when compared to two leading engines from high volume OEMs.
Figure 9. 1.4l Turbo GDI engine specification.
Figure 10. 1.4l Turbo GDI engine power and torque curves.
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2 COMBUSTION SYSTEM DEVELOPMENT
2.1 1.4l Turbo GDI combustion system
Central to any internal combustion engine is its combustion system. The NE placed
this at the heart of its development. Some of the key requirements of the combustion
system for the NE were:
• Allow all performance targets to be met
• Strong catalyst heating performance
• Low feed-gas particulate emissions to minimise the requirement for particu-
late filtration.
In order to achieve these requirements, the development of the combustion system
focussed on air-charge motion coupled with optimised direct fuel injection using a 350
bar pressure system.
Figure 11. 1.4l Turbo GDI engine attribute performance compared to indus-
try benchmarks.
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The intake port designed for the NE was focussed on high tumble generation in order
to improve charge motion, fuel/air mixing and combustion [2-6].
The fuel injector is side mounted (intake side) and uses a 6-plume spray pattern.
One key attribute of the combustion system is to allow efficient catalyst heating
operation which requires good combustion under heavily retarded conditions. The
fuel injector spray pattern was developed to allow excellent catalyst heating per-
formance and incorporates two spray plumes in the central spark plug axis of the
combustion chamber. These spray plumes allow good localised charge stratifica-
tion in the vicinity of the spark plug tip using either an air-guided or wall-guided
injection strategy to improve combustion stability during catalyst heating
operation.
The chosen injector spray pattern was also optimised to balance other key attributes
such as particulate emissions and oil dilution with gasoline. Low temperature running
conditions have shown that the NE is class leading in terms of oil dilution.
The piston crown design for the NE was developed in conjunction with the intake
port and fuel injector spray pattern to allow both air-guided and wall-guided com-
bustion. In order to facilitate the latter, a small bowl on the piston crown is util-
ised. This bowl was designed to minimise surface area on the piston and to allow
good air-motion in the cylinder. A 10.5:1 compression ratio is utilised along with
Otto type cam timings.
The combination of the 350bar fuel system, optimised 6-plume injector spray pat-
tern and high charge motion result in exceedingly low engine out particulate
emissions.
Figure 12. 1.4l Turbo GDI engine intake and exhaust port details.
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2.2 Miller-cycle combustion system
The second-generation NE has been developed to improve the fuel consumption of the
first series of engines. The engine platform used for the second-generation engine is
a 1.5 litre unit. A Miller-cycle has been employed as the key-enabler for fuel consump-
tion improvements.
Numerous previous studies have noted benefits of either early inlet valve closing
(EIVC) or late inlet valve closing (LIVC) strategies in conjunction with high geometric
compression ratios to improve fuel efficiency [6-11].
The key mechanisms that enable the improved fuel efficiency are:
• Increase in geometric compression which results in a greater expansion ratio.
• Reduction in the end of the compression temperature at high load/knock
limited sites through additional external boosting and increased inter-cooling
in conjunction with EIVC/LIVC cam timing strategies. This mechanism is the
key enabler of the high geometric compression ratio.
• Reduction in throttling losses at low load sites through EIVC/LIVC cam timing
strategies.
With a high compression ratio Miller cycle strategy being employed on
the second-generation engine, the specific performance of the engine compared
to the 1.4l Otto variant described previously was reduced; maximum BMEP target
of around 18 bar BMEP, down from the 23.4 bar of the Otto variant. To partially
offset this specific performance drop, the engine capacity of the Miller cycle
engine was increased to 1.5l, which was achieved by lengthening the stroke of
the 1.4l variant. The bore and stroke for the new Miller engine are 73.5mm and
88mm respectively.
2.3 LIVC or EIVC cam timing strategy
The choice of LIVC or EIVC cam timing strategies was a key item to be defined for
the second-generation Changan NE product. Key items to consider when defining the
cam timing strategy to be utilised included:
• Engine is to work in both hybrid and conventional powertrains and as
such still must meet the specific output requirements (~18 bar BMEP)
and good low speed torque performance as required by the Chinese
market.
• Engine should perform well in key areas of emissions related testing which
includes catalyst heating and low speed high load conditions.
In order to understand the trade-offs between the two cam timing strategies, testing
was completed on a mule Miller cycle engine. Figure 13 illustrates the full load per-
formance for one EIVC camshaft and two LIVC variants. Note, inlet cam timings refer-
enced are the duration between 1mm valve lift.
It was observed that in a turbocharged engine, the EIVC and LIVC cam timing
strategies behave somewhat differently at full load conditions. The first of these is
at higher engine speed conditions (above 3000rpm) LIVC cam timing strategies
result in volumetric efficiencies closer to Otto cam timing levels and as such the
‘Miller effect’ is reduced and the engine becomes more knock limited with
a subsequent increase in brake specific fuel consumption (BSFC). The two LIVC
cam timings (260 and 240 CA degrees camshafts) tested show that to maintain
the ‘Miller effect’ at higher engine speeds increasing inlet cam durations are
required. However, increasing the duration of the inlet camshaft was found to be
detrimental to low speed torque due to a decreased trapping ratio as a result of
charge push-back into the intake port. In order to try to increase the trapping
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ratio with LIVC cams the inlet cam timing can be advanced, however this can only
be done in modest levels as this increases valve overlap and scavenging levels.
Scavenging levels of the second-generation engine are required to be relatively
modest in order to allow lambda =1 operation in the exhaust gas stream feeding
the catalyst.
Another result of the charge push-back with the LIVC cams at very low speed sites
where scavenging occurs is an increase in hydrocarbon emissions. This is a result of
the charge pushed back into the inlet manifold also containing fuel due to the timing of
the in-cylinder fuel injection, which then during the valve overlap scavenging period of
the cycle is passed straight through the cylinder and into the exhaust stream.
LIVC and EIVC cams were also compared at catalyst heating operation. The LIVC cam-
shafts were found to have poorer catalyst heating potential. Figure 14 illustrates that
a higher intake manifold pressure is required to send a given heat power down the
exhaust during catalyst heating operation. This is once again due to the lower trapping
ratio of the LIVC camshaft without having high valve overlap levels due to having to
advance the inlet cam timing.
Based on the full load and catalyst heating performance, an EIVC timing strategy was
deemed most suitable for Changan’s second-generation engine.
Figure 13. Full load performance of Miller cycle mule engine when employing
both EIVC and LIVC cam timing strategies.
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2.4 Combustion system requirements for EIVC operation
A key change with an EIVC strategy is the camshaft design. In order to satisfy
allowable valvetrain accelerations/loads a shorter duration camshaft will result in
a lower intake valve lift. There are two key air-charge characteristics associated
with the EIVC cam profiles:
• Lower valve lift results in relatively lower tumble flow generation as illus-
trated in Figure 15 (see un-masked results for the baseline intake port).
• Early intake valve closing results in lower transient tumble/air motion and
hence total kinetic energy (TKE) at spark timing as illustrated in 16.
As a result of the reduction in charge motion, in order to maintain satisfactory com-
bustion, modifications were required to the combustion chamber. The change adopted
was to use valve-masking around the inlet valves which significantly improves tumble
motion at low valve lifts as illustrated in Figure 15.
Figure 14. Intake manifold pressure required to produce a given energy
down the exhaust during catalyst heating operation.
Figure 15. Flow coefficient and tumble ratio for the standard intake port and
the Miller engine developed masked inlet port which uses inlet valve masking
in the combustion chamber.
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Figure 17 illustrates the benefit of inlet valve masking on actual engine running condi-
tions. It was observed that combustion stability (defined by CoV of net IMEP) was
improved on the cylinder head that utilised valve masking. The improved combustion
stability was a result of faster combustion due to the higher in-cylinder charge motion.
The greater margin to combustion stability limits with valve masking can be exploited
to achieve improvements in fuel consumption by allowing more ‘Miller’ cam timing
strategies (earlier IVC point).
Figure 16. Charge motion comparison for three different intake camshaft
profiles (two EIVC, one LIVC).
Figure 17. Influence of valve masking in the combustion chamber on com-
bustion stability at two part load conditions. Note all other engine settings
(cam timing etc.) are common.
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Due to the good performance of the combustion system of the base NE Otto
engine when operating in an air-guided catalyst heating mode it was decided
that the same philosophy would be utilised on the second-generation engine for
the rest of the combustion system, namely: The use of the same 6-hole fuel
injector which uses two spray plumes in the central spark plug axis of the com-
bustion chamber. The high air-charge motion of the combustion system allows
effective air-guided combustion system performance under extreme operating
conditions.
This combustion system methodology allows the use of a relatively flat-top piston
which is especially beneficial when trying to achieve high compression ratios required
on the Miller cycle engine. The flat top piston also benefits thermal efficiency (lower
surface area for heat transfer) and emissions of particulates (thinner fuel film accumu-
lation) [1,12].
2.5 Turbocharging requirement of the second-generation engine
When selecting turbochargers for the second-generation engine, one of the key per-
formance indicators was low speed torque which is deemed very desirable in the Chin-
ese market. Cost versus performance benefit is another key factor for defining the
technology utilised.
Assessments were made of various turbocharger technology for the second-
generation engine. Technology analysed focussed on the turbine wheel and housing
design and included mono-scroll, twin-scroll and variable geometry turbines. Some
key observations from the testing are (see Figure 18):
• Variable geometry turbo allowed excellent low speed torque and relatively
low pre-turbine pressures at high engine speeds.
• The twin-scroll turbo had improved low speed torque over a mono-scroll
turbo but had higher pre-turbine pressure at peak power conditions
(4500rpm and above).
The pre-turbine pressure at peak power conditions was found to be a key factor deter-
mining combustion phasing and hence combustion stability through changes in
trapped cylinder residual gas fraction levels.
Whilst considering all factors the variable-geometry turbocharger had the best per-
formance but was not selected for the second-generation engine due to its higher
cost. As such, for the engine project a mono-scroll turbocharger was selected as the
most suitable component rather than a twin-scroll part due to the performance at
peak power conditions.
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2.6 Fuel octane rating, compression ratio and cam profile
The primary market for the second-generation engine will be in China. One of the key
differences to the European market is the quality of fuel in the China market. The cali-
bration fuel used by Changan UK has a 92RON octane rating and the engine design
needs to be centred around this assumption. This impacts the choice of key items such
as the engine compression ratio and cam profile. As an illustration of the influence of
fuel octane rating on engine performance, Figure 19 demonstrates that the higher
octane fuel allows improved combustion phasing before the knock limit is reached;
approximately 4 CA degrees advancement in the 50% mass fraction burnt location at
full load conditions. This advanced combustion phasing results in improved engine fuel
consumption and combustion stability.
Figure 18. Turbocharger testing investigating different turbine technology
on a 12.5:1CR EIVC engine.
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It is well established that higher compression ratios will increase the theoretical effi-
ciency of an engine, however, the selection of a compression ratio must consider other
key factors such as engine performance at full load and higher load fuel consumption
which can become influenced by the knock propensity of the engine.
Figure 20 illustrates the full load performance and BSFC influence at part load condi-
tions of different compression ratios on the second-generation Changan engine when
fitted with a 155 CA degree EIVC inlet camshaft. With the highest compression ratio
tested (13:1CR) the full load BSFC is poorer because of more retarded combustion
phasing due to greater knock propensity. The more retarded combustion phasing also
results in poorer combustion stability at peak power conditions. The highest compres-
sion ratio engine also has to limit low speed torque; for example, peak torque of
210Nm cannot be reached at 1250rpm due to the occurrence of low speed pre-ignition.
The fourth plot in Figure 20 illustrates the influence of compression ratio on the fuel con-
sumption at 6 part load sites compared to a 12.5:1 engine baseline. At the loads below
7bar BMEP, the elevated compression ratio reduces the BSFC. However, as the load is
increased above 7bar BMEP the engine starts to become knock limited and the higher
compression ratio has an adverse impact on the BSFC over the 12.5:1 CR baseline. In
a similar manner a lower 12:1 compression ratio has a negative impact on fuel consump-
tion at the loads of 10bar BMEP and below. At the most knock limited site (2250rpm
14bar BMEP) the 12:1 compression ratio has the best BSFC as a result of lower knock
propensity.
Figure 19. Influence of fuel octane rating on full load performance of the
second-generation Changan Miller cycle engine.
329
The decision for optimum cam profile for the second-generation engine is linked with
the engine compression ratio and octane rating of the fuel to be used. Figure 21 illus-
trates the influence of the extent of EIVC cam timing on full load performance.
The shorter duration 140 CA degree camshaft results in the inlet valve closing
earlier Before Bottom Dead Centre (BBDC) which has an adverse impact on low
speed torque. Closing the valve earlier BBDC reduces the trapping ratio of the
engine which consequently results in lower mass flow through the turbine of the
turbocharger and hence lowers the achievable boost pressure from the compres-
sor. These two factors result in a drop in brake torque at the lowest engine speed
range up to 1250rpm.
At higher engine speeds (e.g. 4500rpm) the shorter duration inlet camshaft requires
higher inlet manifold pressures to achieve a given load. At 4500rpm where there is the
biggest difference in the manifold pressure to achieve a given torque, there is also an
increase in CoV nIMEP with the 140 CA deg inlet camshaft which shows combustion
stability deteriorates.
Figure 22 illustrates the influence of the extent of EIVC cam timing on the brake thermal
efficiency at three part load sites. The shorter duration 140 CA degree camshaft can
result in improved brake thermal efficiency at low load sites such as 2000rpm 2bar BMEP
through a reduction in pumping losses. At the two higher load sites the mechanism for
improved thermal efficiency is slightly different with the shorter duration camshaft. At
these sites, the inlet valve can either close earlier in order to have a larger Miller effect
for knock suppression, or for a given IVC point the shorter camshaft has less valve over-
lap which results in lower levels of scavenging and hence improved thermal efficiency.
Whilst the shorter 140 CA degree inlet camshaft offers fuel consumption benefits at
part load conditions, on the balance of all attributes including full load performance
Figure 20. Influence of geometric compression ratio on full load performance
and part load fuel consumption on the second-generation Changan Miller
cycle engine.
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a 155 CA deg inlet camshaft was selected for the second-generation Changan engine.
From referring to Figures 22 and 11 it can be illustrated that engine specification pro-
posed for the second-generation has allowed considerable brake thermal efficiency
improvements over the 1.4l launch model. For example, the peak break thermal effi-
ciency has increased by 2% to be over 38% on 92RON fuel. These thermal efficiency
improvements have been achieved without using additional high-cost technology on
the second-generation engine.
Figure 21. Key full load performance indicators of a 12.5:1CR Changan 1.5
litre Miller cycle engine with two different duration EIVC camshafts.
Figure 22. Key performance figures from a 12.5:1CR Changan 1.5 litre Miller
cycle engine with two different duration EIVC camshafts.
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2.7 Further assessments of the combustion system of the
second-generation engine
In order to assess the combustion system of the new 1.5l Miller cycle engine, the
simulated catalyst heating performance of the engine was compared to other
Changan GDI engines which utilise wall or air-guided combustion systems. In
order to assess the catalyst heating potential, catalyst heating efficiency has been
used which is a measure of the heat power that goes into the catalyst as
a function of the fuel flow into the engine. As illustrated in Figure 23, the 1.5l
Miller cycle engine shows excellent catalyst heating efficiency. This is impressive
as the Miller cycle engine is utilising an air-guided combustion system with its
correspondingly low particulate emissions during catalyst heating operation. The
high catalyst heating efficiency of the second-generation NE will be beneficial to
achieve fuel consumption benefits in vehicle on drive-cycles and in real-world
conditions.
The thermal efficiency benefits of the second-generation engine have already been
established, but in order to show the combustion system performs well in terms of low
feed-gas particulate emissions, the engine out part load emissions of PN are illustrated
in Figure 24. The results from the new Changan engine are also compared to the class
leading European 1.5l TGDI Miller cycle engine which also utilises a 350 bar fuel injec-
tion system.
Figure 23. Catalyst heating efficiency for a range of Changan GDI engines.




An overview of Changan’s modular 3 and 4 cylinder NE for the 2020s has been
provided.
Following this, the combustion system of the base launch model has been detailed
before focussing on the combustion system development of the second-generation NE.
The second-generation engine uses early inlet valve closing combined with increased
compression ratio in order to increase the thermal efficiency of the engine. Combus-
tion system developments for an early intake valve closing Miller cycle strategy have
been presented which includes illustrating the benefits of intake valve masking to
improve air-charge motion at low valve lifts.
Turbocharger technology has been explored for the second-generation engine which
has shown the best performing turbine design has been a variable geometry part.
However, given the cost sensitive nature of the Chinese market, a mono-scroll turbo-
charger has been selected for the engine.
The trade-offs between compression ratio, octane rating of the fuel used, and valve
timing strategy have been presented. Whilst high compression ratios and earlier
intake valve timing strategies have been shown to improve part load fuel consump-
tion, the sometimes-adverse effects at full load such as low speed torque and combus-
tion stability have been demonstrated.
With the specification of engine presented, the second-generation has been shown to
be able to make all full load performance targets (max BMEP of ~18 bar) as well as
achieve good brake thermal efficiency improvements over the launch 1.4l NE variant.
This has been achieved on the second-generation engine without using additional high
cost technology and as such makes the new engine very competitive in the cost-
sensitive Chinese market. The combustion system of the second-generation engine
has also been shown to be robust as it has been shown to perform well in some of the
most severe operating conditions, such as catalyst heating.
Figure 24. Engine out particulate emissions for the second-generation
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